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Personal Introduction

The grand arrival of renewable energy in modern world has happened despite the strong denial from
centralized/conventional power suppliers who saw this as a liability. But, whether due to climate politics or
legitimate concerns, renewable energy has become a vital component of the global energy mix
notwithstanding its low intensity, variability and other unfavorable characteristics.

The great challenge to integrate renewable energy into the existing system (especially with solar energy
having daily variation and wind having seasonal variation) and to ensure grid stability was by no means a
trivial task. But, there is ample evidence that the innovative solution exists in a professionally managed
grid by means of ramping up or down power plants when renewable energy leaves or joins the grid even at
steep rates. Recently, the successful management of German grid during solar eclipse of 2015" is a leading
and proved example of available solutions for a future scenario where the percentage of renewable energy
would reach to 40% or 50% of total energy generation.

The underlining point is that renewable energy’s integration to centralized grid happened due to
operational advantages of ‘Gegawatt’ scale, political pressure and not to forget the skilled and innovative
professionals involved. The critics of renewable energy have been left baffled that something unthinkable
few decades back would ever be possible. And one should remember the renewable energy that is
connected to the grid includes millions of solar rooftop power plants (less than 10 kW in capacity)
accounting for 30%-40% of RE connected to grid in Germany.

The overcoming of the vexed grid issues with more and more Renewable Energy (RE) added by other
countries will make centralized RE an acceptable solution to the user and this will also see a positive effect
on climate warming rate. The subtle fact to remind ourselves is that the solutions for centralized RE have
worked out well solely because of existence of a unified grid.

However, what will remain a challenge is in the decentralized world (with a size of few tens of kWs) where a
grid is non-existing and the setup of trained professionals is found wanting. The input or source level
characteristics of decentralized RE as in their centralized counterparts don’t change, i.e. having the same
vulnerability of low intensity and variability, but in the output side, there is a contrast where communities’
lifestyle and load spectrum adding more challenges to decentralized systems, which includes not only
electricity but also other requirements.

One of the primary end-use requirement in remote areas relates to ‘water’, the lifeline of humanity, which
has forced a decentralized RE to innovate much more than centralized counterparts. The source level
innovation for decentralized RE has to cleverly manage end-uses like electricity as well as ‘water resources’
to make it a success to many isolated communities. Decentralized RE has remained largely on paper with
only few successful examples to speak of, since active political pressure is missing and skilled personnel
are not coming forward to participate. However, more importantly because decentralized systems are small
in capacity or size, they have to deal with issue of ‘economy of scale’ (higher cost per unit due to
significantly smaller size involved). One of the other reasons for their failure is to separate decentralized RE
from ‘water resources’ management that have led to increased complexities and diminishing interests.

Based on the above conflicting background, the author has been debating and dabbling with the
implementation of successful solutions of small capacity hydropower based RE technologies for both the
centralized and decentralized environments. The author while having his heart for RE in general and
decentralized systems in particular has spent roughly a decade, after his PhD, in ‘small hydropower’ as one
of the chosen RE sources because of its qualification of being fully renewable unlike large hydro to come to
a grasp of the problems facing mankind and possible solutions in one way or the other.

' On 20" March 2015, the German grid was put to a critical test when the moon partially blocked the solar radiation falling on PV
panels between 12 noon and 3 pm. The power engineers worked out an excellent model of ramping up and down nearly 20 GW, gas
fired and pumped storage power plants in addition to requesting some power guzzling cement plants to temporarily shut down, and
hence ensuring no impact of the grid frequency. [source:http://www.greentechmedia.com/articles/read/German-and-European-
Power-Grids-Civilization-Intact-Following-Solar-Eclips#]
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Few of these issues concerning dimensions of renewable energy (centralized and decentralized), small
hydropower along with the primary end-uses like electricity and water resources are highlighted in the flow
chart in Fig. 1.

The following ‘synopsis’ discusses his justification on adding a further constraint to an already constrained
topic of small hydropower, i.e. small head, which heralds ‘two contrasting yet similar’ field projects with
ramifications not restricted to the scientific community alone but also to rationalists to define contours of
small in the context of people and nature.

These two significant projects form the basis of author’s philosophical understanding of the dimensions of
renewable energy in both centralized and decentralized worlds with challenges to optimize the source and
end-use technologies together, but uniquely for the two worlds. These projects also help him realize to
keep ‘water resource’ technologies at the helm of his journey.

(electricity as only (Water Resources as
end-use) primary end-use)
Centralized Decentralized
Systems Systems

RENEWABLE ENERGY

Small Hydropower

Fig. 1, Dimensions of Renewable Energy with small hydropower and water resources
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Abstract of the Synopsis

The main script of the synopsis contains the author’s journey of working on his chosen renewable energy
source (i.e. small hydropower) through two phases with an aim to identify, assess and frame the problem
correctly. After the first phase, which comprises of implementing projects in field and associated research
at laboratory, he prescribes a turbine plan for medium heads in small hydro. However, the second phase
leads him to two interesting projects through which he tries to unravel the diverse requirement for
centralized and decentralized renewable energy systems, particularly pertaining to water resources
management.

This takes him to the primary outcome phase related to research work in which he investigates different
turbine technologies for electricity generation and pumping application for the two projects including a
water pumping technology called the hydraulic ram pump. The research further encompasses special
problems related to both fluid mechanics in turbomachinery at one side and to systems engineering at the
other. In the second outcome he produces a head-flow-diameter (HQD) chart for small head hydropower
that gives the real picture of the available turbine options and strategies to be devised.

The author highlights the importance of conceiving a teaching plan with an aim of adding value to the
aforesaid topic. In the final outcome he introduces a philosophical debate on how to tackle the problem of
size in small head hydropower in order to give a better meaning for the dimensions of renewable energy,
with two end-uses under consideration namely, electricity and water resources.

1. Foundation Phase for Habilitation (2005 - 2011)

This phase saw the author working as an implementer of his PhD results in the field only to come back to
the laboratory with more questions and once again return to the field for conceptualizing the ‘small head
hydro’ problem. The foundation phase is categorized into 3 journeys as described below.

1.1 The Pump as Turbine (PAT) Journey

The PAT journey of the author, illustrated in Fig. 2, starts at the end of PhD defense [1] of the author
during which he argued the enormous advantages of using PAT that included simplicity in design,
robustness, widespread availability and economic value despite the fact that understanding of the exact
turbine performance and operation of pumps was eluding scientists worldwide. In addition to this, PATs
had an inherent disadvantage of ‘narrow flow range’ operation at optimum efficiency owing its fixed
geometry design. The author’s slogan of ‘doing small things in a big way’ by propelling the growth of
decentralized renewable energy with meticulous implementation of PAT projects, was at the helm of this
journey.

The author set out to the field with two goals in mind one, to validate the prediction model he proposed
during the PhD thesis [1] and two, to deal with the imposing boundary conditions of varying flow rate (as in
any renewable energy scenario).

As seen in the flow chart (Fig. 2), the author implemented the Darjeeling project in which the variable flow
condition was solved by using mechanically synchronized PATs, while that at Karlapat the variable flow was
solved using two PATs working independently instead of synchronization. The remaining 3 PAT projects at
Bodamanijari, Sikkim and Tanzania involved a single PAT design since there was a guaranteed availability of
a minimum flow throughout the year.

One of common features of all these projects was that the primary requirement was only electricity, with no
other direct end-uses possible. Though the Darjeeling project was a hybrid one with availability of grid
connection, its end-use was restricted only to electricity. The other projects were in remote areas and the
priority was to give only electricity to the community.

In a sharp contrast to the above 5 PAT projects, the author participated in a ‘defining’ PAT project in Bribin,
Indonesia [15], where the end-use was not electricity but a resource that defines the survival of humanity,
i.e. water. This was done by directly connecting a PAT to a high pressure pump. Moreover, the civil
engineering and geological challenges of building a system in karst regions underground made this project
more unique. The variability in flow was solved by using multiple PAT-pump units.

After successful implementation of these projects, the hydraulic characteristics of the respective PATs were
professionally tested in field conditions in order to validate the prediction model. It was only after getting
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proof of field validation, the author found morale consciousness and authority to publish his work. The
first publication [2] presented a prediction model, which was based on only his laboratory results of 9
pumps as turbines. This model was optimized in [3] following field validation and it involved 4 PAT shapes
narrowing down the prediction errors (<+3%) even further. These publications obtained acceptance and
attention in both academia worldwide as well as from praxis. The author in his subsequent publication [4]
looked at a fundamental ‘fluid mechanics’ problem of impeller rounding and compared its value relative to
a good prediction model.

F Laboratory PhD Thesis, T
Research Singh [1]
‘ 1. Darjeeling (40 - 250 I/s, 96 m) ‘
3 mech. synchronized PATs

‘ 2. Karlapat, Orissa (30 - 80 I/s, 70 m)
2 independent PATs

‘ JOURNAL PAPERS

| | - PAT Prediction Model,
i i Singh/Nestmann, J.GTP [2
| Variable Flow Design 3. Sikkim project (220 Is, 10 m) 9 @l
Electricity 4. Bodamanijari, Orissa Project - PAT Optimization Model,
‘ Application (120 /s, 37 m) ‘ Singh/Nestmann, J.ETFS [3]
) . Single Flow Design 5. Tanzania, 200 I/s, 20 m - Impeller rounding effects,
Field Projects/ Singh/Nestmann, J.ETFS [4]
| Validation |
| Pumping Variable Flow Desi 6. BRIBIN (350 - 2000 I/s, 10-16 m) |
H q — ariable rlow besign  —— B - ) -
Application (5 independent PAT-Pump units)

.- - - - - - - =

Fig. 2, Flow chart for the PAT Journey

Single Flow Design

STYUEE

Variable Flow Design

i

Fig. 3, Pictures of Implemented PAT projects
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These projects and publications instilled a lot of confidence, but one of the greatest lessons that the author
learnt (after Bribin [15]) was that water resource as an end-use to all PAT based remote hydro projects
should be made fundamental in the design concept. Another outcome of this journey was to look for
innovative turbine solutions at lower heads, since all the projects had a head between 10 and 100 meters,
which took him to the next journey, the propeller turbine journey.

1.2 Propeller Turbine Journey
This research space was the most productive in terms of laboratory optimization stages and scientific
publications. The journey began when the author was invited to design a challenging low head project in
India, which has a head of only 1.5 meters, but with large fluctuations in flow from 25 I/s to 75 I/s. He
returned to laboratory for a specific low head (1.5 to 2 meters) problem with an elaborate experiment
comprising of 5 propeller geometries to study the effect of blade height, blade number, blade angles at
hub and tip [4, 5, 6 and 7] as illustrated in Fig. 4 and Fig. 5.

{

First prototype in Bangalore 2007 Testrig in Karlsruhe

Runner 1 — (India) Runner 2 —untwisted blades Runner 3 —large hub

Runner 4 —larger hub

Fig. 4, Propeller Turbine Journey (Field to Laboratory)

‘ ‘ JOURNAL PAPERS

- Free vortex runner optimization,
| | Singh/Nestmann, J.ETFS [5]

| Single Field project Inspirati Laboratory Testing \ - Exit blade geometry effects,
ingle Field project Inspiration, i :
Agumbe 2007, 15 m, 30 - 80 I/s of 4 runner shapes Singh/Nestmann, J.ETFS [6]

- Blade height and blade number,
‘ ‘ Singh/Nestmann, J.RE [7]

- Blade hub geometry
| | Singh/Nestmann, J.EE [8]

Fig. 5, Flow chart of the Propeller Research
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This study could be classified as ‘pre-scientific’ that tried to bridge artisan blade manufacturing
techniques (cold working of uniform thickness blades) with ‘modest’ performance indices. This interesting
experiment on propeller runners was restricted to low flows (<100 I/s).

Through these publications, the author could investigate the effects of blade shape and recognize the
value of camber line and blade twist propeller turbine design, which otherwise could be obtained only in
cascade studies in water/wind tunnels. Even though there were not many field projects with propeller
turbines after the laboratory investigation, it added a lot academic value.

1.3 The Defining Field Survey

In the third and final journey of this phase, the author travelled through country sites and some process
industries in India to find questions time and again being asked about lower heads (less than 10 meters)
and varying flows from very small ones of 50 I/s to larger capacities of 2000 I/s. As expected the process
industries needed energy (electricity) recovery within a centralized connected grid, while the country sites
required a decentralized solution of end-uses with both water resource and electricity.

The author realized that artisan techniques of blade manufacture could not hold the test of time, especially
for larger flows. Hence, he went back to his PhD idea, scouting for mixed and axial flow pumps and
working on their ‘robust’ adaption as turbines [9, 10, 16, 17, and 18].

He ended this phase by presenting a head-flow plan for hydro turbines (Fig. 6) with clearly defined
laboratory and simulation tasks. This diagram also plots the laboratory and field projects involving both
PAT and propeller turbines discussed in section 1.1 and 1.2. This ‘turbine plan’ became the basis of the
Habilitation work for both remote hydro (open loop) and process applications (open and closed loop) in
centralized grid network.
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Fig. 6, The turbine plan

2. Habilitation Action Phase (2012 - 2014)

This phase comprised of planning two ‘open loop’ hydro power projects with strikingly identical input head
conditions but contrasting end-use requirements. The selection of the two projects was carefully done to
address the core philosophy of understanding the dimensions of renewable hydropower separately for
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centralized and decentralized systems. The flow chart in Fig. 7 illustrates the two projects, their
parameters, design and planning for the two projects.

Action Phase in Habilitation
(Small Head Hydropower)

Decentralized system Centralized System
Remote Village Project Recovery Project
in Treatment plant
TAIPADAR
Singh [13, 19] MYLlASANDRA
Singh [20]
5m, 50 - 550 I/s
6.5m, 290 - 870 I/s
Electricity Water resources -
needs management Only electricity
’—‘—‘ needs
Drinking Irrigation
Water

\—’—1 - 3 Axial flow PATs in grid mode

A Pum - 1 axial flow PAT in island mode
A Generator P (Innovation during power fallout)

Turbine - Pump - Generator
(MICRO HYDEL PUMP)

r FIELD RESEARCH LABORATORY T

| Prototype 1 - |
Variable geometry axial flow turbine

Prototype 2 -
| Fixed geometry axial flow pump as turbine \

‘ Prototype 3 (water pumping only) ‘
Hydraulic ram pump

Fig. 7, Flow Chart of Habilitation Action Phase

The first type [20] is a decentralized renewable energy project for an isolated village having gradually
sloped perennial stream whose primary requirement pertains to water resources management, namely to
supply pressurized water for irrigation and drinking purpose while electricity took the second preference.
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The dual needs entailed an invention of a single turbine shaft system housing an electricity generator and
multi-stage pump separated by a clutch, known as the ‘micro hydel pump’ (refer Fig. 8 and Fig. 9).

The most consequential feature of this project was the challenge and difficulty to design a turbine-pump
for summer flows. The battle to find optimum turbine shape took the author to a completely different type
of technology, couple of centuries old, which used hydraulic energy directly to pump water to higher levels
with help of the ‘water hammer’ effect. This was the turning point of the planning phase of this project and
author included a hydraulic ram pump in addition to the two types of turbine pumps.

Delivery flow
% Pump
Draft Tube
N . N
1=~HiEH=
Flow into prototype
I T
Prototype 1: Adjustable geometry axial flow based micro hydel pump
Delivery flow
ﬁh Pump Generator body Draft Tube
Turbine parts
i fil fil *jf‘
Flow into prototype ‘
4 H H lis

Prototype 3: Hydraulic Ram Pump (Summer operation)

Fig. 8, The prototypes of the field research laboratory for low head hydropower pumping ([19, 20]

Figure 8 shows the contrasting designs of the three prototypes. Even within the two turbine prototypes
(micro hydel pumps), the author is comparing the fixed geometry PAT idea with a variable geometry axial
flow turbine. The difference in the prime mover design of these two micro hydel pumps is highlighted in
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Fig. 9. A thorough laboratory test and an accurate field investigation will guide the turbine design for small
head hydropower and pumping technologies (refer to section 3.1).

motor/generator
diffusor
B impeller
mechanical seal bearing
switch coupling

mechanical seal

Prototype 1: Variable geometry axial flow turbine

Prototype 2: Fixed geometry axial flow PAT
Fig. 9, Inner details of prototype 1 and prototype 2°

The second type [21] of project (shown in flow chart, Fig. 7) comes under the category of centralized
renewable energy, which envisages incorporation hydro generators in a sewage treatment plant to recover
hydro energy and store it in the local electricity grid (as shown in Fig. 10). The innovation required was first
to ensure self-regulation of the plant and second to provide ‘emergency’ power during a grid shutdown
phase with help of the leftover water in the treatment circuit at the instant of grid disconnection. The
second innovation in effect created an island or decentralized grid for a short duration of time.

Returning to the flow chart in Fig. 7, one can grasp the intensity of design involved with decentralized
projects aimed for water resource as one of the end-uses to a centralized system involving only electricity
as its end-use. The author had to garner all strength and resources to conceptualize a decentralized
renewable hydropower with water resource as end-use application.

2 A patent is planned to be filed on the concept of micro hydel pump after laboratory tests

Page 11 of 20



Discharge, (U's)

2000

1800

1600 4

1400

1200

1000

-

N~ ——ProjectParameters

f m. 290 /s, 12.5kWe
+ 595 kWH per day
= 180595 kWh per annum

e A

Output power
Curve (595 kWwh)

~E-E-E-E-E-Q
Discharge curve
(48 MLD)

s 3 Axial flow pumps as turbines, 6.4

Bow W
[ - ]
Qutput power, kW (elec)

- g
o ©

=l

@

o
o

20% 0% 40% 50% 60%

% time exceeding flow (day basis)

T0% 20% 20% 100%

Fig. 10, Pictures and layout of a hydro recovery plant in centralized network ([21])

3. Outcome

The outcome of the working phase on two projects can be classified into direct outcomes envisaged for
researchers and praxis, and indirect outcomes for the teacher/student community by developing ‘diverse’
subject material, which is not only interesting but also vital praxis-academia interaction.

3.1 Research
The research outcome of this program would encompass three facets namely modeling, laboratory and
field investigation.

The primary investigation area covers the validation of the technology designed for the first project
(decentralized RE) involving dual application (electricity and water pumping) from a small head hydropower
source [19]. It includes a laboratory study of the two types of micro hydel pumps (one based on axial pump
as turbine and the other based on conventional axial turbine) is scheduled later in 2015. The studies will
also be at the system and operational level in pump and generator modes respectively.

The crucial field investigations (planned in 2016) will study the hydro energy utilization for pumping in two
different ways, namely the direct way using ram pumps (water hammer based) and the indirect way of
micro hydel pumps (turbine:-mechanical power-:pump). A field research station with the 3 prototypes as
shown in Fig 11 is planned for executing this study.

A performance chart based on simulations [13, 19] in Fig. 12 reveals a superlative efficiency of ‘direct’ ram
pumping compared to ‘indirect’ turbine pumping. If the simulations are found to be true, then ‘hydraulic
ram pumps’ will become significant in addition to ‘compact’ rotating pumps for utilizing small heads.
However, this result has to be validated in field tests before a final conclusion can be made.
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Hydraulic ram pump

Fig. 11, The field research station for the prototypes based on concept of turbo pump and ram pump

Moving further into the research outcomes one of the themes under study, from the perspectives of fluid
mechanics and turbomachinery, is the optimization of hydraulics in axial flow turbines especially within the
stationary guide vanes [12]. The other research topic being readied for journals include a study of
evaluates the recovery turbines (output mechanical power optimization) to variable speed pumps (input
fluid power optimization) in process applications [11]. The author is also working on a new paper that
considers a radical change of the impeller design for PAT application [14].

Further to the above laboratory and field studies, the author (after volunteering as a referee (section 5.7)
in many journals) has gradually come to believe that the futuristic study of ‘small head hydropower’ will be
done using computational tools because of the lower costs, continuously increasing experience and
reasonably accurate results of validation.
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1000 100%

100 + r 10%

H, h (m)
n (%)

10 + F 1%

Small head range (3-5m) for
hydropower utilization

1 10 100 1000
q,Q/(lfs)

Fig. 12, An evaluation of pumping application of ‘small head hydropower’ devices® ([19])

3.2 Application chart

The application chart is direct outcome of the Habilitation that enhances the scope HQ plan to include size
parameter (D) and bring out HQD plan. In the special context of the ‘small head’ constraint, it becomes
very important to relate H to the size D. The HQD plan developed (Fig. 13) clears some myths about how
‘low’ the parameter head can be reduced to.

It is found that stream flow turbines (operating on low flow velocities 1-3 m/s) have heads between 0.2
and 0.5 m only, but their diameters would have to be enhanced to ca 1.2 m in order to generate about 10
kW (mech). The scant availability of free flowing streams with large depths (which has to be 1.5 to 2 times
the diameter) makes such turbine solutions ineffective in practice. The limiting small hydropower capacity
of 10 kW specified above is based on the author’s perspective on the favorable availability of flow less than
3000 I/s.

The above finding reinforces the fact that turbine solution for small heads should be based on creating
pressure head artificially through elevation difference. The author finds an effective turbine solution
possible only above 1.5 meter, which ‘scientifically’ sets the definition for the head parameter.

The turbine types in the HQD plan includes standard ones like axial flow turbines, axial flow pumps as
turbines and other non-standard types like Archimedean screw turbines, water wheel family amongst a
few. The authenticity of HQD plan is the goal of the Habilitation because it gives a clear cut understanding
of the dimensions of a very important renewable energy source, i.e. small head hydropower.

While the application chart in Fig. 13 gives guidelines for planners, it will require enormous theoretical and
computational modeling to establish the accurate HQD range for each type of turbine and further relate it
to efficiency scale.

% In Fig. 11, Prototype 1 is an adjustable gated axial flow turbine and prototype 2 is an axial flow pump as turbine of fixed geometry
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Fig. 13, HQD plan for small head hydro problem*

3.3 Teaching

An indirect and remarkable outcome of the Habilitation program is the creation of an ‘comprehensive
teaching plan’ largely based on three fundamental parameters of the HQD chart in small head hydropower
systems, which penetrates through depth of core subjects and ploughs over the breadth of inter-
disciplinary topics.

The successful outcome from teaching plan will play a role of ‘critical’ feedback that is vital for improving
the understanding and decision making not only in ‘small head hydropower’ but also ‘other renewable
energy’ systems.

The core subjects of the teaching plan encompass both fluid mechanics and turbomachinery (as seen in
Fig. 14), which are linked through the three parameters of flow, head and power. An extended and modern
subject of the teaching plan that makes the core subjects more understandable is ‘computational’
techniques involving mathematics.

On the other hand, inter-disciplinary themes stretch from water resources that use head and flow as
source parameters to the subjects of irrigation, hydrology and water supply are based on available flow.
The crucial topic of renewable energy forms an integral component of teaching plan, which has to focus on
understanding the unique characteristics of sources like solar thermal, solar photovoltaic, biomass and
wind for identifying their appropriate roles.

The theme of energy management (with source parameter of power) is needed for immaculate matching
source generation and end-uses from a given RE unit, while the topic of interface technology is required
for hybrid RE. The topic of hybridization of the RE sources will be crucial for a successful decentralized

“ Pictures for ram pump, stream flow turbine and Archimedean screw turbine have been sourced from www.riferam.com, www.smart-
hydro.de and www.landustrie.nl respectively.
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system and will require exposure to systems engineering as well as electronic and mechanical controls for
synchronization.

Water Resources

(hydrology, irrigation, hydropower engineering)

Computational Fluid Dynamics
Civil

Engineering | | (mathematical methods, turbulence modeling

Verification and Validation)

Renewable Energy Physics
Hydroturbomachinery

and Fluid mechanics (Solar astronomy, thermal, photovoltaic,
biomass conversion and wind energy)

Energy Management and Control
Engineering

Mechanical

Engineering (end-use applications, generators, storage,
4-quadrant controllers, switch gears, grid studies)

Economic Studies

(Cost-benefit, ecological and social price)

Fig. 14, Flow chart of the teaching program

Above all the above science and engineering subjects, the teaching plan will fail to address the larger
question, if the subject of business and economics is excluded, because finally what matters is to make
small head hydropower and RE affordable and sustainable.

3.4 Philosophy

To consider gaining intellects as one of the outcome of the ‘Habilitation’ program is not wrong because the
objective of the Habilitation program is to intelligently and appropriately define small heads. Fluid sciences
have signaled that head ‘below’ 1.5 meters would be difficult to conceive from perspective of size (turbine
diameter and stream depth). However, the perspectives of other faculties and cultures should be taken into
consideration to define the ‘head’ parameter.

While emphasis has been on defining magnitude for heads, another parameter whose smallness is equally
important to address is the useful power. The author earlier specified 10 kW as the upper limit line based
on his experience, but the lower limit line needs different consideration. What should be the lower power
limit for human activity and dignity? It is definitely possible to design systems for few tens of watts, but
what will this satisfy? Therefore author recommends 0.5 kW to be lower power limit line.

Further from the nature’s context, the contours of small in heads and powers have different implications.
While the small head is welcome causing minimum submergence, small power would imply a larger
expense on the economy for the limited gains achieved.

The other philosophical (also technical) question is role of efficiency in ‘small head hydropower’ systems.
Increase in efficiency is welcome but it needs to bring in intellectual expertise and necessarily results in
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higher costs. Further to this, a query of the power gain in absolute terms by changing efficiency should
also be made.

The debate of ‘small heads in hydropower’ is not restricted to only one dimension of hydropower, but can
be applied to both centralized and decentralized systems, because size does not matter as seen from the
outcome of these two projects. Further and eventually the ‘philosophical’ deliberation should move from
small hydropower to other forms of renewable energy covering both centralized and decentralized
dimensions because of the equanimity concerning the end-use challenges of electricity and water
resources that hardly alter with change of source of renewable power.

4. Summary and Prospects
The decade long work of the author reveals that the function of hydro turbomachinery (whether a PAT or a
regular turbine) is at the heart of renewable energy systems with electricity and water resource as their
different end-uses. Without the hard laboratory research and field investigation on optimizing the hydro
turbine (through peer reviewed references [2-10] and reports [19-21]) the scope of these RE projects
would not have been realized.

On the PAT idea, the author’s slogan ‘to have self-propelled growth of decentralized RE’ may have slowed
down after implementing the first set of projects by 2008, much to his disappointment. However, over the
last 12-18 months he is seeing a subtle but cognizable recognition of the PAT’s growth in China where 9
small RE systems based on PAT have already been installed. He is also seeing academic interest being
generated in India as well as in Europe. However, the industry (especially the pump industry) is still sceptic
on the mass market success of PAT idea compared to the volume of pump sales. This is certainly a setback
because industry is the backbone of business and not academia.

In this long and eventful journey, the author may have reached clarity on the relevance of small heads in
small hydropower, but there are questions he battles because of the way the two identified field projects
have been getting delayed. While outsiders may view this due lack of strategy and will, it is not easy to wish
away the large inertia whether it comes from bureaucracy, industry or even scientific community when
working on the concept of small.

The author believes that this topic is still a ‘futuristic concept’ that needs inputs from everyone, prioritizing
the end users, then the government whose initial support is vital, a mature politics, a patient industry, a
sensitive academia from various disciplines and not to forget the creativity and energy of the student
community.

The author reflected in the ‘personal introduction’ to the quest of defining and realizing the contours of
small head hydropower technologies and their efficacy. He will continue this stumbling journey with his
two ‘contrasting yet similar’ projects reflecting both centralized and decentralized characteristics of small
hydropower and the associated research, teaching and philosophical outcomes while he gradually
promotes the cause of small heads in small hydro power for both end-use applications, electricity and
water resource, in a unified way.

The author also recognizes that the scope of small head hydropower is restricted to small population living
near flowing streams or few process industries and therefore there is need to look for other renewable
energy sources like solar, wind and biomass. The only way to amicably solve and satisfy the ever growing
and diverse requirements of society would be to combine two or more renewable energy sources. While
integrating them with an available grid may be easy, hybridizing them in a decentralized setup will be
challenging at the source level as well as contemplating the end-use strategy for both electricity and water
resources application, similar to the small head hydropower case study.

In the future the author would like to focus on the hardware of hybrid renewable energy technologies, like
thermal turbomachinery and interface systems. The author would have traversed a full circle only when a
self-sustaining renewable energy hybrid systems in decentralized environment for ‘electricity and water
resources’ kicks off in a big way and capturing the imagination of the world over.
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Output power (mech), kW
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RE Renewable Energy
PAT  Pumps as Turbines
CFD  Computational Fluid Dynamics
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SMALL HEADS IN SMALL HYDROPOWER

ACTUAL WORK

FOUNDATION PHASE
(2005-11)

ACTION PHASE
(2012-14)

OUTCOME

Journey 1 - Projects
- Field implementation of PAT projects

- 3 Journal papers on PATs [1, 2, 3]

Journey 2 - Lab

- Experiments on 5 propeller runners
with cold worked blades

-4 Journal papers in propeller

- 2 small head projects selected

- First Project [18]: Remote Hydro
with dual application of water
pumping and electricity

. Innovative design of 'micro hydel

pump' (axial flow turbine with
generator and multi stage
centrifugal pump)

. Pumping method for low flows -

turbines [4, 5, 6, 7]

Journey 3 - Field survey
- Remote hydro and process

- The TURBINE PLAN

selection of ram pump instead of
turbine pump

- Second Project [19]: Hydro Energy
industries Recovery in a water treatment plant
with grid interface

(1-10 m, 50-2000 I/s)

RESEARCH APPLICATION PHILOSOPHY
CHARTS TEACHING
- HQD chart
. for a turbine mix with - How to define small for
heads less than 5 meters heads and power in small
hydro in context of people
- Myths of stream flow turbines and nature?
. with heads less than 0.5 m . ) -
(ca 3 m/s) need large sizes - Defining efficiency limits for
(cal.2mdiaand2m small head technologies?
stream depth) for 10 kW )
output. - Open up debate with
rationalists
- Lower head limit
. above 1.5 meters.
- Recommended power limits
.0.5t0 10 kW.
MICRO HYDEL PUMPING FUNDAMENTAL
PUMP APPLICATION
- Laboratory study of - Field investigation [12, - Effect of guide
adjustable geometry 17] of, vane shape on the
axial flow turbine and fluid deviation in
fixed geometry axial . direct pumping (ram axial flow turbine
flow PAT pump) and [11]
- Smooth switching ° deir?Ct ;:umpin}i; ical - Forward and
operation from (turbine to mechanical backward runner
electricity to pump power to pump) shapes in PATs [13]
mode and vice versa
CORE
(FUNDAMENTAL) INTER-DISCIPLINE
FLUID TURBO CFD WATER IRRIGATION BUSINESS RENEWABLE
MECHANICS MACHINES RESOURCES ENERGY

PROSPECTS

- The decade of work has defined the
revelance of small heads, but with
many questions.

- Questions because of 'endlessly’
delay in the two projects

- 'Small head small hydropower' is a
futuristic concept and the author
will continue the stumbling journey
of projects and its outcomes
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A Consolidated Model for the
Turbine Operation of Centrifugal
Pumps

A consolidated model for the turbine operation of centrifugal pumps comprising accurate
prediction, optimum selection, and rigorous evaluation has been the primary need and
the most challenging tasks for the industry to deal with. This paper introduces a consoli-
dated model that is developed from experimental results of different pump shapes (20-80
rpm) and turbomachine fundamentals directly resulting in the parsimony feature of the
model. The model also creates a new basis for dealing with uncertainties. The prediction
model segment of the consolidated model requires only the pump shape and size as input
parameters for bringing out the complete turbine characteristics. The selection model
segment, on the other hand, requires the site head and flow as fixed input parameters and
turbine speed as the control parameter to prescribe suitable pumps available in the
market. The evaluation model segment compares the absolute turbine characteristics of
the suitable pumps and recommends the most suitable pump for the given site. The model
also includes an acceptance criterion that relates the deviation of the “pump as turbine”
operating parameters with the site parameters, and it is very useful at the evaluation
stage. The features of the consolidated model are illustrated with two case studies, which
highlight the importance of evaluation in addition to the prediction and basic selection of
pumps operating as turbines. In order to increase the accuracy and robustness of the
model, the paper recommends an optimization routine stage on the existing model that
comprises results of more pump shapes (obtained through field projects or extended
laboratory work). The optimization procedure suggested would come a long way to
provide a lasting solution for the search of a reliable pump as turbine model.
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pointed out by Singh [1] and Derakhshan and Nourbakhsh [5] are
so large (between 20% and 60% at times) that the application of
this technology becomes very difficult. Moreover, some of these
models are difficult to apply since they require complex designs
and geometric data, including some assumptions such as operating
efficiency and hydraulic phenomena such as slip within the impel-
ler. Above all this, they have not been rigorously tested on differ-
ent pump shapes to get more insights about their features such as
reliability, accuracy, and robustness.

The above situation reveals that there is a need for developing a
comprehensive model that will predict the complete operating
characteristics (including the no-load, part-load, and overload op-
erating points) and not single-point predictions like most models
do. Further, the model should be simple to apply and yet be ac-
curate in performance. It should also bring about a new basis for

1 Introduction

1.1 Background. The foremost aspect for the success of any
application (energy recovery or microhydro) using pumps as tur-
bines can be categorized into three major items that include an
optimum selection of pump shapes, an accurate prediction of their
turbine characteristics, and a true evaluation of their suitability for
the given application. The importance of this threefold (selection,
prediction, and evaluation) problem in modeling pumps as tur-
bines is described by Singh [1]. The consequences of nonadher-
ence to this process mainly relate to the pump as turbine (PAT) not
being able to fully utilize the site condition (available flow and
head) coupled to a fear of operating in the inefficient part-load
condition.

The contemporary PAT researchers that include Williams [2],

Cohrs [3], Amelio and Barbarelli [4], and Derakhshan and Nour-
bakhsh [5] have undoubtedly tried to develop a holistic model, but
their attempt has still fallen short to address the comprehensive
need for prediction, selection, and evaluation separately. While the
focus of these scientists has been only on the prediction of turbine
performance of pumps, the selection and evaluation components
with respect to site conditions are not dealt with in more detail.
Further, the basis of prediction of these models that relate the
turbine mode and pump mode performances only to a single op-
erating point at the best efficiency point (BEP) using complex
formulations is questionable. The inaccuracies of these methods

Contributed by the Power Division of ASME for publication in the JOURNAL OF
ENGINEERING FOR GAS TURBINES AND POWER. Manuscript received May 22, 2010; final
manuscript received June 8, 2010; published online February 15, 2011. Editor: Dilip
R. Ballal.

Journal of Engineering for Gas Turbines and Power

defining the uncertainties in prediction. The model should clearly
specify the shapes (or designs) of the pumps on which it could be
used. Therefore, a new approach should be adopted that could
comprise experimental results of different shapes of centrifugal
pumps combined with principles of classical turbomachines. In
addition to this, at the application level, the model should give a
new dimension for selection and evaluation procedures for a given
PAT by defining the criteria of acceptance under the specified
operating conditions of head and flow. The prime focus should be
on developing a permanent solution for modeling in pumps as
turbines so that the model becomes valuable to the scientific and
engineering world.

1.2 Objectives and Problem Outline
(1) To experimentally characterize standard centrifugal pumps

as turbines covering radial backward vane shapes.

JUNE 2011, Vol. 133 / 063002-1

Copyright © 2011 by ASME

Downloaded 15 Feb 2011 to 129.13.72.198. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Control valve

PAT Test bed

Surge Tank

Junction point
ale

B

/
u_[_~

Fig. 1

(2) To introduce the concept of consolidated model in PATs
comprising prediction, selection, and evaluation procedures
and to adopt a new basis of evaluating uncertainties.

(3) To develop a prediction model that brings about the com-
plete operating characteristics of a PAT with the help of the
least number of input variables.

(4) To develop a selection model that will choose suitable
pumps from standard manufacturers for a given turbine ap-
plication.

(5) To introduce an evaluation procedure that will scrutinize
the utilization potential of the selected PATs for the given
site by defining a criterion of acceptance before recom-
mending the most suitable pump.

(6) To discuss the features of the consolidated model and rec-
ommend ways to improve its robustness and find a lasting
solution.

The problem outline based on the defined objectives would first
comprise the presentation of the detailed theory for modeling the
prediction, selection, and evaluation segments. Next, the applica-
tion of these model segments on two case studies having different
head and flow conditions will have to be carried out in order to
study its usefulness and make further refinements.

2 Means of Developing the Model

2.1 Experimental Means. A well-calibrated open loop hy-
draulic test rig (shown in Fig. 1) is constructed to characterize the
turbine operation of the different centrifugal pumps, as described
in Ref. [1]. The test arrangement also comprises state-of-the-art
instrumentation such as inductive pressure transducers for measur-

Selection model stage

*********************

Prediction model stage

*********************

Gate Valve onthe Main Line

Open loop hydraulic test rig for characterizing the pumps as turbines

ing pressure, a magnetic flow meter for discharge, a torque trans-
ducer for torque, and an optical transducer for speed. The centrifu-
gal pumps are backward vane, single stage, end suction pumps in
the range of 20-80 rpm, whose impellers of closed designs (with
shrouds) are also illustrated in Ref. [1].

2.2 Theoretical Means. The optimum design and selection of
any type of turbomachine has been revolutionized by the introduc-
tion of two dimensionless numbers defined at the BEP known as
specific speed and specific diameter, which clearly relate to the
shape (or design) and optimum size of the turbomachine. First, by
Cordier [6] and then by Balje [7], the unique relationship between
these two numbers has been very useful to designers to fix the
dimensions of the turbomachines, be it a compressor, a pump, or a
turbine. Hence, without doubt, the present problem of developing
a robust model for PATs should also be based on these principles,
and a unique relationship between specific speed and specific di-
ameter for centrifugal pumps operating as turbines needs to be
established.

3 Theory of the Models

3.1 Overview of the Consolidated PAT Model. The consoli-
dated PAT model should comprise three separate segments, as
highlighted in Sec. 1.1. The overview of all the model segments
and their inter-relationship is shown in Fig. 2, which forms the
basis of the consolidated model required for PAT application. The
selection model should select the centrifugal pumps that would
suit the given turbine application (head and flow). The prediction
model, on the other hand, as seen should evaluate the turbine
mode characteristics of the selected pump (of a given shape and

Evaluation model stage

777777777777777777777

Selection Model

Turbine boundary: | Suitable pumps |

w-{ Evaluation model ———s== Most suitable pump

| Complete turbine,
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condition i | (shape and size)

,,,,,,,,,,,,,,,,,,,,,

—me={ Prediction Model

,,,,,,,,,,,,,,,,,,,,,

,,,,,,,,,,,,,,,,,,,,

' pumps : 1 !

Acceptance Criteria

Fig. 2 Consolidated model for pumps as turbines
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size). The final segment is the evaluation model that shall study
the turbine mode characteristics of different pumps and select the
best pump using an acceptance criterion.

3.2 Selection Model. The basic selection model of Fig. 2 is
enhanced in Fig. 3 where other steps are described. The selection
of the suitable pumps for a given site (with head and flow) is
primarily guided by the experimentally determined mean Cordier
PAT line (explained in Sec. 3.3.2). The fixed input parameters,
namely, the head and flow, are used along with the turbine speed,
which is the control parameter, to determine the turbine mode
specific speed (Ng) and o (given by Eq. (A5)). The control pa-
rameter is the designer’s choice and can take values to suit the
best operating region along the Cordier line and also the available
pump shapes with the manufacturer.

The turbine mode specific speed (Ng) leads to the pump mode
specific speed (Ngp) using the experimental relationship between
them (whose philosophy is described in Sec. 3.3.1) and defines the
shape of the required pump. The intersection of the constant o line
with the uncertainty bands of the mean Cordier line (represented
by Eq. (6) and explained in Sec. 3.3.4) gives a range of specific
diameters, which can be translated to absolute diameters using
relations in Appendix B.

The final output parameters of the selection model are the pump
mode specific speed, which represents the pump shape, and the
range of impeller diameters, which represents the pump size. The
choice of pumps will be solely guided by these two parameters. A
manufacturer’s catalog should be referred to at this stage, and it
has to be emphasized that there could be a possibility that more
than one pump could be suitable for the same site, but with a
different shape.

3.3 Prediction Model. The prediction model as introduced in
Fig. 2 is completed in five different steps described in the follow-
ing sections.

3.3.1 Turbine Mode and Pump Mode Specific Speeds. To ini-
tiate the application of the prediction model, it is important to
establish a relation between the shapes (or the specific speed) of
the two operating modes of a centrifugal pump. This is done by
creating a plot between the experimental specific speeds of the
tested pumps (Table 7) in both pump and turbine modes, as shown
in Fig. 4, which brings out an approximate straight-line relation-
ship. It can be interpreted from the available data that any given
centrifugal pump has a marginal lower specific speed in the tur-
bine mode due to the larger impact of the head number compared
with the discharge number (Eq. (A3)). The turbine specific speed
given by Eq. (1) would obviously have errors given the varied
design methods employed by manufacturers and shall be treated
separately in Sec. 3.3.4,

Ny =0.942-Ng,-3.2 (1)
3.3.2 The Cordier PAT Line. The best efficiency points of all

the tested PATs (using data in Table 7 and relations in Appendix
B) are plotted on the Cordier diagram format [6], as shown in Fig.
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5. This figure also plots the constant efficiency lines (that signify
the part-load condition) along with constant head number lines.
The mean Cordier PAT line that forms a relationship between
specific speed and specific diameter is given by Eq. (2). As men-
tioned in Sec. 2.2, the Cordier line has a major significance in
turbomachinery design, and hence it is quite natural that a unique
line developed exclusively for PATs would also play a significant
role in PAT modeling. There are two more bands plotted along
with the mean Cordier line, which shall be discussed in Sec. 3.3.4,

o=1.225A7"288 (2)

Equation (2) can be converted to the respective head number and
discharge number values at the BEP at any given point on the
mean Cordier PAT line, which corresponds to a PAT shape under
consideration. The magnitude of the BEP of this PAT (or proto-
type) is determined using the standard efficiency scaling law (Eq.
(3)) proposed by Moody and Zowski in Ref. [8] with the test data
(summarized in Table 7) used as model values. Equation (3) sig-
nifies that the loss coefficients within a turbine of same shape do
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Fig. 4 A plot showing the relationship between the pump and
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Fig. 6 Overall - ¢ and 7- ¢ characteristics of nine PATs

not scale with size, and necessary corrections would have to be
adopted,

1- D,,\"
T (—") where n=0.2-0.25 3)
1- mo Dpl

3.3.3 Predictions at No-Load Condition. It is prerequisite to
make predictions of the no-load condition of the respective PAT in
order to evaluate its complete turbine characteristics. For this pur-
pose, the dimensionless head number and efficiency characteris-
tics of all the nine experimentally PATs are plotted on the same
abscissa and ordinates, as shown in Fig. 6, and the no-load points
(¢, 1) are related by Eq. (4). The equation signifies that within the
space formed by ¢ and ¢, the dependent number ¢ at the no-load
condition has a unique relation with control number ¢,

= 1354 ¢ ) (4)

Equation (4) will be useful only if there is a relationship between
the turbine shape (specific speed) and the no-load discharge num-
ber. This is done with the help of Eq. (5). Both Egs. (4) and (5) are
developed from experimental data of the nine PATs in Appendix
A. It is to be pointed out that the methodology of no-load predic-
tions is broadly similar to the Cordier analysis (Sec. 3.3.2), carried
out at the no-load condition instead of BEP,

by=1.190- 73 (5)

3.3.4  Uncertainty Analysis in the Prediction Model. There are
two sources of error in the model, namely, the experimental and
external errors. Experimental errors are associated with the mea-
sured variables on the test rig and can be determined in a straight-
forward manner using techniques proposed by Moffat [9] and
Kline [10]. However, the external variables are associated with the
unknown specimen pump, which are more complex in nature.
These errors deal with the accuracy of determining the pump
mode BEP, pump design (or specific speed as pointed out in Sec.
3.3.1), and manufacturing tolerances adopted that vary from
manufacturer to manufacturer.

A creative methodology is proposed to include both the experi-
mental and external errors for the mean Cordier PAT line (given
Eq. (2)) by proposing some kind of tolerance bands. The experi-
mental errors for the parameters ¢ and ¢ at BEP for all the tested
PATs (in Appendix A) are summarized in Fig. 7, which shows that
¢ errors are significant at lower specific speeds, while the ¢ errors
are of smaller magnitude and consistent over all specific speeds. It
would hence make more sense to proceed with ¢ errors as the
reference for developing uncertainty analysis. On the other hand,
external errors are very difficult to quantify. Nevertheless, it is
assumed to have errors in the range of about *=5% for lower
specific speeds and *2% to =3% for higher speeds on the ¢
scale. The combined errors of ¢y, (experimental and external) are
plotted in Fig. 8. The tolerance bands for A are selected such that
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an introduction of parameter Ry in Eq. (2) gives the identical error
pattern for ¢, as shown in Fig. 8. The modified mean Cordier line
with error bands is represented in Eq. (6). The physical signifi-
cance of error bands for A is the lateral shifting of the ¢—¢ and
n— ¢ characteristics, as will be seen in the case studies dealt in
Sec. 4,

o=(1.225+R,) A7 (6)

The analysis in Fig. 8 provides for the uncertainties only at the
BEP, but it becomes imperative to specify the uncertainty limits
for the no-load points as well. To simplify the approach, the un-
certainty levels obtained for the discharge number at BEP (S¢byep)
are retained for the discharge number at the no-load point (S¢,)
as well. Once the range of no-load discharge numbers is obtained,
the corresponding range for the head numbers is calculated from
the modified form of Eq. (4), given by Eq. (7). The significance of
Eq. (7) is similar to that of Eq. (4) except that it gives head
number limits for the upper and lower discharge numbers,

l/fnl = (1354 + 01) . d);l(1341 (7)

This range of head number and discharge number points at the
no-load and the BEP essentially specify the upper and lower
bands of the mean ¢— ¢ characteristics (as illustrated in Sec. 4).
The final task is to join the no-load points and BEPs of the re-
spective bands with the help of a best-fit curve to obtain the de-
sired predicted characteristics of the PAT.

3.3.5 Interpolation Using the Hermite Spline Approach. The
construction of the head number (/—¢) and efficiency (7—¢)
curves is the hallmark of the prediction model stage. This is
achieved using a widely used curve fitting methodology, docu-
mented by Holman [11] and Boor [12]. It can be seen from Fig. 6
(the experimental plot) that both the head number and efficiency
parameters are functions of both specific speed and discharge
number. The /— ¢ and 7— ¢ curves show a characteristic pattern
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Fig. 8 Uncertainty bands for A and ¢
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of slopes and range along the abscissa, where the lower specific
speed PATs are closer to the origin compared with higher specific
speeds.

In order to construct the head number and efficiency character-
istics of a new PAT (with a given Ng,), the Hermite spline inter-
polation technique is used [12]. This technique consists in using
two fixed points on the characteristics (i.e., BEP and no-load
point, which have already been determined) and the slopes at
these points to generate a three-degree polynomial for the respec-
tive characteristics, i.e., head number and efficiency.

The slopes of both ¢ and 7 with respect to ¢ can be readily
determined from the experimental results illustrated in Fig. 6. Us-
ing separate polynomials for the efficiency and head number char-
acteristics, the mean as well as the uncertainty bands for turbine
operation can be plotted for any given pump specific speed. The
resultant polynomials have shown excellent fitting for all the nine
experimentally tested PATs. It has to be remembered that the in-
terpolation holds good for the curve between the no-load point
and BEP. However, some extrapolation is carried out to evaluate
the characteristics in the overload region.

3.4 Evaluation Model and Criterion of Acceptance. The
selection of the pumps in Fig. 3 does not mean that they would be
the automatic and final choice for the site. The selected pump
needs to pass the test of acceptance where the actual operating
point of the PAT (after the prediction of the characteristics) is
compared with that of the site. The evaluation stage (Fig. 2) con-
sists in using the predicted mean /—¢ and 7—¢ curves to de-
velop the absolute characteristics of the PAT. These characteristics
(also known as Muschel curves) will also combine the constant
speed, the constant efficiency lines, and the no-load line of the
given PAT along with the field point, from which the PAT’s ability
to utilize the complete head and discharge can be investigated. If
there is a situation of nonutilization of either head or flow, which

may often be the case, these deviations will be compared with the
criterion of acceptance, and a decision of the pump’s applicability
for the site can be taken.

The criterion of acceptance for the selected pumps is an impor-
tant aspect of the evaluation model, as seen in Fig. 2. This param-
eter is mainly user or customer defined. For an initial evaluation,
the percentage of nonutilization of either of the site parameters
(either head or flow) keeping the other constant in comparison
with the turbine operating point should not exceed *4%. This
interval can be reduced further to make the final choice of PAT to
exactly conform to site conditions.

4 Results

As mentioned in Sec. 1.2, the application of the consolidated
PAT model will be carried on two separate sites. The various
aspects of the model such as selection (Sec. 3.2), prediction (Sec.
3.3), and evaluation (Sec. 3.4) will be illustrated. The first site has
a flow of 45 I/s and a head of 60 m, while the second site has a
flow of 80 I/s and a head remaining at 60 m.

4.1 Case Study: 1-45 I/s and 60 m

4.1.1 Application of the Selection Model. The selection of
pumps for this site condition is summarized in Table 1 at two trial
speeds (1500 rpm and 3000 rpm) using steps described in the
selection model stage of Fig. 3. The table provides the required
pump mode specific speeds and the range of impeller diameters
for both the low-speed and high-speed operations, respectively.
These specifications lead to the selection of two pumps (18.2 rpm
and 35.1 rpm) from the catalogs [13], whose BEP points are also
summarized in Table 1. The 18.2 rpm PAT is slightly outside the
diameter range specified by the model, but this does not matter
since this is only an initial selection, and a detailed evaluation will
determine its final suitability and applicability.

Table 1 Selection table for site 1 with 45 I/s and 60 m
Pump requirements
Speed option Pump shape Pump size Selected pump from Ref. [13]
Option 1, speed —1500 rpm N, 1500 rpm Range of A and D required Impeller diameter, D 329 mm
Pump mode H, 325 m
N, 14.8 rpm A=6.912 D;=282 mm BEP Q, 29.2 I/s
o 0.094 A,=7.364 D,=301 mm N, 1450 rpm
N, (reqd) 19.1 rpm A,=7.809 D,=319 mm Ngp 18.2 rpm
Option 2, speed —3000 rpm N, 3000 rpm Range of A and D required Impeller diameter, D 174 mm
Pump mode H, 335 m
Ny, 29.5 rpm A=4.127 D,;=169 mm BEP Q, 28.3 /s
o 0.187 A,,=4.300 D,=176 mm N, 2900 rpm
N,, (reqd) 34.7 rpm A,=4.471 D,=183 mm Ngp 35.1 rpm
Table 2 Consolidated prediction table for 18.2 rpm PAT
Pump data Cordier PAT data No-load points PAT operating points
H=325 m Cordier line Coefficients at different A - ¢ line b Yy Y- line (b, )y (b, V)gep
Q=292 1/s intersection A,=7.696 A=7224 A,=8.161  Mean 0.019 525  Mean  (0.019, (0.061,
(+11.5%, 5.25) 10.66)
—9.5%)
N=1450 rpm  Ng=13.9 rpm T 0.088 0.096 0.082 Upper 0.017 5.83 Upper (0.017,  (0.055,
5.83) 11.03)
D=0.329 m 0=0.088 Dt 0.061 0.068 0.055 Lower 0.021 4.68 Lower (0.021,  (0.068,
(+11.5%, 4.68) 10.28)
—9.5%)
Ng,=182 rpm  A,=7.696 Wt 10.66 10.28 11.03 7 value 0% 74%
(+6.0% ,-6.1%)
#,=5.043 A=7.224 D! Dy 1.81 2.01 1.63
$p=0.034 A,=8.161 Ul ¥ 2.11 2.04 2.19
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Table 3 Consolidated prediction table for 35.1 rpm PAT

Pump data Cordier PAT data No-load points PAT operating points
H=335 m Cordier line Coefficients at different A — ¢ line bl Y  Y—¢line (P, hn (b, P)gep
Q=283 1/s intersection A,=4264 A=4.093 A, ,=4.434 Mean 0.066 3.41 Mean (0.066, (0.168,
(+7.3%, 3.41) 7.59)
—6.4%)
N=2900 rpm Ng=298 ipm oy, 0.189 0.199 0.180 Upper 0.062 3.75 Upper (0.062, (0.157,
3.75) 7.76)
D=0.174 m o=0.189 bt 0,168 0.180 0.157 Lower 0.071 3.08 Lower (0.071, (0.180,
(+7.3%, 3.08) 7.41)
—6.4%)
Ngp=35.1 rpm A, =4.264 [/ 7.59 7.41 7.76 7 value 0% 76%
(+4.0%,
—4.0%)
,=4.646 A=4.093 Pt/ Dy 1.51 1.62 1.41
$p=0.11 A,=4.434 Yl Y 1.63 1.59 1.67
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Fig. 10 - ¢ and - ¢ curves for 35.1 rpm PAT

4.1.2  Application of the Prediction Model. The next step in-
volves the prediction of the turbine characteristics for these two
pumps using the prediction model described in Sec. 3.3. The re-
sults of the prediction model are summarized in the form of a
table (Table 2 for 18.2 rpm PAT and Table 3 for the 35.1 rpm
PAT), illustrating the predictions of the BEP and the no-load con-
dition for the mean, lower, and upper uncertainty limits. Subse-
quently, the dimensionless characteristics are constructed using
Hermite splines (Sec. 3.3.5) for the two PATs (Fig. 9 for 18.2 rpm
PAT and Fig. 10 for the 35.1 rpm). The lateral shifting of the
—¢ and 7— ¢ curves of these PATs is a direct consequence of the
error bands on A (as discussed in Sec. 3.3.4). Finally, the Muschel
characteristics are constructed, as shown in Fig. 11 for the 18.2
rpm PAT and in Fig. 12 for the 35.1 rpm PAT.

063002-6 / Vol. 133, JUNE 2011

Fig. 12 Muschel curves for 35.1 rpm PAT

4.1.3  Application of Evaluation Model. The field point (45 1/s
and 60 m) is integrated into these characteristics, and the evalua-
tion is carried out in Table 4. For the given boundary conditions,
the 18.2 rpm PAT is seen to operate in the part-load region at a
speed of 1500 rpm and to generate 18.7 kW of shaft power. How-
ever, it utilizes a head of 59.4 m (with a deviation of —1%) at 45
1/s and hence passes the acceptance test (=4%). On the other
hand, the 35.1 rpm PAT realizes the complete utilization of avail-
able head and flow, but at a higher speed of 3000 rpm. In addition,
this PAT operates on the BEP line and generates 1.5 kW more
shaft power compared with the 18.2 rpm PAT. For a designer, the
obvious choice would be to go in for a higher speed PAT for this
site. But other factors such as mechanical design and system de-
sign issues, like the critical speed and the availability of high-
speed generators, should be considered before making the final
decision.
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Table 4 Evaluation of the merits of the two PATs for site 1 with 45 I/s and 60 m

PAT H SH Q 5Q Nuptimum

(rpm) (m) (%) (I/s) (%) (rpm) Predicted shaft power Operating region
18.2 59.4 -1.0 45 0 1500 18.7 kW @ 79=71.4% Part-load (near BEP)
35.1 60 0 45 0 3000 20.2 kW @ 7=76.0% On the BEP line

4.2 Case Study 2: 80 I/s and 60 m

4.2.1 Application of the Selection Model. For the second site,
the selection procedure is carried out at two trial speeds (1150 rpm
and 1500 rpm) with the help of the Cordier PAT diagram, and the
results are summarized in Table 5. Two pumps of 19.7 rpm and

80
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Fig. 13 Muschel curves of the 19.7 rpm PAT with field point
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Fig. 14 Muschel curves of 25.4 rpm PAT with field point

25.4 rpm that meet the requirement of the site are chosen from the
manufacturer’s catalog [13].

4.2.2 Application of the Prediction Model. The prediction
model as in the case of the previous site is implemented, and the
Muschel curves for the 19.7 rpm and 25.4 rpm PATs are devel-
oped in Figs. 13 and 14, respectively.

4.2.3 Application of Evaluation Model. The evaluation of the
selected PATs (19.7 rpm and 25.4 rpm) with respect to the site
specifications is carried out in Table 6. For the 25.4 rpm PAT, it
can be seen from Fig. 14 that the field point (80 /s, 60 m) does
not fall within the range of constant speed characteristics plotted.
To meet the site flow condition of 80 1/s, this PAT would have to
eventually operate at a reduced head of 49.9 m, losing nearly 17%
of the head and generating a much lower output shaft power. The
19.7 rpm PAT, on the other hand, operating at an optimum speed
of 1200 rpm, as seen from Fig. 13, would utilize 57 m at a flow of
80 I/s representing a 5% underutilization of head and further
would operate in the part-load region. It will nevertheless generate
2.7 kW of shaft power more than that of the 25.4 rpm PAT, and
since there is no other pump available from the catalog, the 19.7
rpm PAT may have to be selected for this site with some compro-
mise in the performance.

5 Discussion of the Model

As seen in Secs. 3 and 4, the primary components of the con-
solidated model, namely, the selection and prediction model seg-
ments depend on the experimentally determined Cordier PAT line
(Eq. (2)). Further, it can be seen from the PAT database (in Ap-
pendix A) that between 46 rpm and 79 rpm, the data of only one
PAT (61 rpm) are available. Therefore, the predictions of the tur-
bine performance in this zone could be inaccurate. Hence, the
Cordier PAT line is naturally a subject of improvement or optimi-
zation. One method of improving this line is to incorporate more
specific speeds in addition to the nine already available. It is,
therefore, proposed to incorporate a small input program (optimi-
zation routine) to the consolidated PAT model, as illustrated in
Fig. 15, which would lead to a new equation for the Cordier PAT
line (following similar steps in Sec. 3.3.2) that would help in
improving the accuracy of prediction over the complete range of
20-80 rpm. The routine would also improve the accuracy of pre-

Table 5 Selection table for site 2 with 80 I/s and 60 m

Pump requirements

Speed option Pump shape Pump size Selected pump from Ref. [13]
Option 1, speed, —1150 rpm N, 1150 rpm Range of A and D required Impeller diameter, D 409 mm
Pump mode H, 52 m
Ny 15.1 rpm A=6.823 D,;=372 mm BEP Q, 68.9 1/s
o 0.096 A,,=7.240 D,=394 mm N, 1450 rpm
N, (reqd) 19.4 rpm A,=7.649 D, =417 mm Ngp 19.7 rpm
Option 2, speed, —1500 rpm N, 1500 rpm Range of A and D required Impeller diameter, D 329 mm
Pump mode H, 32 m
Ny 19.7 rpm A=5.576 D,;=304 mm BEP Q, 55.6 I/s
o 0.125 A,=5.890 D,=321 mm N, 1450 rpm
N, (reqd) 24.3 rpm A,=6.200 D,=338 mm Ngp 25.4 rpm
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Table 6

Evaluation of the merits of the two PATs for site with 80 I/s and 60 m

PAT H oH Q 5Q Noptimum
(rpm) (m) (%) (I/s) (%) (rpm) Operating region Predicted shaft power
19.7 57.0 =5.0 80 0 ca 1200 Part-load 322 kW @9=71.9%
25.4 49.9 —16.8 80 0 ca 1500 Near the BEP line 29.5 kW @ 7=75.2%
Project Optimization routine stage Consolidated Model More accurate modeling laws
Implemienizlicn 1. New Cordier PAT line
Fieldresults Applied mainly on the )
Daiabasseh::):sore PAT prediction model segment 2. New no-load equations
[ More experimental (S6cion’3.2) 3. Narrower tolerance bands
Laboratory results (46 rpm to 80 for the Cordier line
test-rig rpm)

Fig. 15 Optimization routine on the consolidated model for pumps as turbines

diction in the no-load zone (as in Sec. 3.3.3) and would further
decrease the error bands (by reducing the A interval of Fig. 8
compared with the one adopted in this paper), as the external
errors (described in Sec. 3.3.4) would be significantly lower. This
routine step, as shown in Fig. 15, could comprise results of either
implemented PAT projects or laboratory specimen whose shapes
are well defined. The optimization routine could also incorporate
experimental results of PATs from other researchers, provided that
the data that normalized in the format presented here and there are
a reasonable amount of confidence in the accuracy of the results.

6 Conclusions and Recommendations

The conclusions of this current research work on the consoli-
dated model on the turbine performance of centrifugal pumps can
be summarized in three major points.

1. Salient features of the model: The origin of consolidated
model is from the classical theory of turbomachines (specific
speed-specific diameter or Cordier charts), which has
brought about the parsimony features of the model that re-
quires least variables to make predictions of the complete
turbine characteristics. The other feature of the model is to
give special reference to uncertainties (arising from experi-
mental and external sources) as a function of the pump
shape. More importantly, this model specifies the range on
PAT shapes (20-80 rpm) on which it can be applied.

2. Application of the consolidated model: From the application
point of view, within the selection model segment, the im-
portance of speed as a control variable was evident. The
prediction model segment was easy to apply, while the
evaluation model segment and acceptance criteria helped in
giving prior information that available PATs may or may not
utilize the site conditions. The case studies clearly under-
lined the value of having a consolidated model (selection,
prediction, and evaluation) for the application of centrifugal
pumps as turbines.

3. Future of the model: One of the objectives of the research
was to find a lasting solution for modeling in pumps as
turbines. For achieving this objective, it is strongly recom-
mended to have an additional database of PAT results, par-
ticularly those that are not available in the original database,
and build new model equations for the Cordier PAT line (at
BEP) and no-load points. This step defined, as optimization
routine should aim to reduce the errors of prediction within
*1% bands, which can be achieved through planned testing
and continuous validation. At a future step, it would also be

063002-8 / Vol. 133, JUNE 2011

beneficial to have range specific modeling equations unlike
one common model for a wide range of 20—80 rpm that has
been considered in the present study.
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Nomenclature

Full Scripts
D = impeller outer diameter, m
H = head, m

g = gravitational acceleration, m/s?

Q = discharge, m?/s

N = speed, rps

N, = specific speed, NQ'2/H** (N in rpm, H in m,

and Q in m3/s)
u = tangential blade velocity, m/s
R = random error

Greek Symbols
A = turbine specific diameter, Eq. (A4)

¢ = discharge number, Q/ND? (Q in m?/s, N in
rps, and D in m)
n = efficiency, %
o = turbine specific speed, Eq. (A3)
& = head number, gH/N?D? (gH in m?/s%, N in
rps, and D in m)
Superscripts
N = scaling index
Subscripts
¢ = Cordier definition
1 = lower limit
m = mean
mo = model
nl = no-load
p = pump mode

pt = prototype
t = turbine mode
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Table 7 Summary of the BEP parameters of the nine PATs both in pump and turbine mode

Pump mode BEP (absolute and dimensionless) Turbine mode BEP (dimensionless) Comparisons
H, Q, N, D qp Ty Nge 7
SI. No. (m) (s) ~ (rpm)  (mm)  (rpm) N A (%) (rpm) & W (%) dldy i,
1 14.5 10.8 1500 225 21.0 0.038 4.496 77.0 18.5 0.070 8.000 72.5 1.85 1.78
2 21.5 26.5 1500 258 24.5 0.062 5.070 78.0 18.6 0.117 11.170 76.5 1.90 2.20
3 12.8 254 1500 206 353 0.116 4.734 78.5 28.1 0.151 7.640 81.0 1.30 1.61
4 8.38 15.3 1450 174 36.4 0.120 4.650 74.4 30.1 0.185 8.000 71.5 1.54 1.72
5 19.8 65.9 1450 264 39.7 0.148 4.772 85.0 35.7 0.200 6.700 83.5 1.35 1.40
6 10.5 33.0 1450 200 45.2 0.171 4.409 80.0 41.1 0.235 6.180 79.5 1.38 1.40
7 5.6 13.5 1450 139 46.4 0.208 4.850 76.0 38.1 0.275 7.600 76.0 1.32 1.57
8 6.4 28.9 1450 165 61.3 0.266 3.949 72.0 57.6 0.414 5.748 74.3 1.56 1.46
9 10.6 103.0 1450 224 79.1 0.379 3.555 84.0 70.0 0.480 4.900 75.5 1.27 1.38

u = upper limit 2412 NQI2

= o360 HI* (AS)

=6.3383 X 10N,
Abbreviations

PAT = pump as turbine
BEP = best efficiency point
Naming code for all ‘pumps as turbines’ is based on the pump
mode specific speed in rpm
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The paper presents an experimentally validated optimization routine for the turbine-mode operation of
radial flow centrifugal pumps. The optimization routine outlined here is designed to be used with predic-
tion (predicting turbine mode characteristics of a pump) and selection (selecting the most appropriate
pump for turbine-mode operation) models. The optimization routine improves upon previous uncertain-
ties in prediction, especially in the low specific speed range.

The optimization routine is evaluated experimentally for three pumps with specific speeds of 18.2 rpm,
19.7 rpm and 44.7 rpm, and a significant improvement in the accuracy of the turbine predictions with the
errors for all the three pumps falling within the 4% acceptance bands in the full load operating region is

Optimization
Prediction
Specific diameter
Cordier diagram
Hermite splines

found.

mode input variables.

It is also shown how the optimization routine validates an approach to selection and prediction based
on model experiments and classical principles of applied turbomachinery (specific speed-specific diam-
eter or the Cordier/Balje plots). Such an approach is shown to be the most economic in terms of pump

The paper recommends the extensive use of the optimization routine in micro hydro and other energy
recovery projects involving pumps as turbines and the creation of a database of accurate field results that
can be used to improve the routine further.

© 2009 Elsevier Inc. All rights reserved.

1. Introduction
1.1. Background

The main objective of all PAT researchers all over the world has
been to build a model that would make accurate predictions of the
turbine operation of pumps, be it for micro hydro or energy recov-
ery schemes. There have been more than a dozen of prediction
techniques published so far, as reported by Williams [3], Singh
[1] and Derakshan and Nourbakhsh [2]. While researchers have
tested their models on few pumps and recorded deviations that
are in the order of +10-20%, they have not been able to report
the repeatability of their prediction accuracies with pumps of dif-
ferent designs and different manufacturers. This has prevented a
continuous optimization of their respective models.

The common methodology employed by these researchers is to
compare the performance of the pump and turbine operation at the
BEP and bring out the so-called head and discharge ratios. The
uncertainties associated with these ratios are enormous as re-

* Corresponding author. Tel.: +49 721 608 2194; fax: +49 721 606 046.
E-mail addresses: punit.singh@iwg.uka.de (P. Singh), nestmann@iwg.uka.de
(F. Nestmann).

0894-1777/$ - see front matter © 2009 Elsevier Inc. All rights reserved.
doi:10.1016/j.expthermflusci.2009.10.004

ported by both Singh [1] and Derakshan and Nourbakhsh [2], with
deviations exceeding over 40% for some specific speeds.

Subsequently, few other researchers like Cohrs [4] and Amelio
and Barbarelli [5] have tried to use detailed theoretical models that
are based on the pump design, its geometry and assumptions of
some complex hydraulic phenomena like losses and slip effects
in an effort to bring out more accurate turbine characteristic pre-
dictions. These methods are definitely comprehensive, but they
are difficult to implement and simply beyond the reach of plan-
ners, since these models need very detailed information, which is
sometimes patented or available only with the manufacturers.

In order to overcome the challenges of prediction in PATSs, a new
and simpler prediction model has been proposed by the authors (as
illustrated in Section 2.2), which is based purely on experimental
results of 9 model PATs (from N,20-80 rpm) and the fundamentals
of applied turbomachinery like the specific speed-specific diame-
ter plots. This approach of the model leads to a economic feature,
which refers to the fewer input variables required to accomplish
predictions. However, the authors have reported a deviation in
the order of +5-7% for the low specific speed pumps and in the
range of less than +2% for the medium specific speed range. They
also reported substantial deviations in the no-load operating
region and have recommended for the development of a more
refined and robust prediction model. They have also proposed a
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Nomenclature

Full scripts

impeller outer diameter, m
gravitational acceleration, m/s
Hermite basis function

head, m

speed, rps

specific speed, NQ'/2/H3* (N in rpm, H in m, Q in m>/s)
discharge, m3/s

random error

slope between head and discharge number

relative position parameter

tangential blade velocity, m/s

range of discharge number

PAT pump as turbine

BEP best efficiency point

CFD computational fluid dynamics

2

XETUuxOZI TSRO

Naming code for all ‘pumps as turbines’ is based on the pump
mode specific speed in rpm.

Greek symbols

A turbine specific diameter, (in A3, Eq. (A4))

¢ discharge number, Q/nD* (Q in ‘m/s’, n in ‘rps’, D in ‘m’)
n efficiency, %

4 turbine specific speed, (in A3, Eq. (A3))

V head number, gH/n?D? (gH in m?/s?, n in ‘rps’, D in ‘m’)
Subscripts

c Cordier definition

l lower limit

m mean

mo model

nl no-load

p pump mode

t turbine mode

u upper limit

selection model (Section 2.2) that would enable the selection of the
most optimum pump for a given turbine application following a
detailed evaluation methodology.

1.2. Objectives

(a) To introduce an optimization routine that will improve the
accuracy and reliability of prediction and selection models
for pumps as turbines, and yet to keep the model simple
to apply for project planners and small pump manufacturers.

(b) To make the criterion of acceptance that is more stringent by
decreasing the tolerance bands of the prediction errors.

(c) To realize an accurate, useful and robust model for centrifu-
gal pumps as turbines.

1.3. Problem outline

The problem of developing the new ‘optimization routine’ would
comprise of using additional experimental data of pumps as tur-
bines and incorporating them within the basic prediction model
(Section 2.2), without changing the governing philosophy of the ba-
sic model. The problem would further encompass one to one com-
parisons of the results of both the basic model and the optimization
routine, and to evaluate if the new routine has succeeded in achiev-
ing the objective of decreasing the prediction errors. The problem
would also include appropriate conclusions of the comparative
study and spell out recommendations for the future scope of work.

2. Theory of the basic model
2.1. Experimental and theoretical means

The key for developing any model that is close to reality is with-
out doubt linked to accurate and rigorous experimentation. Hence
for the purpose of building a PAT model, a well-calibrated open
loop hydraulic test rig as shown in Fig. A1 is constructed and used
to characterize all the pumps as turbines (also called model PATSs).
The instrumentation and details of the experimental uncertainty
are discussed in Singh [1]. The pumps used are radial flow end-suc-
tion pumps with standard backward vane designs for the impellers
(closed) as shown in Fig. A2 and in the specific speed range from
20 rpm to 80 rpm.

The classical design approach used in turbomachines is known
as the ‘specific speed-specific diameter’ plots, which was first
introduced by Cordier [6] and then pursued intensively by Balje
[7]. The ‘specific speed-specific diameter’ plots have revolution-
ized the design and selection of turbomachines. Balje [7] plotted
these plots for all kinds of turbomachines (steam and gas turbines,
hydro turbines, compressors and pumps) and also included effects
like loss mechanisms, design constants and even cavitation limits
within them. He also argued the ‘specific speed-specific diameter’
plots could be used as a powerful tool to analyze and optimize the
flow paths in a turbomachine.

Given the worldwide acceptance of the ‘specific speed-specific
diameter’ plots, the basic PAT model (in Section 2.2) is developed
based on this approach and further it is retained for the develop-
ment of the optimization routine as well.

2.2. The basic PAT model

The basic PAT model comprises of the prediction model and
selection model, whose functions are briefly illustrated in Fig. 1.
The prediction model performs the complete synthesis of the tur-
bine characteristics of a given pump of known shape and size by
evaluating the BEP as well as the no-load points using the govern-
ing equations summarized in Appendix A.5. On the other hand the
selection model first selects a few appropriate pumps from manu-
facturer’s catalogues that satisfy the given turbine operating condi-
tions (head and flow) as shown in Fig. 1. And further, in
combination with prediction model, the selection model is able
to evaluate the most optimum pump from the given choices by
precisely comparing the degree of utilization of the boundary
parameters (head and flow) and shaft output power generated.
The selection model is also based on the Cordier PAT line and the
individual steps of this model are illustrated in Appendix A.4.

3. Theory of the optimization routine
3.1. Introduction to the optimization routine

As mentioned the purpose of ‘optimization routine’ is to im-
prove the reliability of the basic model without changing the phi-

losophy of the methodology used in the basic PAT model. Hence, it
cannot be called a new model and instead called a routine, which is
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Optimum Pumps
(shape and size)

Turbine boundary
condition
(Head and Flow)

Complete turbine | MPlementation

characteristics &
most optimum pump

Field results

Optimization

Routine Laboratory

More experimental
results

Fig. 1. Block diagram of the consolidated model for pumps as turbines with optimization routine.

analogous to a small computer program that forms a loop with the
basic model.

Asillustrated in the block diagram of Fig. 1, the optimization rou-
tine forms animportant component in the consolidated model being
conceived for the turbine operation of centrifugal pumps. With re-
spect to the prediction model, the optimization routine should re-
duce the prediction errors to the limits of +4%. While from the
perspective of the selection model, it should be able to make a better
choice of a pump for given turbine-mode operating conditions. The
optimization routine will essentially contain an increased database
of more pump shapes (sourced from field and experimental results).

3.2. Additional experimental data

The optimization PAT routine is developed by using additional
data from Derakshan and Nourbakhsh'’s [2] experimental work of 4
PATs having pump specific speeds of 14.6 rpm, 23.0 rpm, 37.6 rpm
and 55.6 rpm, respectively. It is to be noted that lowest specific
tested by the authors (Appendix A.1) is 21 rpm. With the inclusion
of test results of 14.6 rpm and 23 rpm PATs into the Cordier diagram,
the scope of the model with respect to accuracy and reliability,
especially in the lower specific speed range needs to be tested.

The consolidated data of the 13 model PATs used in the optimi-
zation routine is summarized in Appendix A.1. In short, the basic
PAT model comprises of a databank of 9 PATs, while the ‘optimiza-
tion routine’ uses additional data of 4 PATs taking the total number
of PATs to 13.

3.3. Cordier diagram for the optimization routine

The consolidated head number-discharge number (}/-¢) and
efficiency-discharge number (#-¢) characteristics of these 13 PATs
are plotted in Fig. 2. The Cordier diagram showing the BEP line is
sketched in Fig. 3 along with the constant efficiency and constant
head number lines. The purpose of incorporating the constant head
number lines is to give an indication of how the head number
changes along the mean Cordier PAT line. The original Cordier line
(proposed by Cordier [6] himself for all turbomachines) is also
plotted, and is seen to deviate from the mean Cordier PAT line.

The uncertainty bands are also plotted across the mean Cordier
PAT line, which are seen to have a broader span in the lower spe-
cific speed (larger specific diameter) region and a smaller span in
the higher specific speed region. The reason for doing this goes
back to the higher experimental uncertainty (as described in Sec-
tion 3.4.1) and other influences in the lower specific speed pumps.

3.4. Governing equations for the optimization routine

3.4.1. Optimized mean Cordier PAT line

The mean Cordier line of the optimization routine along with the
corresponding uncertainty bands is given by Eq. (1). The uncer-
tainty bands are defined by introducing a consolidated random er-
ror term R, which combines both experimental and external
uncertainties. The experimental uncertainties are straightforward
to deal with and determined using the single sample techniques

90 55
35 55.6rpm[2
245 P 89.4rpm pm([2]
801 23mpm[2] 45.2rp [ 50
21rpm+ [ a5
70 Y1460 79.1rp
371 ftpmi23] 6.4rpm 1.3rpm F 40
60 4
2 E 35
7 50 36. F 30 &
a
@ £
S 39.4/pm [ I
£ 0] i 25 T
14 36.4
w pm2] rgm F oo
30 4 5.3 rpm
46.4rpm F 15
20 1 21rpm 76002 ., P!
61.3rpm 79.4r 10
10 Es
21 : mean (y-¢)gep line
23rpm mean (y-0), line
0 T T T T T T T 0
0.0 0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8
Q/nD?

Fig. 2. The #-¢ and y/-¢ characteristics of 13 PATSs.
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Fig. 3. The mean Cordier line for the optimization routine.
proposed by Moffat [9] and Kline [10]. The external errors on the 25% 0.5
other hand are associated with the unknown specimen pump and 20%
are more complex in nature. These errors deal with accuracy of 15% Obop(@ Alower band) 04
determining the pump mode BEP, the geometry and manufacturing \y\
tolerances that vary from manufacturer to manufacturer. Hence, it 0% ]
is recommended to use pumps of reliable manufacturers following & 5% A 0.3
standard protocols for design as well as for testing the pumps _g 0% Aupper o
= Avower
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The experimental uncertainty of the model PATs at BEP is summa- 10% —
rized in Fig. 4 (and in Appendix A.8), which gives evidence of greater -15% Ry 0.1
errors for discharge numbers in the lower specific speed range. 20% v |
With this in mind, a creative methodology is proposed by treating 259 0.0
the random error component, R4, as a variable and defined as a 0 20 40 60 80 100 '
function of pump specific speed. The corresponding error bands Ng, (rpm)

for specific diameter (4) as function of pump specific speed (Ngp)
plotted in Fig. 5, which also plots the respective error bands for
the discharge number at BEP.

3.4.2. Relation between pump mode and turbine mode specific speed
The experimental relationship between the pump mode and
turbine mode specific speeds is developed using the BEP data from
all 13 PATs and is given by Eq. (2). This is an important relation and
will be required in the application of the optimization routine

Ny =094 -N,, —3.12 2)

Fig. 6 plots the pump mode and the turbine mode specific speed points
for the 13 PATs used in the optimization routine stage. There seems

8%

_
g |1 1)
- 6%
o < derrors
]
E 4
E
5
—
|
 errors
0%
20 30 40 50 60 70 80

Pump Specific Speed, Nq, (rpm)

Fig. 4. Summary of the experimental uncertainty.

Fig. 5. Uncertainty bands for 4 and ¢.

to be some scatter of the points, which could lead to uncertainties
in predictions. The uncertainty due to this conversion of specific speed
is accounted as a component of the external errors within the R, term
of Eq. (1), which automatically gets accommodated in the range of
specific diameters for a given specific speed illustrated in Fig. 5.

3.4.3. BEP with uncertainty limits

The BEP defined by the ¢ and s coordinates need to be evalu-
ated from the A4,, (defined by mean PAT line Eq. (1)) and for the
uncertainty limits (4; and 4,) illustrated in Fig. 5 at a given pump
specific speed (and hence, o). The conversion of constants used in
the Cordier diagram (o and A4) and the coefficients used in the pa-
per (¢ and /) are summarized in Appendix A.3. For each of the spe-
cific diameters (4,,, A;and 4,) only the mean specific speed (o) is
used to bring about the respective ¢ and . This exercise results in
three pairs of points that define the boundaries for the yy—¢ char-
acteristics of given PAT passing through their respective BEPs (an
example is illustrated in Appendix A.10).

The magnitude of efficiency at the BEP of given specific speed
pump is function of both its shape (N;) and size (D). This can be ob-
tained by first reading out the magnitude of efficiency for a similar
pump shape from Appendix A.1 and then using the scaling law for
hydraulic turbines given by Moody in Eq. (3) and confirmed by Dixon
(8]

17;7pt
lfnmo

n
= (Dm°> ,  where n =0.2—0.25 (3)
Dy
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Fig. 6. The specific speed relationship between for the 13 PATs.

3.4.4. No-load points with uncertainty limits

The no-load discharge number is first determined from Eq. (4)
from the turbine specific speed (¢) and the corresponding head
number from Eq. (5) that relates both the discharge number and
the head number. These equations are developed from the overall
Y-¢ characteristics shown in Fig. 2. The uncertainty limits for ¢y
are assumed to identical to that for the ¢ggp and are read directly
from the Fig. 5 for the given pump specific speed.

=083 5! (4)
Um = 1.39- ¢ (5)

3.4.5. Optimized curve fitting for the y-¢ and the n-¢ curves

The construction of the head number and efficiency curves with
uncertainty bands is the hallmark of the optimization routine. This
is achieved using a widely used curve fitting methodology, docu-
mented by Holman [11] and Boor [12].

It can be seen from Fig. 2 that both the head number and effi-
ciency are functions of both specific speed and discharge number.
In order to construct the head number and efficiency characteris-
tics of a new PAT (with a given Ng,), the Hermite spline interpola-
tion technique is used [12]. This technique comprises of using two
fixed points on the characteristics (i.e. BEP and no-load point,
which have already been determined) and the slopes at these
points to generate a three degree polynomial for the respective
characteristics, i.e. head number and efficiency. The slopes of both
Y and n with respect to ¢ can be readily determined from the
experimental results illustrated in Fig. 2.

Using separate polynomials for the efficiency and the head
number characteristics, the mean as well as the uncertainty bands
for turbine operation can be plotted for any given pump specific
speed. The resultant polynomials have shown excellent fitting for
all the 13 experimentally tested PATSs. It has to be remembered that
the interpolation holds good for the curve between no-load point
and BEP. However, some extrapolation is carried out to evaluate
the characteristics in the overload region.

Appendix A.6 provides a brief insight into the use of Hermite
spline interpolation for the head number characteristics of the
PATs used for evaluating both the optimization routine and basic
prediction model.

4. Testing the optimization routine

The evaluation of the optimization routine is carried out on 3
PATs that have been tested in field conditions. A brief discussion
of the field test setup for turbine mode testing is carried out in
Appendix A.9 along with the summary of the measurement uncer-
tainties. The test PATs have pump mode specific speeds of 18.2 rpm,

19.7 rpm and 44.7 rpm, respectively. This data has been supplied by
the manufacturer [13] following in-house pump mode tests.

The investigation of the optimization routine is restricted to
only the head number characteristics ({/-¢) and not the efficiency
characteristics (#-¢) since the shaft power on the turbine could
not be accurately measure in field conditions.

5. Results and discussion
5.1. Prediction model control

5.1.1. Results for the 18.2 rpm PAT

The detailed workout for both the basic prediction model and
the optimization routine comprising of the consolidated table that
summarizes the range of specific diameters, BEP and no-load
points, along with the synthesis of the dimensionless performance
characteristics is carried out in Appendix A.10. Based on these re-
sults, the comparisons with the actual field curve are illustrated
in Figs. 7 and 8, respectively.

In Fig. 7, the predicted /-¢ curves pertaining to the basic model
and the routine are compared with the actual /-¢ curve obtained
from the field measurements (Appendices A.7 and A.9). It is clearly
evident that the head number curve from the optimization routine
has moved closer to the actual head number curve. There also
seems to be a very good coincidence at the maximum load point
of the tested PAT. In Fig. 8, the percentage deviations of the head
number from the actual values are plotted at the different dis-
charge numbers. At the maximum load point (at ¢ = 0.052) of the
tested PAT, the deviation of the head number with basic prediction
model corresponds to —6.2%, which has improved to —2.6% with
the optimization routine. This deviation falls within the +4% accep-
tance criterion and it clearly indicates improvement in prediction.
However, the deviations in the no-load region are in the order of
10-15%, which is still a considerable error.

14
optimizatjon routine
12 | 2
full load point %
‘a 10 ~ %
N
E /%{—bas ic prediction
%-, 8 % model
S actual field y— curve—BE/
6 /
M ?ﬂ
no load points D/
4
0.01 0.02 0.03 0.04 0.05 0.06 0.07

¢, Q/nD?
Fig. 7. Model and actual yy-¢ curves for the 18.2 rpm PAT.
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Fig. 8. Deviation of head numbers for the 18.2 rpm PAT.
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5.1.2. Results for the 19.7 rpm PAT

Similar to the workout in the 18.2 rpm PAT, the basic model and
the routine are independently implemented for the 19.7 rpm PAT
and the comparative studies are carried out Figs. 9 and 10, respec-
tively. Once again the predictions from the optimization routine
have shown an improvement over the basic model’s predictions.
It can be seen from both Figs. 9 and 10 that the predictions in
the part-load region have improved considerably. At the full load
point the percentage deviation of head number has reduced from
—4.2% for the basic model to —3.0% for the routine, which can be
seen as positive result of the optimization routine.

5.1.3. Results for the 44.7 rpm PAT

Again the model and the routine are implemented separately
and the overall comparisons for the 44.7 rpm PAT are presented
in Figs. 11 and 12. It can be seen from the comparison of the
¢ curves in Fig. 11 that towards the full load region, the optimi-
zation routine curve gets closer and merges with the actual field
curve. However, in the no-load and part-load region the deviations
of the optimization routine are higher compared to the deviations
of basic prediction model. Nevertheless, at the full load point (at ¢
=0.203) the deviation with the basic model is +1.7% compared to
+1.5% with the routine, which is a small improvement. This result
reflects on the goodness and completeness of the basic prediction
model, at least in the medium specific speed range.

5.1.4. Discussion on the prediction model control

It has been seen for the lower specific speed PATs (18.2 rpm and
19.7 rpm) that the predictions of optimization routine are more
accurate and closer to reality compared to that of the basic PAT
model. As for the medium specific speed PAT (44.7 rpm), the errors
using the basic model were already below +2% and hence a major
improvement with the routine could not be expected.

On the whole, the errors of head number at the maximum load
point for all the PATs fall within the acceptance criterion of +4%.

14

12 optimization routine—7‘
10 fullloqd;oim é— ic prediti
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Fig. 9. Model and actual y/-¢ curves for the 19.7 rpm PAT.
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Fig. 12. Deviation of head numbers for the 44.7 rpm PAT.

These results have clearly indicated that by including the test data
of more PAT shapes within the Cordier diagram, the accuracy of
prediction eventually improves and thus validates the purpose of
optimization routine.

However, the no-load point predictions are outside the accep-
tance criteria (+4%) using both the basic model and the optimiza-
tion routine. This is definitely a limitation, especially when the
assessment of the runaway condition has to be carried out during
the system design phase of the PAT.

5.2. Selection model control

The comparison of the results of the selection model for a given
input condition, using both the basic model and optimization rou-
tine, is summarized in Table 1. The results are obtained by following
the steps illustrated in Appendix A.4 and equations in Appendix A.5.

It is clearly evident that the proposed pump shape and size
(range of diameters) using the basic model and the routine is not
very different and will essentially lead to identical pump selection
from the manufacturer’s catalogue. However, for the evaluation of
the given pump’s ability to meet the utilization criterion of the in-
put conditions of head and flow, the prediction model would have
to be used (as articulated in the detailed flow chart of the selection
model in Appendix A.4).

In addition, the prediction model comes into use when the
selection model gives multiple pumps options. In these circum-
stances, the optimization routine is recommended because of the
improved results of prediction as seen in Section 5.1.

6. Conclusions and recommendations

The foremost conclusion drawn from the results of the optimiza-
tion routine for turbine operation of centrifugal pumps is that the
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Table 1
Comparison of the results of the basic selection model and the optimization routine.
Input conditions Model type Pump shape Pump size
th (l‘pl‘l‘l) g qu (l‘pl‘l‘l) n Am Ay DI (m) Dm (m) Du (m)
H=60m, Q=451/s, N=3000rpm  Basic PAT model (9 PATs) 29.5 0.187 347 4127 4300 4471 0.169 0.176 0.183
Optimization routine (13 PATs)  29.5 0.187 348 4118 4.289 4459 0.168 0.175 0.182

approach of incorporating performance data of more pump shapes
within the basic model is reasonably fulfilling the goal of improving
the reliability and accuracy of prediction. Further, these results val-
idate the core philosophy of the model developed around experi-
mental findings and the principles of applied turbomachinery, i.e.
the specific speed-specific diameter or Cordier charts.

The prediction errors of the head number at the maximum load
point using the optimization routine concept for the 3 tested PATs
have considerably reduced, especially for the lower specific speed
PATs. While for the 18.2 rpm PAT the errors have fallen from
6.2% to 2.6%, it has dropped from 4.2% to about 2.7% for the
19.7 rpm PAT. For the 44.7 rpm PAT, the extent of errors lies within
+2% bands. Based on these results, it could be proposed that the
acceptance criteria be reduced further to #2% in order to make
the model more stringent.

However, the errors in the no-load region are still substantial (in
therange of £10-20%) even though they have improved for the lower
specific speed pumps, which could still be viewed as an inadequacy.

The experimental means along with established theory of ap-
plied turbomachinery (comprising of plots of specific speed and
specific diameter) has been a success. This approach also has re-
sulted in the economic feature of the optimization routine, in
which the only required input parameters for predicting the com-
plete turbine characteristics are the pump specific speed and outer
impeller diameter, and for the selecting a pump, the required
parameters are the turbine head and flow conditions.

Further, the ‘Hermite spline’ curve fitting approach of plotting
the complete y-¢ and #-¢ characteristics of the PAT has proved
to be relatively simple to apply and very effective as well. In short,
the optimization routine has reasonably succeeded in achieving
the set objectives of improving the reliability, robustness and accu-
racy of the previous prediction and selection models for centrifugal
pumps as turbines.

The above conclusions lead to some important recommenda-
tions. Firstly, in pursuit of greater accuracy, it is advised that a
methodological approach be employed for using the optimization

Appendix A
A.1. Experimental data for 13 model PATs

routine in field projects and collecting accurate operational data.
Special emphasis needs to be given to the accurate predictions in
the no-load operating region of the PATs.

Secondly, it has to be pointed out that the validation studies of
this paper have been restricted to the comparison of only the y/-¢
characteristics and not the n-¢ characteristics, since the tested
PATs were in field conditions where the shaft power and the turbine
efficiency could not be accurately measured. Hence, it is recom-
mended to validate the efficiency characteristics on a calibrated test
rig, for realizing the complete value of the optimization routine.

Whether it is field or laboratory data, the inclusion of ‘accurate’
turbine characteristics of different pumps shapes into the basic
model will continually improve the model’s performance. This con-
tinual alleviation is the essence of the philosophy behind the initia-
tive of making PAT technology a resounding success at the
application level. Hence, it has to be duly stressed that the pro-
posed optimization routine may not be the final version and there
should always be a pursuit of excellence.
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Sr.no. Pump mode BEP (absolute and dimensionless) Turbine mode BEP (dimensionless) Comparisons
Hp(m) Qy(l/s) Np(rpm) D;(mm) Ngp (rpm) ¢p Wp Np (%)  Ngc (tpm) ¢ Y (%) ¢ddp VelVp
Data of 9 PATs from author used in the basic prediction model
1 14.5 10.8 1500 225 21.0 0.038 4.496 77.0 18.5 0.070 8.000 725 1.85 1.78
2 21.5 26.5 1500 258 24.5 0.062 5.070 78.0 18.6 0.117 11.170 76.5 1.90 220
3 12.8 25.4 1500 206 353 0.116 4.734 785 28.1 0.151 7.640 81.0 130 1.61
4 8.38 153 1450 174 36.4 0.120 4.650 744 30.1 0.185 8.000 715 1.54 1.72
5 19.8 65.9 1450 264 39.7 0.148 4.772 85.0 35.7 0.200 6.700 835 135 1.40
6 10.5 33.0 1450 200 45.2 0.171 4.409 80.0 411 0.235 6.180 79.5 1.38 1.40
7 5.6 135 1450 139 46.4 0.208 4.850 76.0 38.1 0.275 7.600 76.0 132 157
8 6.4 28.9 1450 165 61.3 0.266 3.949 72.0 57.6 0414 5.748 743 156 146
9 10.6 103.0 1450 224 79.1 0.379 3.555 84.0 70.0 0.480 4900 755 127 138
Additional data from Derakshan and Nourbakhsh [2] used in the optimization routine
1[2] 17.8 8.0 1450 250 14.6 0.021 4.780 65.0 10.9 0.033 9.800 64.0 1.56 2.05
2 [2] 20.4 23.7 1450 250 23.0 0.063 5.487 76.0 17.8 0.100 10.700 73.0 1.59 1.95
3[2] 18.1 57.2 1450 250 37.6 0.151 4.855 86.5 31.9 0.224 8.400 74.0 1.48 1.73
4[2] 17.5 107.0 1450 250 55.6 0.283 4.701 87.0 47.5 0.323 6.300 78.0 114 134
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A.2. Experimental test facility

See Figs. A1 and A2.

A.3. Conversion equations

2¢H 2 gH 2
Head number, y, = WS ﬁl// (A1)
Discharge number, ¢, = Q 409 4 ¢ (A2)

nD*u T nD® W

112 #12
Turbine specific speed, ¢ = ¢§/4 =2Vin P St (A3)
c t

174 g2 W:M

e oyt

Specific diameter, 4 = o7 = W
c

(Ad)

The relationship between the Cordiere and Ny(SI) is given by, ¢

VA p1/2 NQ”Z

-3
—W H3/4 =6.3383 x 10 th

(A5)

N,, —45.2rpm N,, —46.4rpm

A.4. Flow chart of the selection model

Fig. A3 describes the finer aspects of selection model stage of
the comprehensive PAT model introduced in Fig. 1 (Section 2.2).
Similar to the prediction model, the selection of an optimum pump
for a given site (with head and flow) is also guided by the mean
Cordier PAT line (in Fig. 3). The fixed input parameters namely
the head and flow are used along with the turbine speed, which
is the control parameter, to determine the turbine mode specific
speed (Ng:) and o (given by Eq. (A5)). The control parameter is
the designer choice and can take values to suit the best operating
region along the Cordier line and also the available pump shapes
with the manufacturer.

The turbine mode specific speed (Ng,) leads to the pump mode
specific speed (Ngp) using the experimental relationship between
them, given by equations in Appendix A.5 and defines the shape
of required pump. The intersection of the constant ¢ line with
the Cordier lines gives a range of specific diameters, which can
be translated to absolute diameters using relations in Appendix
A.3. The final output parameters of the selection model are the
pump mode specific speed, which represents the pump shape
and the range of impeller diameters, which represents the pump
size. The choice of pumps will be solely guided by these two
parameters. Manufacturer’s catalogue are referred at this stage

L — 79.1rpm

Fig. A2. Hydraulics of the tested radial pump impellers.
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Fig. A3. Flow chart for the PAT selection model.

and it has to be emphasized that there could be a possibility, that
more than one pump could be suitable for the same site, but with a
different shape.

The selection of these pumps does not mean that they would be
the automatic and the final choice for the site. The selected pump
has to pass the test of acceptance where the actual operating point
(obtained after using the prediction model) is compared to the field
point. When there is more than one pump involved, a similar eval-
uation needs to be done and other factors like mechanical charac-
teristics need to be counterweighed before the final choice of the
pump is made.

A.4.1. Application of selection model using optimization routine

The selection model is implemented on the example sited in
Section 5.2 for a site with a net head of 60 m and discharge of
451/s. The turbine speed proposed for these site conditions is
3000 rpm.

Nge: From definition, Ny = = ‘/_ 30020‘/W 29.5 rpm

Nip: From Eq. (2), Nep— (No+392)/0.94 — (29.5 +3.12);
0.94 — 34.8 rpm

g: From Eq. (A5),
(29.5) = 0.187

0 =6.3383x107°-N, = 6.3383 x 10>

An:  From  Eq. (1), 0=(1.136)-471%° 4, =(0.187/
1.136)"/19 — 4 289

Dn: Simplifying Eq. (Ad), Dn = (2%%/(n'? g'/4)) 407 =
(0.536) - 42820045 — 0.175 m

From Fig. 5 (Section 3.4.1), the R, is found to be +0.056 and
using Eq. (1), 4,=4.118 and 4, = 4.459. These specific diameters
are converted to absolute diameters for the same head and flow
using the Eq. (A4), which specifies D, as 0.168 m and D, as
0.182 m. The range of diameter (0.168-0.183 m) and the approxi-
mate pump specific speed (34.8 rpm) are used to select a pump
from the manufacturers catalogues.

Table A1
Summary of the governing equations for simulation.

A.5. Comparison of model equations for basic prediction model
and optimization routine

The governing equations for simulation are summarized in
Table A1, whose origin comes from experimental tests on corre-
sponding PATs. The detailed methodology of developing the specific
speed equation, mean Cordier PAT line and the no-load points has
been discussed in Section 3.4 for the optimization routine, which
uses data of 13 PATs. In the similar way, the governing equations
for the basic prediction model based on 9 PAT data are also
developed.

A.6. Hermite spline interpolation

The Hermite spline interpolation is a technique that fits a three
degree polynomial for a function or curve that already has two
fixed points and slopes at these two points. The theory of this inter-
polation technique has been dealt in detail in Boor [12]. This sec-
tion briefly summarizes the methodology and also presents the
complete set of equations for the 3 field tested PATs for both the
basic prediction model and the optimization routine.

This interpolation technique introduces a parameter ‘h’ that de-
fines the range between no-load and BEP on the discharge number
scale (Eq. (A6)) and a parameter ‘x’ that signifies the incremental
value on the abscissa scale (Eq. (A7)). A dimensionless parameter
‘t' given by Eq. (A8) defines the relative position of the discharge
number on the abscissa scale. It can take a value between 0 and
1. For conditions beyond the BEP, the parameters ‘t’ takes a value
beyond 1

h = ¢gep — dui (AB)
X = ¢ + incremental value still BEP (A7)
t=(Xx-ou)/h (A8)

The interpolation technique further defines four Hermite basis
functions or polynomials in terms of the position parameter ‘t’,
which are given by

Governing equation

Optimization routine (13 PATs)

Basic prediction model (9 PATs)

Specific speed equation Ngt =
0 =1.1364""1%%
¢ =083 g5
Yo =139 ¢, 034

1

2 Mean Cordier PAT Line

3 No-load discharge number
4 No-load head number

0.94-Ngp —3.12 Ngt =0.94-Ngy —3.2
0 =12254"12%8
¢ =1.19. 0173

Y =135 0%




P. Singh, F. Nestmann /Experimental Thermal and Fluid Science 34 (2010) 152-164 161

hop=2 -3 -3.2+1 (A9)
ho=t3-2-2+t (A10)
hoy = -2 -3 4+3. 2 (A11)
hy=t3—¢ (A12)

The required polynomial for the head number is represented by
Eq. (A13), whichis function of the parameter ‘t’. Since, the parameter
‘t’ is essentially a function of discharge number (as seen in Eq. (A8)),
the polynomial can be represented in terms of discharge number
W =Y hoo + Sni - Mo - b+ Ygep - ot + Seep - a1 - h (A13)

The head number-discharge number equation for any PAT can be

A.6.1. Hermite spline polynomial for the optimization routine

The slope at the no-load point for the 13 PAT data was found to
be constant at 10 but the slope at BEP is a function of specific speed
and given by

log (Ssep/N;, ) = 0.001246 - N, — 0.2075 - Nyp +2.901
See Table A2.

(A14)

A.6.2. Hermite spline polynomials for basic prediction model

For the basic prediction model data with 9 PATs, the slope at no-
load for all the 9 PATs is also found to be constant at 10, while the
slope at BEP is given by

formed.from Eq. (A13) prov1.ded the no-load pomt, the BEP and log <SBEP/N§I,) —0.001234 - N;p —0.2071-Ng, +2.9 (A15)
respective slopes at these points are known with the help of any
calculation program. See Table A3.
Table A2
Summary of Hermite spline data for the optimization routine.
Sr. no. PAT (rpm) In (Sgep/NZ,) = (0y[3¢)BEp = Spep (0Y[¢)n1 = Sl Pnl PBep Yl Veep
1 18.2 —0.46 208.5 10 0.021 0.057 5.21 10.24
2 19.7 —-0.70 192.1 10 0.025 0.066 4.96 9.87
3 447 —3.88 411 10 0.100 0.246 3.06 6.90
Table A3
Summary of Hermite spline data for the basic prediction model.
Sr. no. PAT (rpm) In (Sgep/NZ,) = (0Y[5¢)BEp = SeEp (0 [5¢)n1 = Sal $ni PBep Vni Wep
1 18.2 —0.46 209.0 10 0.019 0.061 5.25 10.66
2 19.7 -0.70 192.5 10 0.021 0.069 5.06 10.22
3 447 -3.89 40.8 10 0.105 0.240 2.92 6.73
A.7. Dimensionless numbers used in Figs. 7-12
18.2 rpm PAT (Figs. 7 and 8) 19.7 rpm PAT (Figs. 9 and 10) 44.7 rpm PAT (Figs. 11 and 12)
Field Basic model Optimization Field Basic model Optimization Field Basic model Optimization
(Table A3) routine (Table A3) routine (Table A3) routine
(Table A2) (Table A2) (Table A2)
[ v 4 v [ v ¢ 12 [ v [ v [ v ¢ v [ v
0.026 4.57 0.0215 5.295 0.0215 5.215 0.0221 4.23 0.025 5.13 0.02 4.96 0.121 294 0.100 2.890 0.100 3.06
0.031 531 0.0250 5438  0.0250 5330 00245 478 0030 533 003 510 0136 321 0110 298 0110  3.17
0.033 5.97 0.0300 5.782 0.0300 5.693 0.0437 639 0.040 6.04 0.04 5.84 0.141 3,51 0.130 3.287 0.130 3.46
0.041 754 0.0400 6.909  0.0400 6988 00520 764 0050 714 005 710 0189 467 0150  3.711 0150  3.85
0.046 8.49 0.0500 8.509 0.0500 8.806 0.0555 8.27 0.057 8.14 0.06 8.22 0.195 4.97 0.170 4.243 0.170 433
0.046 8.49 0.0600 10.452 0.0600 10.865 0.0574 8.53 0.060 8.61 0.06 8.75 0.203 5.25 0.190 4.868 0.190 4.89
0.050 9.16 0.0675 12.055 0.0675 12.398 0.070 10.41 0.07 10.65 0210 5.571 0210 5.54
0.052 9.52 0.078 12.07 0.08 12.26 0.230 6.336 0.230 6.25
0.250 7.150 0.250 7.03
0.270 7.996 0.270 7.87
0.290 8.861 0.290 8.77
A.8. Experimental uncertainty in the basic model and the optimization routine
Sr. no. Ngp (rpm) b Y opl (%) Yy (%)
Data of 9 PATs used in the basic prediction model
1 21.0 0.033 9.80 +7.8 +1.8
2 24.5 0.117 1117 +6.6 +1.0
3 353 0.151 7.64 +7.0 +1.1
4 36.4 0.185 8.00 +2.2 +1.3
5 39.7 0.200 6.70 +1.5 +1.1
6 45.2 0.235 6.18 +4.6 +1.2
7 46.4 0.275 7.60 +2.5 +1.6
8 61.3 0.414 5.75 +2.2 +1.5
9 791 0.480 490 +1.4 +1.7
Additional data from Derakshan and Nourbakhsh [2]
1[2] 14.6 0.033 9.80 NA NA
2 (2] 23.0 0.070 8.00 NA NA
31[2] 37.6 0.100 10.70 NA NA
4[2] 55.6 0.117 1117 NA NA
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Fig. A4. The field experimental setup.

Table A4
Summary of uncertainty at BEP field tested PATs.
Sr. no. Ngp (rpm) P Iz opl$ (%) oYl (%)
1 18.2 0.052 9.517 16.5 +1.0
2 19.7 0.057 8.525 5.2 +1.2
3 44.7 0.203 5.246 +4.6 +3.0

A.9. Field setup

The field setup used to characterize the 3 PATs is illustrated in
Fig. A4. This setup measures only the total head, discharge and
electrical output power along with turbine speed. The uncertain-
ties of the discharge number and head number values are pre-
sented in Table A4 at the respective BEP of the PATs.

A.10. Application of the model for the 18.2 rpm PAT

The application of the model begins from the Cordier line inter-
section and establishment of mean specific diameter with its
uncertainty limits. The BEP comprising of the discharge number
and head number at these 3 specific diameters are then evaluated.
Similarly, the no-load points with its uncertainty limits are also
determined. Sample calculations for the optimization routine is
carried on Sections A.10.1-A.10.3.

The BEP and no-load predictions for the 18.2 rpm PAT are sum-
marized in Section A.10.4 for the optimization routine and in Sec-
tion A.10.5 for the basic prediction model. These points are plotted
on the consolidated PAT characteristics (Fig. 2) and curve fitting is
carried out using the Hermite spline interpolation (as described in
Section A.6) separately for the basic prediction model and the opti-
mization routine. The resulting curves are illustrated in Figs. A5
and A6, and the y/-¢ characteristics obtained from the basic model
and routine are compared with the field y/-¢ curves.

A.10.1. Cordier line intersection for optimization routine

Ng:: From Eq. (2), Ny =0.94 - (18.2) —3.12 = 13.92 rpm

o: From Eq. (A5), ¢ = 6.3383 x 10Ny, = 0.0882

Am: From Eq. (1), 0=(1.136)-47"%° 4, =
(0.0882/1.136) /139 — 7.868

A From Eq. (1) and Fig. 5,
(0.0882/(1.136 — 0.095)) /139 — 7 33)
Ay: From Eq. (1) and Fig. 5, R,=-0.095, 4, = (0.0882/
(1.136 4 0.095)) /139 — g 395

R,=+0.095 4 =

A.10.2. BEP discharge and head number at A, = 7.868

Yine: Corr;bining Am (Eq. (Agl)) and o, (Eq. (A3)), Y =
((2052,,,.0)) = <(20'5-(7.86g)-(0.0882))) =1024 ve w2
¢me: Combining A4,, (Eq. (A4)) and Yy ¢ = (71207*5./2;) _
<n05*10,24025>2 — 0057

2075.7.868

The same methodology is employed to get the discharge num-
bers and head numbers at the lower and upper specific diameter,
respectively at the same Cordier specific speed. The uncertainty
band for the discharge number obtained is the same that is pre-
sented in Fig. 5 (+13.2%, —10.8%).

A.10.3. Evaluation of no-load points

$nm: Using Eq. (4), ¢y, =0.83-0¢'51 =0.83.0.0882"°" ~

0.021

Wnlem: Using Eq. (5), Yu_m = 1.39 - ¢;2%* = 1.39.0.0217%** ~

5.21

Similarly, the lower and upper limits of the no-load points (¢
and ) are determined by considering the identical range of dis-
charge number as for the BEP discharge number (+13.2%, —10.8%).

A.10.4. Summary of the predictions with the optimization routine for 18.2 rpm PAT

Pump data Cordier PAT data No-load points PAT operating points
H=325m Cordier line Coefficients at Y-¢ line ¢y Yn  Y-¢ line (o, Y (¢, V)P
intersection different D
Q=29.21/s Am=7868 A,=7332 A4,=8395 Mean 0.021 5.21 Mean (0.021, 5.21) (0.057, 10.24)ggp
(+13.2%,
~10.8%)
N=1450rpm Ng=13.92 rpm oy 0.0882 0.0963 0.0814 Upper 0.019 5.81 Upper (0.019, 5.81) (0.051, 10.56)ggp
D=0.329 o =0.0882 Pme 0.057 0.065 0.051 Lower 0.024 4.63 Lower (0.024, 4.63) (0.065, 9.90)gep
(+13.2%,
-10.8%)
Ngp=182r1pm A4,,=7.868 1/ 10.24 9.90 10.56 nvalue 0% 74%
(+6.8%, —6.7%)
W, =5.043 A=17.332 bmildp 1.69 1.92 1.51
¢p=0.034 A,=8.395 YUmelYp 2.03 1.96 2.09
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A.10.5. Summary of predictions with the basic prediction model for 18.2 rpm PAT

163

Pump data Cordier PAT data No-load points PAT operating points
H=325m Cordier line Coefficients at different 4 Y-¢ Pn1 Y V-0 (¢ Yt (b, V)P
intersection line line
Q=2921/s An=7.696 A,=7224 A4,=8161 Mean 0.019 525 Mean (0.019, (0.061,
(+11.5%, 5.25) 10.66)
—9.5%)
N=1450rpm  Ng=13.94rpm oy 0.0884 0.0959 0.0820 Upper 0.017 5.83 Upper (0.017, (0.055,
5.83) 11.03)
D=0.329m o =0.0884 Dme 0.061 0.068 0.055 Lower  0.021 4.68 Lower  (0.021, (0.068,
(+11.5%, 4.68) 10.28)
—9.5%)
Ngp=182rpm A4,,=7.696 {1/ 10.66 10.28 11.03 n value 0% 74%
(+6.0%, —6.1%)
W, =5.043 A=7224 mildp 1.81 2.01 1.63
¢p=0.034 A, =8.161 Ymd 211 2.04 2.19
Yy
A.10.6. Construction of the dimensionless curves for 18.2 rpm PAT
90 1 18
80 mean M-¢ curve With 24.5rpm, 1] curve 16
]  uncertainty bands .- b
70 F 14
O\(: 60; 24.5rpm, ;12 &E
E,‘ 50 ] curve L1 D
g ] i ES
S 401 (e 2
= ] mean (y-0)gep linef =
W 5] 6
20 - - 4
10 ' mean (y -¢) , line 2
orr—————————_to
0.00 0.02 0.04 0.06 0.08 0.10 0.12 0.14 0.16
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The use of pumps as turbines in different applications has been gaining importance in the recent years,
but the subject of hydraulic optimization still remains an open research problem. One of these optimiza-
tion techniques that include rounding of the sharp edges at the impeller periphery (or turbine inlet) has
shown tendencies of performance enhancement.

In order to understand the effect of this hydraulic optimization, the paper introduces an analytical
model in the pump as turbine control volume and brings out the functionalities of the internal variables
classified under control variables consisting of the system loss coefficient and exit relative flow direction
and under dependent variables consisting of net tangential flow velocity, net head and efficiency.

The paper studies the effects of impeller rounding on a combination of radial flow and mixed flow
pumps as turbines using experimental data. The impeller rounding is seen to have positive impact on
the overall efficiency in different operating regions with an improvement in the range of 1-3%. The
behaviour of the two control variables have been elaborately studied in which it is found that the system
loss coefficient has reduced drastically due to rounding effects, while the extent of changes to the exit
relative flow direction seems to be limited in comparison. The reasons for changes to these control vari-
ables have been physically interpreted and attributed to the behaviour of the wake zone at the turbine
inlet and circulation within the impeller control volume.

The larger picture of impeller rounding has been discussed in comparison with performance prediction
models in pumps as turbines. The possible limitations of the analytical model as well as the test setup are
also presented. The paper concludes that the impeller rounding technique is very important for perfor-
mance optimization and recommends its application on all pump as turbine projects. It also recommends
the standardization of the rounding effects over wide range of pump shapes including axial pumps.

© 2010 Elsevier Inc. All rights reserved.

1. Introduction

1.1. Background

speeds 20-80 rpm. However, even this model requires continuous
verification and optimization.

While the prediction model for pumps as turbines will undergo
further development, there are other important issues that have to

Pumps as turbines have come a long way since its accidental
discovery by Thoma [1] for both energy recovery and decentralized
power generation. The focus of the pump companies as well as the
scientists has been to develop accurate prediction models for the
turbine operation of different designs of centrifugal pumps. De-
spite there being considerable work by various scientists as re-
ported by Williams [2], Amelio et al. [3] and Derakhshan and
Nourbakhsh [4], the accuracy of these models has remained a
question mark. Recently, Singh and Nestmann in [5] presented an
optimization model with accuracies within +3% for pump specific

Abbreviations: PAT, pump as turbine; BEP, best efficiency point.
* Corresponding author.
E-mail addresses: punit.singh@iwg.uka.de (P. Singh), nestmann@iwg.uka.de
(F. Nestmann).

0894-1777/$ - see front matter © 2010 Elsevier Inc. All rights reserved.
doi:10.1016/j.expthermflusci.2010.08.013

be dealt with. Singh [6] demonstrated various possibilities of mod-
ifying the pump geometry to improve the performance of a given
pump in turbine mode. The topic of hydraulic optimization is the
next stage of research activity in PATs and should be treated on
par with the topic of prediction model. The issue of hydraulic per-
formance optimization comes only after a convincing pump selec-
tion has been made for a given turbine application. Singh [6]
showed that off the different geometric modifications attempted,
the modification at the periphery of the impeller blades known
as impeller rounding was the most beneficial. This type of modifi-
cation was first carried out by Lueneberg and Nelson [7] and Cohrs
[8] on individual pumps and both reported an efficiency improve-
ment in the range of 1.5-2%. Singh [6] carried out inlet rounding on
eight different centrifugal pumps and presented a qualitative
understanding of impeller rounding effects with respect to the
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Nomenclature

Full scripts

discharge, m3[s

radius vector, m

torque, N m

tangential blade velocity, m/s
relative velocity, m/s

A flow area, m?

c absolute velocity, m/s

D outer impeller diameter, m

g acceleration due to gravity, m/s?
H head parameter, m

k loss coefficient, 1/m*

m mass flow rate, kg/s

N speed, rpm

N, specific speed, NQ'/?/H3# (N in rpm, H in m, Q in m>/s)
P power, kW

Q

r

T

u

w

Greek symbols

n efficiency, %

o absolute flow angle, °

B relative flow angle, °
Superscripts

* blade condition

Subscripts

1 impeller inlet (turbine mode)
2 impeller exit (turbine mode)
L losses

P pump mode

r radial direction

u tangential component

internal hydraulics. Derakhshan et al. [9] used a computer model to
study the effects of impeller rounding on a low specific speed
pump, but did not discuss the internal hydraulic effects.

The internal flow phenomena resulting from impeller rounding
is not clear despite the fact that it is pretty evident that this mod-
ification improves performance in the turbine mode. Further, accu-
rate understanding of these phenomena in a wide range of pump
shapes remains a bigger challenge, which involves the character-
ization of turbomachinery parameters like the Euler momentum,
impeller losses and different velocity vectors involved in the en-
ergy transfer. In addition, the relevance of inlet rounding should
also be studied in comparison with prediction errors of the PAT
operating line to give a holistic perspective to this modification
technique. The contemporary study of impeller rounding only re-
ports the change in performance in few pumps but falls short of
bringing out the accurate internal hydraulic behaviour and its rel-
evance to system issues like pump selection and performance
prediction.

1.2. Objectives and problem outline

The background of the stated problem leads to the following
objectives of the study.

(a) To develop a theoretical model based on turbomachine fun-
damentals with help of a zonal approach in a PAT control
volume and to identify the internal variables and their
behaviour.

(b) To experimentally study impeller rounding effects in a wide
range of PAT shapes and to accurately characterize these
effects with respect to internal hydraulic variables over the
complete operating region of the PAT (part-load, BEP and
overload).

(¢) To study the relevance of impeller rounding compared to
system issues in pumps as turbines like selection and perfor-
mance prediction.

2. The pump as turbine control volume

In order to develop a meaningful model for understanding the
internal hydraulic behaviour, the pump as turbine system can be
treated as control volume. Beginning from the spiral volute to
the draft tube entry, it is divided into five different zones as repre-
sented in Figs. 1 and 2. The hydraulics within these zones (both

stationary and rotary) is function of fluid flow condition, geometry
and frictional effects at the solid boundaries. But, there are more
complex mechanisms involved in these zones.

The hydraulics of the zones that could be subjected to change
due to impeller rounding are zone iii, zone iv and zone v. While
zone iii and zone v are transition zones, zone iv is the rotary zone
within the impeller. Hydraulic changes can take place with respect
to flow lines at zone iii and zone iv, particularly in the inlet flow
space of the zone iv. The changes in the transition zone iii and zone
v are associated with relative flow direction. The flow conditions in
these three zones due to impeller rounding would have to be
investigated using experimental studies.

3. Theoretical model for optimization studies

The theoretical model (mentioned in Section 1.2) involves the
development of a link between the external operating variables
on the PAT and the internal variables using fundamental hydraulic
and turbomachine laws. The model will be objected to identify the
internal variables that control the entire performance and how

Fig. 1. Flow zones in a radial flow PAT control volume-view 1.
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Fig. 2. Flow zones in a radial flow PAT control volume-view 2.

they influence the other variables, especially under circumstances
of geometric modification.

3.1. External variables in a PAT control volume

Analysis of turbomachinery performance is generally carried
out either on the basis of constant speed or on the basis of constant
head. Constant speed methodology will be used in this study to
understand the inter-relationships between the external variables
and the internal variables. The general functional relationship for
the external variables is represented in Eq. (1), where speed and
flow rate are the control variables while head, shaft power and effi-
ciency are the dependent variables.

H,P,n =f(N,Q) (1)

3.2. Internal variables in a PAT control volume and their behaviour

3.2.1. Functionality for all internal variables

3.2.1.1. Control variables. The two external control variables in Eq.
(1) are expanded to obtain the corresponding internal variables.
The discharge can be represented by the radial flow velocity com-
ponent at either the inlet or exit impeller area as shown in Eq. (2).
Focusing on the inlet impeller, which is undergoing change due to
impeller rounding, the internal variable of interest is the inlet ra-
dial velocity, c. It will be seen from Fig. 6 that the impeller round-
ing creates an increase in area, which implies that at constant
discharge condition, c,; has to proportionally decrease.

Q=cn-Aorcs-A (2)

The other control variable of Eq. (1) is speed, which can be re-
lated to the peripheral impeller speed at the inlet or exit and
respective diameter. The expansion of discharge and speed vari-
ables lead to two internal control variables namely, the radial flow
velocity and peripheral impeller velocity.

3.2.1.2. Dependent variables.

3.2.1.2.1. Shaft power. Shaft power is an external dependent vari-
able and can be represented by Euler momentum and the mass
flow rate considering negligible effects of disc friction and leakage
as reasoned out in [10] and shown in Eq. (3). The internal variables
obtained from shaft power variable are the net tangential flow
velocity and radial flow velocity is seen in Eq. (3).

Pshaft:m'(ACu'u):(,D‘A'Cr)'(ACu'u) (3)

Further, the expansion of the internal variable Ac,, as illustrated
in Egs. (4) and (5), shows that it is a function of radial flow velocity
(inlet or exit from Eq. (2)), inlet vortex angle, relative flow angle at

exit and peripheral velocity. This expansion in Eq. (4) can be ob-
tained from the velocity triangles at the inlet and exit of a PAT con-
trol volume shown in Fig. 3.

ACy =Cy1 — Cip =Cpp -tanoy + ¢ - tanf, — uy (4)

Acy = f(cr1, 01, fp, U) 5)

It can be shown that ¢;; and o are related and it is enough to
use one of these variables. This follows from the free vortex theory
(as discussed in Section 3.2.2.1), where c,; (represented by c,; and
o as seen in Eq. (4)) is a function of radius only and hence it would
be constant for both stages of optimization. After incorporating
these relations, the final functionality of Ac, (initially given by
Eq. (5)) reduces to the dependency on only one variable, i.e. the rel-
ative exit flow angle, at constant speed conditions, as shown in Eq.

(6).
Ac, = f(p,) at constant peripheral velocity, u (6)

3.2.1.2.2. Net head (gH). The next dependent variable according to
functionality in Eq. (1) to be analyzed is the net head, which can be
represented as the sum of Euler momentum and the losses within
all the five zones of the PAT control volume illustrated in Eq. (7). It
is convenient to represent the hydraulic losses as function of a sys-
tem loss coefficient (ksyseem) based on discharge. The system loss
coefficient includes loss mechanisms in the complete PAT control
volume (zone i to zone v as defined in Figs. 1 and 2). As seen in
Eq. (6), the net tangential flow velocity is a function of exit relative
flow angle, which results in the overall functionality of the net
head to be a function of exit relative flow angle and the system loss
coefficient (Eq. (8)).

gH=Ac, - u+g-H = Ac, - U+ Keystem - Q° (7)

gH = f(By, Ksystem) (8)

The above analysis brings about two internal dependent vari-
ables comprising on Ac, and gH and four internal control variables
that include ¢, ksystem, 4 and p,. These internal variables need to be
studied in more detail because they form the basis of analyzing the
effects of optimization.

3.2.2. Internal control variables

3.2.2.1. Radial flow velocity (or inlet vortex angle). As seen from Eq.
(2), radial flow velocity depends on the discharge and the flow area
under consideration. Since, the inlet area (in PAT mode) is under-
going modification due to impeller rounding, the inlet radial veloc-
ity will be analyzed as an internal control variable. The change to
the radial flow velocity component causes a change to the inlet
vortex angle as well. However, this change to both radial flow
velocity and inlet vortex angle will not have any impact on the tan-
gential flow velocity component (c,;) at the inlet, which is related
to only radius as seen from the free vortex condition in Eq. (9) and
will remain a constant for both stages of optimization. Hence, there
would be no influence of either of these parameters (c, or o;) on
the net tangential flow velocity and also on the net head (already
discussed in Eq. (6)).

¢y - T = constant for both stages of optimization 9)

However, as seen from the velocity triangles in Fig. 3, the
change to radial flow velocity could affect the relative flow entry
(B1) at the inlet, which could in turn have an influence on the
hydraulics in zone iii and zone iv.

3.2.2.2. System loss coefficient. This is an important variable that
will undergo transformation due to impeller rounding and would
take into consideration affects in zone iii, zone iv and probably
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Fig. 3. Typical velocity triangles in a radial flow PAT.

even in zone v. While the zone iv (impeller control volume) would
be the most significant region accounting for the transformation of
loss coefficient due to changes within the wake zone at turbine in-
let, the orientation of the relative flow direction (f; and f,) could
change hydraulics in zone iii and zone v respectively, and also
transform Keysrem. It has to be pointed out that ky.m is affecting
only the net head (gH) and not the Euler momentum factor (Ac,)
as seen from Egs. (6) and (8).

3.2.2.3. Exit relative flow angle. This variable can be influenced only
by the flow within the blade passages. Since, the inlet tangential
velocity (c,1) is held constant, any change to the shaft power (from
Eq. (4)) will be effected by a change to the exit relative flow angle.
Moreover, this variable influences both the net head (gH) and the
net tangential flow velocity (Ac,).

Amongst the three control variables, it will be useful to neglect
the radial flow velocity and to focus only on the system loss coef-
ficient and exit relative flow angle. Both these variables (ksystem and
B2) can be treated as mutually exclusive although there could be a
small influence of exit relative flow direction on the hydraulics in
zone v and hence, the system loss coefficient.

3.2.3. Internal dependent variables

Once, the behaviour of the internal control variables (Ksystem and
B2) due to the impeller rounding technique are characterized for a
given PAT shape, the relative influences of each of these variables
on both the dependent variables, net head and net tangential flow
velocity, can be studied. Another dependent variable of interest is
the efficiency, which will also be a function of both ksysem and ..

3.3. Summary of the theoretical model

The theoretical model (which is pre-requisite for understanding
hydraulic optimization) consists of developing functionalities for
the internal hydraulic variables based on the behaviour of external
variables. The model identifies two control variables (ksyster and f2)
and three dependent variables (gH, Ac,, 1) for the PAT control vol-
ume in order to understand the effects of impeller rounding.

4. Means of solution
4.1. Experimental test-rig

The experimental setup for characterizing both the non-modi-
fied and impeller rounding stages of the PAT consists of an open
loop hydraulic circuit with major components like feed pump, surge
tank, test bed, control valves and piping arrangement as shown in
Fig. 4. The instrumentation used for the external variables is sum-
marized in Table 1 along with the principle of measurement, range
and accuracy. Further, the experimental uncertainty of the tested
PAT stages at the BEP is discussed in Appendix A.3.

4.2. Test pumps

There are two categories of pumps analyzed for impeller round-
ing effects. The first category includes seven pumps studied by the
authors in [6] from which six pumps are radial backward vane
shapes covering a specific speed range of 20-80 rpm and one pump
is of mixed flow design (94.4 rpm). The shapes of the impellers of
these pumps are illustrated in Fig. 5. The second category includes
two pumps of low specific speed (radial flow designs) investigated
by Derakhshan et al. [9] of 23 rpm and Cohrs [8] of 24 rpm
respectively.

4.3. Extent of impeller rounding

The extent of rounding of the peripheral edges of the impeller is
shown in Fig. 6, which comprises of ‘bullet shaped’ rounding of the
blade edges in the front view and the shrouds in the side view. The
radii of rounding used is a function of the blade thickness and
shroud thickness respectively and is maintained constant for all
pumps tested by the authors. However, the exact degree of round-
ing of the two external impellers (Cohrs [8] and Derakhshan et al.
[9]) is not known.

4.4. Interpretation of data

The interpretation of the data consists of analyzing the change
in performance (both external and internal variables) at three
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Fig. 4. Experimental test-rig for PAT optimization.

(a) 8(Acy): The change of net tangential flow velocity can also be
represented by the change of Euler momentum &(Ac, - u),
since peripheral velocity u) is constant for both the stages.

Table 1
Instrumentation used in the test-rig and measurement uncertainties at full scale.

Variable Device Measurement principle Range Accuracy For the experimental stages, S(ACy - u) is obtained from Eq.
Inlet head Pressure  Inductive + wheatstone 0-2bar  #0.5% of (10). As seen from Eq. (6) for a given point of analysis, Ac,
(positive)  transducer  bridge full scale is function of the relative exit flow angle only, which means
Exit head. Pressure lnfluctive+ wheatstone 0-1bar  +1% of that any change to (Ac, - u) (or Acy) confirms that the effec-
(negative)  transducer bridge full scale . . R . K .
Discharge Magnetic  Faradays magnetic law  0-2001fs  +0.1% of tive direction of the exit relative flow velocity has been
flow full scale altered.
meter
Torque Torque Wheatstone bridge +100Nm  *0.1% of O(Acy - u) = [P/Miny rounding = P/ non-modified (10)
sensor full scale
Speed Speed Optical counts +1rpm (b) 8(gH): The change in net head is directly recorded from the
sensor experimental head-flow characteristics for the two stages.
It has been pointed that the net head is function of both
the loss coefficient and the relative flow angle at the exit
operating points covering the entire range of characteristics as seen in Eq. (8). Sensitivity analysis of Eq. (7) gives an indi-
including part-load, BEP and overload zones. The changes to the cation on how the two control variables (ksyserm and f,) are
following parameters will be investigated. affecting the net head.

Ngp-24.5rpm (radial flow) Ny, — 35.3rpm (radial flow) ~ Ngp— 36.4rpm (radial flow) N, , - 39.7rpm (radial flow)

N, ,-46.4rpm (radial flow) Ng,-79.1 rpm (radial flow) Ngy;-94.4 rpm (mixed flow)

Fig. 5. Experimental impellers under investigation.
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Fig. 6. Design of impeller rounding.

(c) (ksystem): The change in system loss coefficient can be
obtained from Eq. (11), which is a modified form of Eq. (7)

5(ksystem) = |(gH —ACy - u)/g . QZ'imp-rounding - ‘(gH
- ACu ) u)/g : QZ'non—modiﬁed (11)

(d) 8(B2): The change in relative flow angle can either be
obtained from a graphical construction of velocity triangles
or more accurately from the Eq. (12).

5(B2) = ‘ tan! ((ACU —Cu1 + u2)/CT2)limp—rmmding

- | tan~' ((ACU —Cn + uZ)/Crz)‘nan—modiﬁed (12)

5. Results and discussion
5.1. Overall impact of impeller rounding

The impact of impeller rounding at the three operating points
for all the pump shapes show a positive change in efficiency as
seen from the data provided in Appendix A.1 and efficiency rise
curves in Fig. 7. The efficiency pattern in the BEP region lies be-
tween +1% and +2% for specific speeds below 45 rpm. However,
for the higher specific speeds the efficiency rise seems to have re-
duced. In the part-load region the efficiency rise for few PATs
crosses the +2% mark, while most of the other PATs are within
+2%. In the overload region, the magnitude of efficiency rise is
about +2% for low specific speed PATs, while there is a decrease
(less than +1%) in the higher specific speed range.

5.2. Internal hydraulic analysis

5.2.1. Behaviour of internal variables in the BEP region

Fig. 8 shows the behaviour of all internal variables under the
influence of impeller rounding in the BEP region. It can be seen that
the drop in head (gH), an internal dependent variable is significant
(0% to —3%) in the pump specific speeds till 80 rpm indicating the
net head has decreased for all the impeller rounding stages. The
other dependent variable, Euler momentum 6(Ac, - u) is marginally
positive in the same range. However, for two PATs (39.7 rpm and
46.4 rpm) the Euler momentum has slightly decreased for the
impeller rounding stage. The control variable, system loss coeffi-
cient (ksysem) has demonstrated large reductions (—5% to —17%)
over the entire range of specific speeds, while the other control
variable relative flow angle (f,) has marginally increased for all
PATs except for 39.7 rpm and 46.4 rpm PATs. The resulting effi-
ciency rise is positive for all the specific speeds and the magnitude
lies between +1% and +2%.

5.2.2. Behaviour of internal variables in the part-load region

Within the part-load region, it can be seen from charts in Fig. 9
that the dependent variable quantity 6(gH) is negative with a mag-
nitude maintained nearly constant at —2% for all the pump shapes.

The other dependent variable §(Ac,-u) shows a significant
improvement in the lower specific speed and again in higher spe-
cific speed PATs. But, within the medium specific speed range the
increase of 5(Ac, - u) is not very significant. The peaks of 6(Ac, - u)
are related to three pump specific speeds (24 rpm, 36.4 rpm and
94.1 rpm). This efficiency pattern is a resultant of the behaviour
of these two variables, gH and Ac,, - u. As far as the control variables
are concerned, it can be seen that kgysem has decreased by a signif-
icant margin (—5% to —20%), while p, has shown marginal increase
for the low and high specific speed pumps.

5.2.3. Behaviour of internal variables in the overload region

The overload region similar to the part-load and BEP region
shows significant reductions of head over the entire specific
speed range baring the 79 rpm PAT as seen in Fig. 10. The depen-
dent parameter 5(Ac,-u) on the other hand does not follow a
pattern with reductions (negative value) reported in the two

8%
?
6%
/
£ 1
4% ? :
°\o (J z I ;
A /
= 1 \ /
T 2% A S
-7, N S _ 2 A
o -~ < - L2
0% $, Sh=r
20 40 60 80 100
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| — =< — partload ——8——bep — —A — overload
Fig. 7. Efficiency rise for all the operating points.
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Fig. 8. Behaviour of internal variables in the BEP region.
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Fig. 10. Behaviour of internal variables in the overload region.

external PATs (23 rpm and 24 rpm). However, for the same spe-
cific speeds in the BEP region, the change in Euler momentum
is positive (Fig. 8). This behaviour is not normal and needs to
be investigated. There is marginal drop of Euler momentum in
the overload region for the 46.4 rpm PAT, which is also seen in
the part-load and BEP regions. The control variable Kysem has
effectively decreased (—5% to —20%) for the impeller rounding
stage, while the other control variable B, is following the identical
trend of the Euler momentum variable.

5.3. Discussion of control variables

It is important to understand two aspects regarding the control
variables, Kystem and . The first aspect is to see how the two con-
trol variables are controlling the other dependent variables, dis-
cussed in Section 5.3.1 and the second aspect is to find out
reasons for the respective changes to these control variables, cov-
ered in Section 5.3.2.

5.3.1. Sensitivity analysis of the control variables

This section presents an understanding on how the changes to
the control variables Kkgy.m and fp, are relatively affecting the
behaviour of net head, Euler momentum and hence efficiency.
From the sensitivity analysis section of BEP region (Appendix
A.1.2) and Fig. 11, it can be seen that the decrease of ksyserm is caus-
ing a decrease to the net head significantly while small increase to
B2 is resulting in an increase of the net head for all the tested PATSs.
It has to be noted that even a small increase to f, is sufficient to
increase gH considerably. Only for one PAT with specific speed of
39.7 rpm, there is a decrease in j3, that causes net head to decrease
further. Since, the other dependent variable Ac, - u depends only
on f3,, all changes to it come from f$, and not from Kkys.m. Hence,
sensitivity analysis is not carried out for this parameter. The effi-
ciency is function of net head and Euler momentum, and hence it
also affected by Kkgysem and  (Section 3.2.3). In broad terms, the
decrease of ksysem and the increase of f$, is causing an increase in
n. It can also be seen from Fig. 11 and Appendix A.1.2 that the influ-
ence of Kysem 0N efficiency is more than that of f..

The relative influences of kgysem and S, on net head and effi-
ciency for the part-load and overload regions are shown in Figs.
12 and 13 (with the help of data points listed in Appendices
A.1.1 and A.1.3) respectively. These results show the stronger influ-
ence of Kysem in decreasing gH and increasing efficiency compared
to fa.

5.3.2. Changes to the control variables

The next important issue to be discussed is about the reasons
for changes to Ksyseem and f». To understand changes to ksyseem, the
front view and side view of the two impellers is shown in
Fig. 14.1, which analyzes the hydraulic situation at the inlet and
the exit for both the non-modified and impeller rounding stages
based on the actual results for the 35.3 rpm PAT. It can be seen that
the rounding of the blades results in a much smaller wake and a
reduction of losses in zone iv. Further, it can also be seen from
Fig. 14.2 that the rounding of shrouds further reduces wake region
and the corresponding (flow separation) losses as well. The influ-
ence of rounding of the outside shroud would decrease the exter-
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Fig. 11. Sensitivity analysis for gH and # at BEP.
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Fig. 13. Sensitivity analysis for gH and # in the overload region.

nal losses, which can be bracketed as the disc friction losses and re-
flects in the shaft power. The small change to the inlet flow direc-
tion (due to the theory in Section 3.2.2.1) could influence the losses
in the transition zone iii. All these changes to losses would result in
substantial changes to ky.em at a given flow rate. In total, it can be
concluded the decrease of Ksysiem is mainly due to decrease in losses
in zone iv with small influences from zone iii and zone v.

From Fig. 14.2, it can be seen that change in the direction of exit
relative flow angle (8,) can be related to the new situation of
hydraulics within the blade passages (under impeller rounding
modification) resulting from circulation effects. This increased cir-
culation is facilitating the increase of f», which is causing the de-

zone iii zone iii

zone iv

zone iv

==

severe wakes due to
sharp blades

from rounding

Front view of the impeller

reduced wakes

crease in exit swirl velocity (c,2) in all the PATs showing
increased power generation. It has to be pointed out that the
changes at the exit condition due to impeller rounding at the tur-
bine inlet is a significant hydraulic phenomenon. However, the
change in the exit relative flow direction can also influence the
losses in transition zone v, but this influence would be marginal.

5.4. Abnormal behaviour of 23 rpm and 24 rpm PAT curves
Closer inspection of the test results of the 23 rpm PAT [9] (from

Figs. 8-10 and Appendix A.1) show that within the part-load region
there is decrease in Euler momentum, but as the BEP condition is

Side view of the impeller
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Fig. 14.1. Physical understanding of impeller rounding effects at the inlet.
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Fig. 15. Physical understanding of the importance of impeller rounding and
accurate prediction.

reached the net momentum increases considerably and becomes
positive. Further, quite strangely this parameter again becomes
negative in the overload region. This behaviour of the Euler
momentum for the impeller rounding stage is certainly abnormal
given the seesaw changes. The behaviour of net head parameter
on the other hand shows decrease in the part-load region, no
change in the BEP region and a very significant drop in the overload
region. This complex trend of net head and Euler momentum
curves has not been seen in any of the other PATs tested by the
authors. This phenomenon cannot be interpreted from a hydraulic
perspective and in all probability could be associated with mea-
surement uncertainties.

The 24 rpm PAT [8], another external PAT, has also shown dis-
crepancy in the behaviour of the Euler momentum variable in
the BEP and overload region, but the trend of the net head variable
is largely similar to that of the tested PATs by the authors.

5.5. Larger picture of impeller rounding

To understand the larger picture of impeller rounding effects,
Fig. 15 is plotted that includes the PAT characteristics under non-
modified and impeller rounded condition along with the predicted

curves (based on model in [5]). It can be seen that non-modified
and impeller rounded characteristics are very close to each other
and the predicted curve is offset by a margin of over 3-4%. The pre-
dicted curve could have been more displaced from the actual
curves for some pump shapes (as discussed by Singh and Nest-
mann in [5]) depending on the prediction model selected. This dis-
cussion point leads to the interpretation that while inlet impeller
rounding for PAT operation is important from the perspectives of
hydraulic optimization, it is still significant to build accurate pre-
diction models for different pump shapes. It makes more sense
to have an accurate non-modified curve rather than a predicted
impeller rounded curve that is deviating from the real
characteristics.

5.6. Limitations of the theoretical model

It would be important to discuss the limitation of the analytical
model developed for this study, because many important conclu-
sions have been made based on it. Firstly, the free vortex condition
assumed in the spiral volute (zone i in Figs. 1 and 2) may not be
seen in reality. This could lead to an error in the direction of inlet
swirl and also the distribution of radial flow velocity could vary
along the inlet impeller width. The inlet swirl angle would then be-
come another control variable. Further, the assumption that all
changes to net Euler momentum are taking place at the exit only
could also be incorrect. This would then change the behaviour of
the control variables like exit relative flow angle and result in
new functionalities. However, since the impeller rounding study
is carried out mostly on radial turbomachines, the constancy of
angular momentum at the inlet is a reasonable assumption to be
made compared to that for axial flow turbomachines.

5.7. Limitations of the test-rig

5.7.1. Planning the experiment

As seen in Section 4.1, the instrumentation on the test-rig is
planned on the complete ‘PAT control volume’, which includes
the entire spiral volute and a section of the draft tube entrance.
It would make it a wiser analysis if the instrumentation were to
be planned only across the impeller control volume (zone iv) with
sensors mounted at the impeller inlet (zone iii) and impeller exit
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Table 2
Comparison of efficiency improvements and maximum uncertainty.
Sr. No. PAT (rpm) 4(n) (nmir) (%) A(n) (%)
1 24.5 +1.1 +0.6
2 353 +1.5 +1.0
3 36.4 +4.7 2.4
4 39.7 +0.9 +0.6
5 46.4 +1.4 +1.1
6 79.1 +0.1 +0.8
7 94.4 +0.9 1.2

(zone v) respectively. The data to be measured should include the
flow direction as well as the magnitude of velocity across the
respective flow areas. This setup would help in estimating the
accurate value of both the inlet vortex and exit swirl angle distri-
bution. The exit swirl angle would further help in accurately quan-
tifying the relative flow angle at exit and validate the experimental
findings about its influence on the performance.

5.7.2. Measurement accuracy

In order to compare the improvements obtained from impeller
rounding with the overall uncertainty of the measurements made
in the test-rig, Table 2 that summarizes the BEP information of
the PATs tested by the authors is presented. The maximum uncer-
tainty of the efficiency parameter is obtained from the analysis car-
ried out in Appendix A.3. It can be seen that the efficiency
improvement due to impeller rounding is larger than the maxi-
mum uncertainty for most of the PATs. However, the uncertainty
is in fact more than the improvement in efficiency for the
79.1 rpm and 94.4 rpm PATs. It can also be seen from Table A4 that
the variable net head contributes to the maximum uncertainty of
the efficiency parameter compared to other variables. It is, hence,
recommended to increase the sophistication and accuracy of mea-
suring the head variable especially in the low ranges (less than
10 m).

6. Conclusions and recommendations

The theoretical model developed specifically for the PAT optimi-
zation study under the background of some assumptions was very
useful in isolating the important internal hydraulic variables. Un-
der constant speed and free vortex condition, the model indicated
that the impeller loss coefficient and exit relative flow angle as the
primary control variables. The model also gave a common basis to
study the performance changes due to any geometric modification
on a PAT of any shape.

The effects of impeller rounding were experimentally deter-
mined on radial flow and mixed flow PATs. The application of the
model on the experimental results indicated that the system loss
coefficient that happens to be the chief control variable has consis-
tently decreased for all the impeller rounded PATs in all the three
operating regions (part-load, BEP and overload) and this effect was
primarily attributed to the improved hydraulics within zone iv (of
the impeller control volume) coming from reduced wakes at the
turbine inlet. This decrease contributed to drop of the net head
for the impeller rounding stage, but did not affect the net Euler
momentum or shaft power. On the other hand, the exit relative
flow angle (the second control variable) increased marginally for
most of the PATs, which could be directly linked to the changed
hydraulics (circulation effects) within the flow passages in the
impeller rounding stage. The increase of exit relative flow angle
caused an increase to the net Euler momentum and also increase
to the net head across the PAT. On the whole, the behaviour of
the two control variables due to impeller rounding modification
improved the efficiency for all PATs (within +2% band) in the

part-load, BEP and overload regions. Amongst the two, the system
loss coefficient was found to have a dominating influence com-
pared to that of the exit relative flow angle.

In a sharp contrast to the above behaviour, the results of the
two external PATs showed an abnormal behaviour of the Euler
momentum variable in different operating regions. This effect can-
not be explained through the theoretical model and could be
attributed to measurement uncertainties.

The impeller rounding optimization on the PATs is no doubt a
beneficial and important step recommended for all PAT applica-
tions, but it should also be seen from the perspectives of other
important topics of PAT research like performance prediction,
which also needs continuous optimization. The true benefits of
impeller rounding will be realized only with an accurate perfor-
mance prediction model.

The results of the impeller rounding study further helped in
evaluating the limitations of the model, which were directly linked
to the planning of the test-rig. This leads to the recommendation of
more sophisticated level of experimentation in determining the in-
let and exit flow characteristics. Further, improvements in the
accuracies of the instruments, especially for the determination of
net head parameter are desirable. Finally, it would be beneficial
to standardize (or create a benchmark) the internal hydraulic ef-
fects due to impeller rounding with respect to pump shapes using
more experimental data as well as computational models with a
focus on mixed flow and axial flow pumps as turbines that could
not be covered in the present study.

The objective of the present study pertained only to the turbine
operation of pumps, but there are some applications that involve
dual operation of same pump, like in pump storage plants. It is
highly recommended to extend the study of impeller rounding
on the pump performance following the same model approach
introduced in this paper.
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Appendix A. Appendix
A.1. Consolidated experimental data of impeller rounding

The consolidated data is presented separately for the part-load,
BEP and overload points. For each PAT, the changes (both absolute
and percentage scales) to the variables (gH, P, #, Ac, - u, 2 and ks
tem) from non-modified impeller stage to impeller rounding stage
are illustrated using the methodology discussed in Section 4.4.
The results of sensitivity analysis for the dependent variables gH
and efficiency with respect to control variables (Ksystem and f2)
are also presented.

A.1.1. Part-load comparisons
See Table Al.

A.1.2. BEP comparisons
See Table A2.

A.1.3. Overload comparisons
See Table A3.
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Fig. A1. Impeller rounding optimization for 35.3 rpm PAT at 1000 rpm.
Table A4
Experimental uncertainty at the BEP for all the tested PATs.
PAT (rpm) (nmir) Independent or control parameters Dependent parameters (change from non-modified to inlet rounded)
Speed Discharge Head Torque Efficiency
N(rpm) AN(rpm) AN/N(%) Q(l/s) AQ(l/s) AQ/Q(%) H(m) AH(m) AH/H(%) T(Nm) AT(Nm) AT/T(%) n(%) An/n(%)
24.5 800 +1 +0.1 26.8 +0.2 0.7 13.6 +0.1 +0.7 31.5 +0.1 +0.3 73.7 +0.8
13.5 +0.1 0.7 31.6 +0.1 0.3 748 +0.8
35.3 1000 +1 +0.1 22.0 +0.2 0.9 9.3 +0.1 +1.1 153 +0.1 +0.7 795 £1.2
9.2 +0.1 +1.1 153 +0.1 +0.7 81.0 1.3
36.4 1000 +1 0.1 8.3 +0.2 24 45 +0.1 2.2 2.3 +0.1 +4.3 66.4 13.6
4.4 +0.1 +2.3 24 +0.1 +4.1 711 +38
39.7 1000 +1 +0.1 61.3 +0.2 03 134 +0.1 +0.7 64.1 +0.1 +0.2 83.0 0.7
13.2 +0.1 +0.8 63.8 +£0.1 +0.2 839 0.7
46.4 1000 +1 +0.1 241 +0.2 0.8 6.7 +0.1 +1.5 11.2 £0.1 +0.9 740 +£14
6.6 +0.1 +1.5 11.2 +0.1 +0.9 754  £15
79.1 1000 +1 +0.1 89.9 +0.2 0.2 6.9 +0.1 +1.4 441 +0.1 +0.2 755 £1.1
6.9 +0.1 +1.4 44.2 +0.1 +0.2 75.6 *1.1
94.4 1000 +1 +0.1 87.6 +0.2 0.2 6.0 +0.1 +1.7 40.9 +0.1 +0.2 82.7 14
6.0 +0.1 +1.7 41.2 +0.1 +0.2 83.6 14

A.2. Typical plot of impeller rounding optimization

A typical plot showing the effects of impeller rounding optimi-
zation covering the complete operating characteristics is presented
in Fig. A1 for a 35.3rpm PAT at constant operating speed of
1000 rpm. The data for the part-load, BEP and overload points cor-
respond to that presented in Appendix A.1. The efficiency curve for
the impeller rounded PAT is much improved compared to the non-
modified impeller over the complete range. The head curves for
impeller rounded condition are seen to be significantly lower com-
pared to that of the non-modified PAT, while the power curves for
the two stages are nearly coinciding.

A.3. Experimental uncertainty

The overall uncertainty analysis is carried out using the single
sample study proposed by Moffat [11] and Kline [12] at the BEP
points of the different PAT stages and is summarized in Table A4.

References

[1] D. Thoma, Vorgaenge beim Ausfallen des Antriebes von Kreiselpumpen, vol. 4,
Mitt. Hyd. Inst. Tech. Hochschule, Muenchen, Germany, 1931. pp. 102-104.

[2] A.A. Williams, Pumps as Turbines used with Induction Generators for Stand-
alone Micro-hydroelectric Power Plants, PhD Thesis, Nottingham Trent
University, 1992, pp. 51-80, 88-91, 149-153.

[3] M. Amelio, S. Barbarelli, A one-dimensional numerical model for calculating
the efficiency of pumps as turbines for implementation in micro hydro power
plants, In: ASME 7th Biennial Conference on Engineering System Design and
Analysis, 2004, pp. 65-77.

[4] S. Derakhshan, A. Nourbakhsh, Experimental study of characteristic curves of
centrifugal pumps working as turbines in different specific speeds, Elsevier J.
Exp. Therm. Fluid Sci. 32 (2008) 800-807.

[5] P. Singh, F. Nestmann, An optimization routine on a prediction and selection
model for the turbine operation of centrifugal pumps, J. Exp. Therm. Fluid Sci.
34 (2010) 152-164.

[6] P. Singh, Optimization of the Internal Hydraulic and of System Design in
Pumps as Turbines with Field Implementation and Evaluation, PhD Thesis,
University of Karlsruhe, Germany, 2005.

[7] R. Lueneburg, R.M. Nelson, Hydraulic power recovery turbines, in: V.S.
Lobanoff et al. (Eds.), Centrifugal Pumps - Design and Application, second
ed., Gulf Publishing Company, 1992, pp. 246-282 (Chapter 14).

[8] D. Cohrs, Untersuchungen an einer mehrstufigen riickwartslaufenden
Kreiselpumpe im Turbinenbetrieb, Verlag und Bildarchiv, Faragallah, W.H.,
1997, pp. 8-41.

[9] S. Derakhshan, B. Mohammadi, A. Nourbakhsh, Efficiency improvement of
centrifugal reverse pumps, J. Fluids Eng. 131 (2009).

[10] P. Singh, F. Nestmann, Experimental optimization of a free vortex propeller
runner for micro hydro application, J. Exp. Therm. Fluid Sci. 33 (2009) 991-
1002.

[11] RJ. Moffat, Contributions to the theory of single-sample uncertainty analysis, ].
Fluids Eng. (1982) 250-260.

[12] SJ. Kline, The purposes of uncertainty analysis, J. Fluids Eng. (1985) 53-160.



Experimental Thermal and Fluid Science 33 (2009) 991-1002

journal homepage: www.elsevier.com/locate/etfs

Experimental Thermal and Fluid Science

Contents lists available at ScienceDirect

Experimental

hermal and
Fluid Science

Experimental optimization of a free vortex propeller runner for micro

hydro application

Punit Singh *, Franz Nestmann

Institute for Water and River Basin Management (IWG), University of Karlsruhe, Kaiser Str. 12, D 76128 Karlsruhe, Germany

ARTICLE INFO

ABSTRACT

Article history:

Received 22 February 2009

Received in revised form 29 April 2009
Accepted 30 April 2009

Keywords:

Micro hydro

Free vortex

Propeller runner
Geometric optimization
Exit tip angle

Inlet tip angle

The turbine technology for low head application in the micro hydro range has been vastly neglected
despite niche available in scattered regions of valley flows as well as in wastewater canals and other
energy recovery schemes, where the available head does not exceed 2 meters. The goal of this study is
to develop hydraulically optimized propeller turbines for the micro hydro range with a particular focus
on ease of manufacture.

This paper presents a wide range of geometrical optimization steps carried out on a propeller runner,
whose blades have been designed using the free vortex theory, and operating with a gross head from 1.5
to 2 m and discharge of approximately 75 I/s. It further illustrates 3 stages of geometrical modifications
carried out on the runner with an objective of optimizing the runner performance. These modifications
comprised of changes to the tip angles (both at the runner inlet and exit) as well as the hub angles (at
the runner inlet) of the runner blades.

The paper also presents an interesting theoretical methodology to analyze the effects of each optimi-
zation stage. This method looks at the relative changes to shaft power and discharge at constant head and
speed and gives wonderful insight as to how the internal parameters like Euler shaft work and runner
hydraulic losses are behaving with respect to each optimization stage.

It was found that the performance of the runner was very sensitive to changes to exit tip angle. At two
levels of modification, the discharge increased in the range of 15-30%, while shaft power increased in the
range of 12-45%, thus influencing the efficiency characteristics.

The results of the runner inlet tip modification were very interesting in that a very significant rise of
turbine efficiency was recorded from 55% to 74% at the best efficiency point, which was caused by a
reduced discharge consumption as well as a higher power generation.

It was also found that the optimization study on a propeller runner has reasonably validated the esti-
mates of the free vortex theory despite small deviations. The final runner configuration demonstrated a
maximum efficiency of 74% (+1.8%), which is very encouraging from the perspectives of micro hydro
application.

The paper concludes with recommendations of a series of optimization steps to increase the efficiency
of the runner. It also recommends the attempt of Computational Fluid Dynamics both as a validation and
optimization tool for future research on propeller runners.

© 2009 Elsevier Inc. All rights reserved.

1. Introduction

1.1. Background

was then taken over by host of other engineers, which has enabled
the modern axial flow hydro turbines to reach operating efficien-
cies of over 92-94%. However, their capacities range from few tens
to few hundreds of MWs.

Axial flow hydro turbines for low head application have come a
long way since Viktor Kaplan (as mentioned by Dixon [1]) obtained
a patent for it in 1912. Subsequently, the optimization of these
turbines both from the perspectives of performance and cavitation

Abbreviation: BEP, best efficiency point; PMG, permanent magnet generator.
* Corresponding author. Tel.: +49 721 608 2194; fax: +49 721 606 046.
E-mail addresses: punit.singh@iwg.uka.de (P. Singh), nestmann@iwg.uka.de
(F. Nestmann).

0894-1777/$ - see front matter © 2009 Elsevier Inc. All rights reserved.
doi:10.1016/j.expthermflusci.2009.04.007

In the recent years, axial flow turbines for small hydro in the
range of 500 KWs to few MWs has also attracted the interests of
industry and developers. However, for micro hydro in the range
of 150 W to few tens of KWs, the mainstream industry has been
insensitive, thus making it an open and exciting area of study.
The design and development of micro axial or propeller turbines
cannot be based on the methodology of exactly scaling down large
axial turbines due to both the economic and manufacturing
constraints, which gives a scope for a creative design work under
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Nomenclature

Full Scripts

c absolute velocity, m/s

d hub diameter, m

D tip diameter, m

g acceleration due to gravity, m/s?
h specific energy, kJ/kg

H head parameter, m

k loss coefficient, 1/m*

m mass flow rate, kg/s

N speed, rpm

P power, kW

Q discharge, 1/s or m®/s

r radius vector, m

T torque, Nm

u tangential blade velocity, m/s
v voltage, volts

w relative velocity, m/s

Greek symbols

n efficiency, %

p density, kg/m>

o absolute flow angle, degrees
B relative flow or blade angle, degrees
Subscripts

0 stagnation condition

1 guide vane exit

2 runner inlet

3 runner exit

dt draft tube

gv guide vane

h hub region

L losses

r radial direction

sv spiral volute

t tip region

u tangential component

X axial direction

challenging boundary conditions. Research work in micro propel-
lers has been scanty and carried out by few concerned individuals
and mainly focused for application in developing countries.

APRL [12], a group in Vietnam has marketed propeller turbines
between 200 W and 1000 W, but these have low operating efficien-
cies between 35% and 50%. The other contributors include Rao et al.
[7] who developed a 5 KW propeller with a maximum efficiency
67% and Soundranayagam [8] who designed a 40 KW propeller
runner for a canal drop application. More recently Demetriades
[6] developed a simpler propeller design for applications below
1 KW and later on his work was carried forward by Upadhyay
[9], who used numerical techniques to validate the experimental
findings of Demetriades and then proposed design optimization
on the guide vanes and the runner. Further to this Simpson and
Williams [10] used computational tools to design and implement
a 5 KW propeller turbine project with a head range of 3-4 m in
Peru and reported a field efficiency of 65%. Very recently Alexander
et al. [11] from New Zealand has attempted to standardize 4 pro-
peller runner models working in the head range of 3-9 m and gen-
erating power in the range of 1.5-3 KW on an experimental test rig
and has recorded peak efficiencies in the range of 68-74%.

As seen most the work in micro propeller turbines has been iso-
lated, which underlines a greater need for a concrete and holistic
effort to optimize them using both experimental and computa-
tional tools. Hence, the greater objective of the paper is to initiate
and inspire the development of hydraulically optimized propeller
runners for micro hydro application that can be easily manufac-
tured and installed in regions where the head drop is not more
than 2 m and population living in the vicinity is either deprived
or having unreliable grid power. Energy recovery could be another
area of application for propeller units across wastewater canals
and drinking water projects.

1.2. Technical objectives

1. To develop an optimum runner with peak efficiencies between
75% and 80%, operating with a gross head of 1.5-2 m and flow
rate of 60-75 1/s using the well-known free vortex theory.

2. To check the validity of the free-vortex theory on different sec-
tions of the blade using experimental techniques.

3. To experimentally study the internal hydraulic effects due to
geometrical changes at the inlet and exit blade profile of the

runner, enabling the optimization the overall performance of
the runner.

4. To recommend that particular runner design for future applica-
tion, which gives the highest efficiency and which is also easy
and economical to manufacture.

1.3. Problem statement

1.3.1. Problem 1: development of the runner

The above problem comprises of a full-fledged design procedure
to determine the shape of the runner blade profile starting from
the available boundary condition of head and flow (1.75 m and
751/s), which clearly point towards an axial flow turbine design.
Since the most popular design procedure for axial flow turbo-ma-
chines (whether a compressor or a turbine) is undoubtedly the free
vortex design, it should be considered for the runner development.
In order to determine the blade shape it is important to fix the
operating speed and the tip diameter of the runner, in addition
to the head and flow data. The blade shape comprises of determin-
ing the chord length, inlet and exit blade angles at all the radial
sections beginning from the hub to the tip. The number of blades
is another parameter that will need to be fixed.

1.3.2. Problem 2: validation of the free vortex theory

For validating the free vortex theory a basic runner design can
be manufactured which is deviating from the specifications of
the free vortex design. The runner design can then be altered in cal-
culated steps (i.e. change the inlet and exit blades at the tip and the
hub) towards the free vortex design specifications. The runner is
characterized on a experimental test-rig at every step of geometric
modification and the change in performance is recorded, which is
subsequently analyzed to check if the actual runner performance
is matching with that of the free vortex theory. The above problem
further comprises of investigating the limitations in the free vortex
design.

1.3.3. Problem 3: optimization of the internal hydraulics of the runner

This problem is a further refinement of Problem 2, where the
performance of the runner needs to be thoroughly studied under
these calculated geometric modifications (also referred to as opti-
mization stage). The objective of this study is to understand the
internal hydraulics with respect to three parameters namely, the
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Euler shaft work, the flow rate and the hydraulic losses within the
runner at given gross head and operating speed. A theoretical anal-
ysis model based on fundamental Euler turbine theory will be re-
quired for this. This study should be aimed on understanding
how geometry of the blade affects the individual performance
parameters and it should lead to the most optimum runner for
the given design condition.

2. Theory
2.1. Free vortex theory

Dixon [1], Saravanamuttoo et al. [2] and Hothersall [3] have
provided a consolidated overview of the free vortex theory used
in axial flow turbomachinery. Dixon [1] has discussed the practical
application and merits of this theory in the design of axial flow
compressors, gas turbines, steam turbines and traditional hydrau-
lic turbines (Kaplan turbines). Since, the propeller turbine also clas-
sifies in the category of incompressible axial flow turbines, it
makes more sense to use this popular theory. Even Alexander
[11] has used the free vortex theory for the design his propeller
runners.

The origins of free vortex law come essentially from the law of
conservation of angular momentum. The primary conditions like
irrotational flow and constant axial velocity need to be satisfied
for this law. Eq. (1) represents the final form of the free vortex law.

¢y - T = constant (1)

The free vortex law calls for maintaining the product of tangen-
tial flow velocity and the radius vector constant all along the inlet
region and the exit region of the blade as given by Eq. (2).

[Cu - Texit = Kexit (2)

The constants of Eq. (2) are not same in magnitude. In general
for an axial flow turbine the constant (Kj,¢) at the inlet depends
on the hydraulic (Euler) head to be realized on the shaft. In order
to maximize the energy transfer, the exit tangential velocity is ta-
ken as zero (i.e. cyexit = 0) all along the exit blade profile and hence
Kexir = 0. Further, the radius vector of the axial flow turbine in-
creases continuously from the hub to the tip, which causes the c,
component to decrease (Figs. 1.1 and 1.2). This causes fluid to enter
each radial section with a different swirl angle, o.. Moreover, since
every radial section has a different the tangential blade velocity (u),
the blade angle (or relative flow angle, B) should also change from
the hub to tip (refer to velocity triangles in Figs. 1.1 and 1.2 and
Table 1). The same holds true for the exit blade section despite
Cuexit = 0.

[Cu . T'] = Kinlet and

inlet

2.2. Runner design based on free vortex

The primary governing design or efficiency equation for a
turbine given by Eq. (3).

Fig. 1.1. Inlet and exit velocity triangles at the runner hub.

Fig. 1.2. Inlet and exit velocity triangles at the runner tip.

Euler head (hyd shaft head)
Gross head

_Acy-u
g ngoss

The runner design is developed for a gross head of 1.75 m and a
flow of 75 1/s. A moderate working hydraulic efficiency of 75% is as-
sumed and from Eq. (3) the Euler shaft head of 1.3 m is obtained,
which is used to determine the blade shape beginning from the
hub to the tip. Further, the runner tip diameter is taken as
200 mm and operating speed of 1000 rpm is fixed. Table 1 summa-
rizes inlet flow angles and blade angles (or relative flow angle) at
the inlet and exit of the blade from the hub (d/D = 0.3) to tip (d/
D =1). The ratio of the hub diameter to the tip diameter (d/D) is
taken to be 0.3. This is in contrast to Alexander [11], who has de-
signed his propellers with dj/D greater than 0.6. The runner is de-
signed with 5 blades and with a blade pitch to chord ratio between
0.8 and 1.2 at different radial sections. The plan of the runner is
illustrated in Fig. 2.

The choice of the hub to tip ratio and the number of blades
needs some explanation. Technically, both these parameters de-
pend on the specific speed of the turbine. However, a designer’s
freedom can also be exercised in choosing the values. The hub to
tip ratio was restricted to 0.3 as it was believed that this would in-
crease the flow area and reduces the flow velocity (axial compo-

3)

hyd —

Table 1
Relative and absolute flow angle along the blade.

Diameter ratio Absolute inlet flow Inlet blade angle,  Exit blade angle

d/D angle as (°) B2 (°) Bs (°)
03 59 -25 50
0.4 51 19 58
0.5 45 45 62
0.6 40 57 67
0.7 35 64 70
038 32 69 73
0.9 29 72 74
1.0 27 74 76

blade tip

runner hub

Fig. 2. Plan of the runner.
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nent) and there by the hydraulic losses to some extent. The choice
of number of blades largely depended on optimizing the blade
chord length and blade pitch. It was preferred to have larger num-
ber of shorter blades than fewer blades with longer chord length
for given runner outer diameter of 200 mm.

The influence of hub to tip ratio and number blades on the run-
ner performance is very important topic for future research of low
head micro hydro propellers. While large hydro have established
optimum relationship for them, micro hydro research also needs
to be developed on these standardizing methods.

2.3. Other turbine components

The other components include the open spiral volute and the
guide vane apparatus. The spiral volute creates a free vortex flow
combined with radial sink flow. This combination results in a uni-
form spiral shape with an approximate angle of 11° (or 79° in the
radial reference) as shown in Fig. 3 is selected, which is largely
based on the design of APRL [12]. For the given gross head of
1.75 m, the turbine is envisaged to work under a suction head of
1.3-1.4m and an inlet head with 0.3-0.4 m, which eliminates
the need of a closed spiral volute inlet. The volutes of other propel-
ler researchers ([6,9,10], and [11]) are closed type since their run-
ners operate at a higher inlet head.

A radial guide vane ring with 11 fixed vanes is used as seen in
Fig. 4. The chosen guide vane angle at the entry is 47°, while at
the exit it is 45°. However, it has to be investigated whether the
absolute flow angles generated by the present guide vane design
satisfies the free vortex requirement at the runner inlet (as de-
scribed in Table 1).

Periphery of
Guide vane inlet spiral volute

(transition zone)

430

Y
8900 W

703

273 370 N

©
O

12

\u‘/

11°

Fig. 3. Open spiral volute (dimensions in mm).

| | |
‘ section1 —| |
= guide vhne exit —
@%50

63‘60

@200

—
Guide vane
inlet

Guide vane

Guide vane
inlet

Fig. 4. Radial guide vane.

3. Means of solution
3.1. Experimental test-rig and procedure

The complete turbine assembly is illustrated in Fig. 5. The
experimental test-rig as shown in Figs. 6 and 7, is kept as simple

Permanent
Magnet
Generator
Flanged T coupling
Guard Unit
T Top Bearing
GuardPatg | | Housing
il [ Flanged hollow
Shaft shaft

Bottom Bearing
._Housing

o - Cover
KT A= Skirt Plate
Guide vane | 71
unit
Runner - ]

Fig. 5. Assembly of the propeller turbine.
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v 2
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T Feed pump )
o T Sump

Fig. 7. View of the spiral volute and propeller turbine unit.
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and as close as possible to the actual operating conditions in the
field. The hydraulic test-rig (Figs. 6 and 7) is designed to measure
only the hydraulic input power and the electrical output power
accurately. Since, the mechanical output shaft power at every load
point is required to evaluate the turbine efficiency, another test
setup as illustrated in Fig. 8 was constructed to accurately deter-
mine the generator performance (i.e. efficiency at different speeds
and load currents in Fig. 9). The variables, instrumentation and
associated uncertainties for both the setups are summarized in
Table 2.

Due to the fixed excitation of the permanent magnet generator,
it becomes very difficult to keep the operating speed constant at all
load points. Hence, the turbine is operated at constant gross head

Fig. 8. Electrical test-rig with driving motor, torque transducer and PMG.

100% 300
Efficiency Curves
80% + 240

=2

- 2
3 1200 r;;g;m §
c e mm
g 60% 400 fom 1 180 g
E 8
I.IsJ 800 rom E
® 40% 4 + 120 5
@ g
S <€— 1200 rom 3
o «€— 1000 rom

20% - Voltage Curves <€— 900 om 1 60
’ o €— 800 rom
0% T T T T T T 0
0 2 4 6 8 10 12 14
Load Current, Amps
Fig. 9. Characteristics of the permanent magnet generator.
Table 2

Summary of the instrumentation.

Sr. No. Variable Instrument Accuracy/uncertainty
Hydraulic test rig

1 Gross head Meter scale 5 mm
2 Discharge Magnetic flow meter 0.11/s
3 Speed Mechanical tachometer 1 rpm
4 Load voltage Voltmeter 0.5V

5 Load current Ammeter 0.1A
Electrical test rig

1 Speed Speed transducer 1rpm
2 Torque Torque transducer 0.1 Nm
3 Load voltage Voltmeter 0.1V
4 Load current Current meter 0.1A

at all load points (no-load to full load) and other parameters
(speed, flow, voltage and current) are measured. The mechanical
characteristics of the turbine is subsequently determined using
the electrical characteristics of the generator shown in Fig. 9,
where the generator efficiency is recorded at identical operating
points (speed and load current) as that obtained in the hydraulic
test-rig. Subsequently, the turbine shaft power is computed from
Eq. (13) using the respective generator efficiency and electrical
output power.

Graphical plots: it is well known from dimensional analyses
that for constant head characteristics, speed is used as the inde-
pendent control variable, while discharge, output power and tur-
bine efficiency is used as the dependent variables. To analyze the
results between any two optimization stages, the graphs of dis-
charge vs speed, output shaft power vs speed, and turbine effi-
ciency vs. speed are plotted from no-load to maximum load at a
constant gross head of 1.75 m.

3.2. Theory of analysis

As mentioned in Section 1 (Problem 3), one of the main objec-
tives of the propeller turbine research is to understand the compli-
cated internal hydraulics taking place within the runner as a result
of geometric modification. Singh [4] presented an interesting
methodology of analyzing the internal hydraulics in pumps oper-
ated as turbines that were subjected to geometric modifications
on the impeller and the stationary parts. This methodology was
based on constant speed analysis of turbine characteristics and
comprised of using the macroscopic parameters like net head, flow,
speed and power to ascertain the internal hydraulic loss phenom-
enon and the behaviour of the Euler shaft work, Ac,.u.

The case of propeller turbines is not different from ‘pumps as
turbines’. However, since the analysis of propellers has been car-
ried out at constant head, a new methodology will have to be
developed. This is done with respect to the behaviour of three
parameters namely shaft power, discharge and hydraulic efficiency
in the following sections.

3.2.1. Behaviour of output shaft power

From the fundamentals of energy transfer in turbines (steady
state flow equation and Euler turbine equation), the output
mechanical shaft power can be represented by Eq. (4).

Pmesh = m(ACu . ll) - PL—mesh — Mieak - AhO (4)

Pfleiderer and Petermann [5] have shown that the measured
turbine shaft power comprises of the Euler momentum change (gi-
ven by the velocity triangles at the inlet and exit) as well as the
mechanical losses comprising of disk, gland and bearing friction.
Pfleiderer and Petermann [5] further clarified that the Euler shaft
work (Ac,.u) would not account for any hydraulic losses within
the runner. This concept presented was further reinforced by Dixon
[1] and other turbine designers. Hence, it can be concluded that the
Euler shaft work (also called ideal hydraulic shaft work) would so-
lely represent the mechanical work quantity.

The change in mechanical power at constant speed between
two optimization stages will become a useful measure to obtain
clarity about the runner hydraulics. As seen from Eq. (4), the
change of shaft power can be grossly represented by two important
parameters,

(a) Euler’s specific shaft work, Ac,.u and,
(b) Mass flow rate, m (or discharge).

Under constant speed and assuming no effects of leakage and
mechanical losses, the change in shaft power can be represented
as in Eq. (5).
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dPpech =d[m - (Ac, -u)] =dm- (Acy - u) + m-u-dAc, - +mAc, - du
Further for constant speed du = 0,dPpech = (Ac, - u) -dm+m-u-dAcy,

(5)

Condition: increase in shaft power at constant gross head and speed
From Eq. (5), we can conclude the following conditions.

(i) Increase of mass flow rate at constant Ac, (or Ac,.u).
(ii) Increase in Ac, (or Ac,.u) at constant mass flow rate.
(iii) Small increase to both mass flow rate and Ac,,

The behaviour of mass flow rate (or discharge) can be separately
obtained from the ‘Discharge vs. Speed’ plots.

3.2.2. Behaviour of discharge and hydraulic losses

The gross head comprises of the Euler shaft work and the total
system losses comprising of the spiral volute, guide vane ring, run-
ner and draft tube zones and is given by Eq. (6), where ‘k’ is the
respective loss coefficient in different zones.

gngoss = ACu U+ HL—total = ACu -U+ (ktotal) : Q2
= ACu U+ (ksv + kgv + krunner + kdt) : QZ (6)

For constant gross head operating between any two optimiza-
tion stages and further with no hydraulic changes taking place
within the spiral volute, guide vane and draft tube (or constant
ksv, kgy and kg;), the differential form of Eq. (6) is reduced to Eq. (7).

d(gngoss) - d(krunner) : Q2 + d(AC,_, . U) = O,
hence d(krunner : QZ) =—u-dAcy (7)

Condition: characteristics of runner losses at constant gross
head and speed

From Eq. (7), if Ac, was to increase, then the hydraulic losses
should have to decrease, which can happen under the following
conditions.

(i) Decrease in runner loss coefficient at constant Q.
(ii) Decrease in Q at constant runner loss coefficient.
(iii) Decrease in both Q and runner loss coefficient.

(iv) Larger decrease in Q but a small increase in Kyynper.

The above analysis proves that there is deeper connection be-
tween the hydraulic losses and change in the Euler work for a con-
stant value of gross head and speed. With a known change of the
discharge variable, the behaviour of runner loss coefficient can be
estimated.

3.2.3. Behaviour of hydraulic efficiency
The hydraulic efficiency illustrated in Eq. (3) can be further rep-
resented by Eq. (8).
Mg = Acy-u Ac, - u
v Acy-u+Hy  Acy-u+ Keotal - Q2

8)

The hydraulic efficiency can be further related to the turbine
efficiency directly by Eq. (9)

nhyd = (nturbine)/(’/’leakage : nmech) (9)

For a constant value of leakage and mechanical losses, the pat-
tern of the behaviour of hydraulic efficiency and turbine efficiency
(determined using Eq. (15) after determining shaft power from Eq.
(13)) is identical or proportional. This can be represented by Eq.
(10).

Acu -u ~ Pmech (-10)
Acy - U+ ktotal . Q2 P Q . gngoss

Therefore, a change in the turbine efficiency at constant gross
head depends on the relative changes to the shaft power and the
discharge, which in turn depends on the Euler shaft work and
the hydraulic losses.

3.2.4. Summarizing the analytical model

The change in the magnitudes of shaft power and discharge at
constant head and speed will be analyzed in the vicinity of the best
efficiency point between the two stages of optimization. A percent-
age analysis will be carried out at this point for changes to the shaft
power, discharge and efficiency, which will be used to study the
behaviour of the Euler shaft work (in Section 3.2.1) and hydraulic
losses (in Section 3.2.2) respectively to get greater insights into
the hydraulic phenomena within the runner.

4. Results and discussion
4.1. Effect of exit tip angle

The effect of exit tip angle of the runner is studied at two differ-
ent stages. In the first stage the exit tip angle is changed from 85°
to 77°, while in the second stage the angle is further reduced to
74°. The hydraulic phenomena for these two stages of optimization
stages are independently studied. It is to be noted that the free vor-
tex design requirement specifies the exit tip angle to be 76° (Table
1).

4.1.1. Change of exit tip angle from 85° to 77°

Fig. 10 illustrates this modification on the runner. The condi-
tions at the runner inlet remain unchanged. The runner inlet tip
angle is 38°.

The performance characteristics have been compared in Figs.
11.1 and 11.2. It can be seen that the discharge curves (Fig. 11.1)
for modified exit tip have been completely transformed. At corre-
sponding speeds, the discharge consumption has increased sub-
stantially (20-30%), while the power curves show a remarkable
improvement (40-50%) for the modified stage. The comparison of
the efficiency curves (Fig. 11.2) clearly show that the efficiency
for the modified exit has increased in the range of 8-10% between
operating speeds of 850 rpm and 950 rpm.

Though the best efficiency point has not been reached for the
modified runner, the hydraulic analysis is carried out at a load
point defined at speed of 900 rpm in Table 3. It is clearly visible

\\ Inlet Runner Tip
N (section 2t)

AN
\\\
AN

AN

Tip blade profile \\?\

-

Exit Runner Tip
(section 3t)

Fig. 10. Exit tip modification (B5-85-77°).
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that there is a 45% increase in shaft power and a 26% increase in
discharge, while efficiency has increased by over 7%.

From the methodology presented in Section 3.2.1 and Eq. (5),
increase in power would either mean an increase to the mass flow
rate (discharge) or the Euler shaft work Ac,.u. As the discharge is
seen to increase, it would definitely assist in generating more shaft
power. From the percentage analysis, it can be seen that the dis-
charge has increased by 26%, but the shaft power has gone up by
45%, which means that in addition to the mass flow rate effects,
the Euler shaft work has also increased, which internally refers
to change in the velocity triangles (increase in the ¢, and c,
components).

It is now important to understand the behaviour of the runner
losses. It can be interpreted from the methodology in Section
3.2.2 and Eq. (7) that the increase in the Euler shaft work (at con-
stant gross head) would mean a decrease in runner losses given by
krunner.Q%. However, for the net runner losses to decrease despite an
increase in discharge of 26%, the runner loss coefficient should de-

Fig. 13.1. Comparison of discharge and power curves (B3-77-74°).
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Fig. 13.2. Comparison of efficiency curves (B3-77-74°).
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Table 4
Percentage analysis due to exit tip modification (77-74°) at 900 rpm.
Optimization stage Shaft power Discharge Efficiency

(watts) % change (lfs) % change (%) % change
Exit tip angle —77° 658 +13.7% 70.6 +12.2% 54.3% +0.7%
Exit tip angle —74° 748 79.2 55.0%

~——

Inlet Runner Tip
(section 2t)

Tip blade profile

u

Exit Runner Tip
(section 3t)

o

A%

Fig. 14.1. Inlet tip modification (B-38-65°).

Fig. 14.2. Picture of the runner with inlet edge modified.

4.1.2. Change of exit tip angle from 77° to 74°

This is the second level of understanding the effects of the exit
tip angle and is as illustrated in Fig. 12. The performance character-
istics are compared in Figs. 13.1 and 13.2, respectively. Similar to
the previous stage it can be seen that the shaft power as well as
the discharge curves for the 74° exit tip angle stage have risen
above their counterparts.

However, comparison of efficiency characteristics reveals that
the curves collapse into each other, which means that there is no
improvement in efficiency.

The percentage analysis in Table 4 shows that the shaft power
has increased by 13.7%, while the discharge has increased by
12.2% with no marked change in the efficiency. Analyzing from
the methodology presented in Section 3.2.1, the increase in shaft
power could come only from the rise in discharge (because the per-
centage rise of both shaft power and discharge is almost compara-
ble), which means that changes to the Euler shaft work Acy.u is
negligible. This would further imply that the runner losses
(Krunner-Q?) have remained unchanged (from conditions in Section
3.2.2). But, since the discharge has increased for the modified exit,

the runner loss coefficient should decrease to maintain the con-
stancy of the runner loss (from Eq. (7)).

Therefore, one can conclude from the above analysis that the
change of the exit tip angle from 77° to 74° has increased the dis-
charge and shaft power, but in absolute terms there in no increase
in efficiency. Further, the absolute hydraulic losses within the run-
ner and the Euler shaft work have remained grossly unchanged.

4.2. Effect of inlet tip and hub angle
This modification is illustrated in Figs. 14.1 and 14.2, which

comprises of a major alteration to the inlet tip angle (from 38° to
65°) and a minor change to the inlet hub angle from 30° to 55°.

\
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Fig. 15. Discarded and incorporated inlet hub before inlet modification.
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Fig. 16.1. Comparison of discharge and power curves (B,-38-65°).
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100% The free vortex design condition for the inlet tip is 74°, while for
90% 1 the inlet hub it specifies an angle of —25° (as seen in Table 1),
80% 1 which has been discarded and 30° was incorporated as the inlet

°\; 70% 3 9 hub angle prior to this modification. A relative flow angle at the in-
S 60% 1 o let hub takes peculiar orientation of —25°, which is obtained by
£ s0% 1 solving the free vortex design equations with constant axial veloc-
E 40% 1 ity and swirl free exit as explained in Section 2.1 and 2.2. The man-
E 300 o ufacture a blade profile at the hub with —25° having a large
= 20% ] E curvature was very complex and hence an inlet hub angle of 30°
10% | 5 was chosen thfat would resglt in.a smoothgr profile b‘etween.the ip-
0% ‘ S ‘ ‘ . lgt and the exit hub. The situation of the inlet hub is explained in

500 700 900 1100 1300 1500 Fig. 15. . o

Speed, rpm The comparison of the characteristics in Fig. 16.1 shows a sharp

‘ B iniet tip angie - 38 degrees 6 iniet fip angie - 65 degress | drop in the discharge consumption for the modified inlet stage

while the power has increased over the complete range of operat-
Fig. 16.2. Comparison of efficiency curves (B-38-65°). ing characteristics. Owing to both the increase in power and de-
crease in discharge the efficiency has increased by a very large
margin of 15-20% in the best efficiency region (Fig. 16.2).
The percentage analysis presented in Table 5 clearly demon-

Table 5 strates increase in power (by 8.3%) despite the fact that discharge
Percentage analysis due to inlet blade modification at 500 rpm. has decreased over 19%. From the conditions understood in Section
Optimization stage  Shaft power Discharge Efficiency 3.2.1, the only way for power to increase despite a drop in the dis-

charge (or mass flow rate) is by having a very large increase in the

(watts) % change (l/s) % change (%) % change
Euler shaft work.

ig:g gg 222}: :ggz Z?g +8.3% ég:; ~193% ggg +18.9% On the other hand a greater increase in Euler shaft work directly
means a correspondingly large drop in the runner losses (Eq. (7)).
The runner losses, given by kqunner-Q?, depend both on the square
of discharge and the loss coefficient (kyunner). Since, the discharge
has fallen by 19%, its square would decrease the losses by even a
Table 6

greater margin. Hence, it is very difficult to comment on the behav-

Comparison of the design and experimental runner at BEP. jour of the runner loss coefficient (Keuner) for the modified runner.

Runner N(rpm)  Hgross (m)  Q(lfs)  #nya (%) Nevertheless, it can be concluded that the inlet modification has
Free vortex design runner 900 1.42 67.5 75.0 decreased the discharge consumption and greatly increased the
Optimized experimental runner 900 1.75 63.9 73.9 Euler shaft work (rearranging the velocity triangles) and reduced

the runner losses.
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02h =70°
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Fig. 17. Comparison of velocity triangles at (a) the guide vane exit, (b) inlet runner tip and (c) inlet runner hub.



1000 P. Singh, F. Nestmann /Experimental Thermal and Fluid Science 33 (2009) 991-1002

4.3. Realizing the optimized free vortex runner

4.3.1. Comparison at BEP

The free vortex (or design) runner conceptualized to operate
with a gross head of 1.75 m and flow of 751/s (Section 2.2) at
1000 rpm needs to be compared with the results of the ultimate
optimization stage of the experimental runner. As studied in Sec-
tion 4.2, this optimization stage comprises of the modified inlet
with inlet tip angle of 65° and exit tip angle of 74°.

The operating point at BEP for the design and the experimental
runner is compared in Table 6. From the characteristics (Fig. 16.2)
of the optimized runner it is clear that the BEP point could not be
reached under experimental conditions. Hence, the comparison is
carried out at 900 rpm for both the design and the experimental
runner. It can be seen that the design runner would operate under
a lower gross head and at a higher discharge compared to that of
the experimental runner. While the design runner is at the BEP,
the experimental runner is nearing the BEP. If the experimental
runner were to reach its BEP the speed would fall below
900 rpm, but the deviations would still persist.

These deviations could be attributed to either the change in the
absolute flow conditions at the runner inlet (stationary frame) or
changes to the runner design (relative or rotary frame). Both these
aspects need to be considered separately.

4.3.2. Examining the flow conditions at runner inlet

Firstly, the flow conditions at the runner inlet need to be exam-
ined. Using principles of conservation of angular momentum and
continuity equation, it can be shown that for the given guide vane
exit angle of 45°, the swirl angle just ahead of the runner tip will be
40°. Further, from the free vortex law, swirl angle ahead of the run-
ner hub is 70°. Fig. 17 analyzes the velocity triangle at these 3
locations.

Table 7 summarizes the extent of deviation between the free
vortex and the optimized experimental runner. It can be seen that
the deviations at the tip is of the order of 13° and at the hub it is
about 11°, which will definitely cause changes to the inlet velocity
triangle and hence affect the generated Euler shaft work. In that, it
would result in an increase of c¢,; and also the Euler shaft work
(Acy.u) and Hgross (from Eq. (6)), which is evident from the compar-
isons in Table 6, where the gross head for the experimental runner
is greater than that for the design runner.

4.3.3. Examining the runner geometry

Secondly, the runner design itself is an issue here. The geomet-
rical angles at the tip and hub for the two runners are presented in
Table 8. It can be seen that the tip conditions of the experimental

Table 7
Comparison of the absolute flow conditions at the runner inlet.

Runner Absolute swirl angle (o) at runner
inlet
Tip (°) Hub (°)

Free vortex design runner 27 59

Optimized runner (with 45° guide vane angle) 40 70

Table 8

Comparison of the geometric conditions of the runners.

Runner Inlet blade profile Exit blade profile
Hub (°) Tip (°) Hub (°) Tip (°)

Free vortex design runner -25 74 50 76

Optimized experimental runner 50 65 55 74

runner seems to reasonably match with the free vortex design run-
ner. However, the inlet hub has been completely transformed for
the experimental runner, as the free vortex specification was not
practical to manufacture. These deviations in the runner geometry
could also be the cause of the mismatch of the operating points in
addition to the absolute flow deviations.

But, as far as the peak performance is concerned, the maximum
efficiency of 74% for the experimental runner is a very positive re-
sult and this particular runner can be treated both as a ‘near free
vortex’ and ‘optimized’ runner for micro hydro application.

5. Conclusion and recommendations

The test results of the optimization stages have demonstrated
considerable success in developing an optimum free vortex runner
under the given boundary conditions. The optimized experimental
runner delivered 810 watts of shaft power at 1.75 m and 900 rpm
consuming 64 1/s of water with a healthy operating efficiency of
73.9%. This performance is acceptable by any standards and this
runner is recommended for micro hydro application.

It was also found that operating point of final experimentally
optimized runner deviated slightly from the specifications of the
free vortex design, which could be attributed to a probable varia-
tion of the absolute flow angle at the entry to the runner (caused
by the selected exit guide vane angle of 45°) and a small variation
with respect to the runner geometry itself. However, the runner
design near the tip region closely resembled the free vortex design
runner. Despite the above deviations, the peak performances of the
both the free vortex and experimental runners were still compara-
ble, which in a way validates the free vortex design approach as a
starting point in the design of micro hydro propellers. Neverthe-
less, the results also open up an opportunity to contemplate other
design methodologies.

The most interesting conclusions of the experimental study
were with respect to the internal optimization of runner hydrau-
lics. The experimental study along with an innovative theoretical
methodology helped in understanding the internal hydraulic phe-
nomenon within the runner subjected to geometric modifications,
which comprised of studying the behaviour of the Euler shaft work,
discharge and runner hydraulic loss coefficient at constant values
of gross head and turbine speed.

The first stage of optimization comprised of the decreasing the
exit angle at the runner tip from a near flat (tangential) design con-
dition. This optimization was carried out at two levels. The first le-
vel was from 85° to 77° and the second level was from 77° to 74°. It
could be concluded that the exit tip angle modification brought
about an increase in the Euler shaft work (which means a rear-
rangement of the velocity triangles) and also an increase in the dis-
charge at constant operating gross head and speed. Further, this
optimization also gave a proof of an improvement in the runner
hydraulics with a decrease in the runner loss coefficient and in-
crease in the hydraulic efficiency.

The second stage optimization was with respect to the inlet tip
of the runner. This modification (change of inlet tip angle from 38°
to 65°) resulted in amazing hydraulic effects within the runner
with an efficiency rise of nearly 20%. It was concluded that this
optimization increased the Euler shaft work, decreased the runner
losses and also reduced the discharge consumption of the runner.
This modification gave the best runner performance with a maxi-
mum operating efficiency of 74%.

In addition to the above conclusions, this experimental optimi-
zation study leads to several interesting questions and hence, rec-
ommendations for further study.

Firstly, an optimized runner with a maximum efficiency of 74%
was nearly realized through a well-sketched experimental pro-
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gramme. However, this efficiency could still be improved to about
80% with more optimization steps. The present experimental run-
ner was largely based on the free vortex design with some devia-
tions. However, there still remain interesting questions regarding
the energy transfer of experimental runner that need to be inves-
tigated further in order to evolve an alternate and a more optimum
design. In addition, it would be worthwhile to study the feasibility
of other design approaches like constant blade reaction and zero
power blading designs.

Secondly, it is recommended to manufacture the runner accu-
rately as per the free vortex design specifications at least at the
tip (74° at inlet tip and 76° at inlet hub) and investigate if the dis-
charge of 75 1/s and efficiency of 75% can be realized at 1000 rpm
and gross head of 1.75 m. Another recommendation in this regard
is to build a turbine without the incorporation of guide vanes and
allow unhindered free vortex flows.

The influence of the number of blades and hub to tip ratio on
the runner performance is another very important aspect of future
experimental work with an objective to develop optimum design
standards for micro hydro application.

The effects of radial guide vane angle on the performance of
runner would be very interesting especially to evaluate the guide
vane angle that would generate inlet swirl flow as per free vortex
specification. This can be done by incorporating adjustable guide
vanes.

Finally, in the world of computational fluid dynamics it would
be very important to validate all the experimental results using
numerical tools. These tools could throw more light on the hydrau-
lic behaviour, which can be compared with the behaviour pre-
dicted by analytical model developed in this paper. Once, the
numerical tools are successful in validating all the experimental
findings, it could then be used more as optimization tool.

6. Uncertainty analysis

To get an overall picture of the experimental uncertainty, the
analysis is carried out at 3 levels for the maximum efficiency point
obtained after the inlet tip modification (Table 6). The first level is
that of the generator efficiency followed by the mechanical shaft
power and finally leading to the turbine efficiency. The uncertainty
of each variable comprises of both random and bias (fixed) errors.

6.1. Uncertainty in generator efficiency

The maximum uncertainties of the electrical parameters were
PRESENTED in Table 3. Given AV=0.1V, AI=0.1A, AT=0.1 nm
and AN =1rpm, and the BEP defined at 900 rpm and T = 8.6 nm,
with V=80V andI=6.9 A, a generator efficiency of 68% is obtained
using Eq. (11).

Mgen =V -1/(2-7-N-T)/60 (11)

The uncertainty in the generator efficiency is determined from
Eq. (12).

Algen/Ngen = [(AV/V)? + (AI/I)* + (AN/N)? + (AT/T)*)'?
=+1.9% (12)

6.2. Uncertainty in mechanical power

The mechanical shaft power on the turbine is determined from
the generator characteristics using Eq. (13) and is found to be 810
watts.

PmECh:V'I/ngen (13)

The relative uncertainty in mechanical power for the identical
point is given by Eq. (14), where the relative uncertainty of the
generator efficiency is +1.9% (Eq. (12))

APmech/Pmech = [(AV/V)Z + (AI/I)Z + (A'/Igen/rlgen)z}]/z
=+2.4% (14)

6.3. Uncertainty in turbine efficiency

The relative uncertainty of turbine efficiency is finally deter-
mined from the Eq. (15).

Neurbine = Pmecn/(p - Q - gH) (15)

For the turbine operating point as illustrated in Table 6
(H=1.75m, Q=63.91/s, N=900 rpm and Py =810 watts and
Neurbine = 73.9%), the relative uncertainty in turbine efficiency is
+2.4%, given by Eq. (16). The corresponding absolute uncertainty
will be +1.8%

ANee/ Meur = [(Apmech/Pmech)2 + (AQ/Q)2 + (AH/H)Z]U2 =+2.4%
Ay = 0.739 % 2.4% = £1.8% (16)
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A detailed experimental investigation of the effects of exit blade geometry on the part-load performance
of low-head, axial flow propeller turbines is presented. Even as these turbines find important applications
in small-scale energy generation using micro-hydro, the relationship between the layout of blade profile,
geometry and turbine performance continues to be poorly characterized.

The experimental results presented here help understand the relationship between exit tip angle, dis-
charge through the turbine, shaft power, and efficiency. The modification was implemented on two dif-
ferent propeller runners and it was found that the power and efficiency gains from decreasing the exit tip
angle could be explained by a theoretical model presented here based on classical theory of turboma-
chines. In particular, the focus is on the behaviour of internal parameters like the runner loss coefficient,
relative flow angle at exit, mean axial flow velocity and net tangential flow velocity.

The study concluded that the effects of exit tip modification were significant. The introspective discus-
sion on the theoretical model’s limitation and test facility suggests wider and continued experimentation
pertaining to the internal parameters like inlet vortex profile and exit swirl profile. It also recommends
thorough validation of the model and its improvement so that it can be made capable for accurate char-

Keywords:

Exit tip angle

Runner loss coefficient
Relative flow angle
Free vortex

Slip phenomena
Part-load

acterization of blade geometric effects.
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1. Introduction
1.1. Background

Research interests in axial flow or propeller turbines for power
outputs ranging from few hundred watts to few tens of KW has
been slowly picking pace especially in developing countries for
micro-hydro and energy recovery application. The activities have
been restricted mostly to the design and performance evaluation.

APRL [15], Rao et al. [1] and Soundranayagam and Suryanaraya-
nan [2] were amongst the early contributors. More recently,
Demetriades [3] and Upadhyay [4] worked on the design for a
1 KW unit and carried out the experimental and numerical studies
on it. Upadhyay [4] further suggested modifications to the blade
profiles and guide vanes for improved performance using compu-
tational results, but did not carryout experimental validation for
these modifications. Alexander et al. [6] brought out the designs

Abbreviations: BEP, best efficiency point; CFD, computational fluid dynamics;
PAT, pump as turbine.
* Corresponding author. Tel.: +49 721 608 2194; fax: +49 721 606 046.
E-mail addresses: punit.singh@iwg.uka.de (P. Singh), nestmann@iwg.uka.de
(F. Nestmann).

0894-1777/$ - see front matter © 2010 Elsevier Inc. All rights reserved.
doi:10.1016/j.expthermflusci.2010.01.009

of four different propeller units and attempted to standardize de-
signs, however did not report any model specific optimization to
these runners.

Simpson and Williams [5] attempted a field level optimization
that comprised of redesigning a runner with the same guide vane
design and mechanical setup in order to match the system bound-
ary conditions more accurately. He reported a considerable
improvement in performance, but did not analyze the hydraulic
phenomena with respect to the geometric changes. Further, he
did not specify the exact geometric changes carried out on the
blades.

Singh and Nestmann [7] carried out a series of optimization on a
particular runner, that included modifications to inlet and exit tip
of the blade profiles. They also developed a simple theoretical
model to analyze the hydraulic phenomena due to these geometric
modifications, which gave a qualitative study to the internal
hydraulic phenomena. But, their study falls short of quantifying
these internal hydraulic effects.

The need for detailed hydraulic analysis of internal parameters
with respect to the blade geometry is very important to under-
stand how each region (tip, hub, inlet or exit) of the blade’s geom-
etry influences the performance. This understanding will help in
optimizing the performance and will serve as a useful design tool
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Nomenclature

absolute velocity, m/s

local diameter, m

tip diameter, m

acceleration due to gravity, m/s?
head parameter, m

angle of incidence, °

current, A

loss coefficient, 1/m*

mass flow rate, kg/s

speed, rpm

power, kW

discharge, 1/s or m°/s

torque, Nm

tangential blade velocity, m/s
voltage, V

relative velocity, m/s

number of blades

NE<EHEUZIATTITNOAN

Greek symbols
n efficiency, %

density, kg/m>

absolute flow angle, ©
relative flow angle, °
pressure loss coefficient

IR R D

Superscript
* blade condition

Subscripts

guide vane exit
runner inlet
runner exit
draft tube exit
generator

hub region
mechanical

tip region
tangential direction
axial direction

X:"’ES‘QQ-&UJN»—*

for accurate system design, instead of relying on correlations. In
the larger picture, this should enable the realization of optimum
runners for different boundary conditions.

1.2. Objectives and problem outline

(1) To develop a general theoretical model, which determines
the functional relationships between different internal vari-
ables that govern loss mechanisms, momentum transfer,
incidence, deflection and other effects, using classical theory
of axial flow turbomachines.

(2) To fabricate runners with different exit blade designs and to
study the performance of these runners on an experimental
test-rig and use the theoretical model to comprehensively
understand the effects of different exit blade designs.

(3) To compare the performance of experimental runners with
that of the free vortex runner with respect to the exit tip
design.

(4) To recommend the standardization of the optimum design of
the exit blade geometry for different boundary conditions.

2. The theoretical model
2.1. Free vortex runner

The summary of the design of a free vortex propeller runner
that has been discussed in [7] for a gross head of 1.75 m and dis-
charge of 75 1/s, with a diameter of 200 mm is presented in Table
1. It can be seen that the relative flow angle at the inlet tip is 74°
and at the exit tip is 76°. The vortex flow angle at the inlet tip re-
quired is around 26.6°.

Table 1
Free vortex specifications of an axial flow turbine blade.

d/D 03 0.4 0.5 0.6 065 0.7 0.8 0.9 1

0lp 59.1° 51.4° 45.0° 399° 37.6° 356° 32.0° 29.1° 26.6°
B2 —25.3° 19.0° 44.8° 573° 61.3° 643° 68.7° 71.8° 74.0°
o3 0° 0° 0° 0° 0° 0° 0° 0° 0°

p3 50.1° 57.9° 624° 673° 68.9° 70.3° 72.6° 744° 75.9°

2.2. Main variables and their functional relationship

The main working variables for any hydro turbine are classified
as input variables, which include available head and discharge, and
output variables comprising of shaft power and speed. Using the
standard dimensional analysis, the control (or independent) vari-
ables for this system are taken as the head and speed, while dis-
charge and shaft power are considered as dependent variables.
Another performance parameter is efficiency, which is again a
dependent variable. The overall dimensional functional equation
is represented by

Q, Pspatt, 17 = f(N, gH) (1)

Singh and Nestmann [7] attempted to give a greater physical
meaning to the behaviour of these dependent variables (discharge,
power and efficiency) individually with respect to two important
internal variables - the Euler shaft work or net rotational momen-
tum and the runner loss coefficient, and related it to the geometric
modifications carried out on the runner.

2.3. Internal variables and their functional relationships

The classification of internal variables and determination of
their behaviour is done by defining and the expanding the main
variables without changing the original functional relationship in
Eq. (1). The velocity triangle approach along with the cascade ap-
proach is then utilized to develop a deeper understanding of the
physical significance of internal variables in the context of propel-
ler geometry. A typical inlet and velocity triangle for a low-pres-
sure axial stage at the blade tip is shown in Fig. 1 without any
incidence or deviation effects.

2.3.1. Identifying the internal variables
2.3.1.1. Expanding the dependent variables.

(1) Discharge (Q): The discharge is a dependent variable as from
Eq. (1) and is given by the mean axial flow velocity and flow
area in Eq. (2). If diameter (D) is taken as an independent
geometric variable and dp/D taken as a design variable, then
the mean axial flow velocity (cy) directly corresponds to Q
and becomes an internal dependent variable.
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Fig. 1. Typical velocity triangles of a low-pressure axial turbine at the blade hub
and tip.

Q=cyc- (m-D*/4)- (1~ (dy/D)")
(2)
o ~Q
(2) Shaft power, Pspag: As shown in [7] (based on Euler turbine
fundamentals discussed by Pfleiderer and Petermann [9]
and Dixon [8]), it is appropriate to represent shaft power
by Euler shaft work (Ac,.u or change of rotational momen-
tum) and leakage losses.

Pghafe = m - (Acy - u) — leakage losses (3)

If leakage effects are neglected especially while comparing two
optimization stages, the shaft power’s proportionality is given by
Eq. (4). It can be easily shown that the net tangential flow velocity
Ac, is another internal dependent variable that represents an
important parameter of energy transfer or rotational momentum
and hence, shaft work.

Pshate ~ (0 - A - €x) - (Acy - 1) = (p- Q) - (Acy - u) (4)

Using velocity triangles in Fig. 1, the net tangential flow velocity
Ac, in represented as in Eq. (5). For constant blade velocity (u) and
inlet vortex angle (), a functional relationship for Ac, in terms of
mean axial velocity (cy) and relative flow angle at exit (83) can be
established. It is to be noted that for the fixed guide vane design,
o is always constant for a particular blade height and is a function
of dp/D and local diameter (as discussed in Section 3.3).

ACu =C2 —Cu3
Ac, = (cx-tanop) — (U — ¢y -tan fi;) = ¢, - (tano; +tanf;) — u
Ac, = f(cy, B3) for constant u and o,
(5)
2.3.1.2. Expanding the independent variables.

(1) Head, gH: The available head is an independent variable of
the turbine control volume and can be represented by Euler
shaft work and total system losses, of which runner losses is
an important component. The system loss coefficient, Ksystem,
in Eq. (6) is another internal variable of the propeller system.

8H = Acy - U+ Nigsses = ACy - U+ ksystem ’ Q2
=AC,-U+ ksystem A C>2( ()

(2) Speed, N: This independent variable can be studied with
respect to the blade velocity (u), which finds a place in Eq.
(5) as well as in Eq. (6).

2.3.1.3. Summary of the internal variables. The above methodology
of expanding the three main variables (discharge, shaft power
and head) identifies the internal variables as the mean axial flow
velocity, net tangential flow velocity, relative exit flow angle, inlet
vortex angle and system loss coefficient. The mean axial flow
velocity and net tangential velocity classify as the internal depen-

dent variables. The next step would be to develop functional rela-
tionships for them and to identify independent or control variables
that are mutually exclusive.

2.3.2. Functional relationship for the internal dependent variables

2.3.2.1. Mean axial flow velocity. Combining Eqgs. (5) and (6), a sec-
ond-degree polynomial for c, can be developed and is represented
by Eq. (7). If the tangential blade speed, available head and inlet
swirl angle are kept constant, then ¢, would depend only on Ksystem
and ps. This is very important functional relation for analyzing the
results of geometric changes to blades. The relative influences of
ksystem and p3 can be obtained by performing sensitivity analysis on

Keystem - A - (C2) +u - (tan oy + tan f3) - (¢;) — (gH +u?) =0 ™)
Cx = f(Ksystem, B3) given that gH,u and o, are kept constant
2.3.2.2. Net tangential flow velocity. Eliminating c, from Eqgs. (5) and
(7), a relationship between Ac, and the other variables can be
determined as illustrated in Eq. (8). It can be seen that Ac, will
again remain a function of the two control variables of ksystem
and fps. The individual influences of these two control variables
can be studied by carrying out a sensitivity analysis on Eq. (8).

AC? - (ksystem - A%) + ACy - U - (2 - Keystem - A> + (tan o + tan f3)?)
+ Ksystem - A® - u? — gH - (tan o, + tan fi3)* = 0
Acy = f(ksystem, B3) for constant u,gH and o, (8)

2.3.2.3. Overall functional relationship for the internal vari-
ables. Combining functional relationships for ¢, and Ac,, the inter-
nal functional relationship can be specified with ksystem and 3 as
control variables, and ¢, and Ac, as dependent variables in Eq.
(9). This relationship will be the basis of analyzing the hydraulic
phenomenon within the runner.

Cx, Acy = f(Ksystem, f3) for constant u, gH and o, 9)

2.3.3. Internal control variables

The internal functional equation given by Eq. (9) naturally calls
for a better understanding of the two control variables namely, sys-
tem loss coefficient and exit relative flow angle. It is important to
show that these two variables are mutually exclusive. The inlet
vortex angle is also a control variable, but it is considered as fixed
variable in the present scenario and its effects will be discussed in
Section 3.3.

2.3.3.1. System loss coefficient (Ksyseem). The overall loss coefficient
(Ksystem) as defined in the gross head parameter (in Eq. (6)) com-
prises of coefficients within different components of the turbine
control volume like spiral volute, guide vane ring, zone between
the guide vane exit and runner, runner and draft tube. To simplify
the understanding of the system loss coefficient, a zonal approach
is adopted.

The first zone is represented as upstream stationary zone com-
prising of the spiral volute, guide vanes and the space between
guide vanes and the runner that transforms flow from radial to ax-
ial direction. The second zone is the runner while the stationary
draft tube is treated as the third zone. The system loss coefficient
can then be written as the sum of the loss coefficients in these
three individual zones as shown in

ksystem = kupstream + krunner + kdraft tube
ksystem = kturbine + kdraft tube where
(kupstream + krunner) = kturbine (10)

2.3.3.1.1. Upstream stationary loss coefficient (kupstream). This coeffi-
cient depends on the surface friction of the solid elements and also
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on the flow interaction of different flow lines. These losses are rep-
resented by Eq. (11). Unfortunately, the present experimental test
facility does not permit the determination of this loss component.

2
Hloss—upstream = kupstream . Q (11)

2.3.3.1.2. Runner loss coefficient (Kyynner). The runner loss coefficient
can be related to the pressure loss coefficient { as shown in Eq.
(12). Physically, there is no difference between ¢ and kqynner.

krunner . Qz = g/z : Ci (12)

The runner loss coefficient for axial blade profiles is generally
evaluated using the cascade and wind tunnel approach as discussed
in [8,10], where this coefficient is treated as a function of angle of
incidence and flow separation effects. However, k;ynner also depends
on local boundary layers, which is influenced by geometry of blade
passage, blade height (or dj, /D), blade number (or blade pitch to
chord length ratio), blade chord length at different radial sections
and other factors. The behaviour of the kyunner iS quite complex
and a detailed experimental analysis can reveal more information
about the relative dependence of k;ynner 0N the different parameters.

krunner = f(angle of incidence, flow passage geometry,
blade height, blade number and others) (13)

2.3.3.1.3. Draft tube coefficient (karafe ruve). The loss coefficient with-
in the draft tube for a given diffuser design depends on swirl pro-
files of the absolute flow at runner exit (or draft tube entrance) and
the local Reynolds number. The swirl flow has been studied by few
scientists and has been shown in [14] that it mainly depends on the
load condition (linked to the velocity triangle formation) for a gi-
ven blade design. The blade angle at the exit could influence swirl
flow behaviour and hence, the draft tube coefficient.

The draft tube losses can be determined from the exit swirl
velocity and diffuser specification as shown in Eq. (14), which in
turn helps in quantifying the overall draft tube coefficient.

Draft tube 10sses = Karaft tube - Q% = €25/28
+ Laittuser - (1= (d3/da)*)? - ¢ /28 (14)

2.3.3.2. Relative flow angle at runner exit (3). The relative flow angle
at runner exit depends solely on the energy mechanism within the
runner and is very closely associated with the exit velocity triangle
for any load (no-load, part-load, BEP and overload). The relative
flow may be guided by the exit blade direction, but without any
doubt the load condition decides the ultimate direction of the rel-
ative flow vector.

In addition, there is a complex slip mechanism (as reported by
Cohrs [11] at the exit of pumps operating as turbines) taking place
within the runner control volume. This slip (or deviation of the rel-
ative flow vector away from the exit blade direction) is governed
by circulation within the blade passages and is dependent on the
space between two consecutive blades, which is associated with
blade number. The functional relationship of the relative flow an-
gle can be grossly represented as,

B3 = f(load condition, slip effects, blade geometry) (15)

The relative flow angle in turn influences the absolute flow an-
gle or swirl angle at exit and hence, the draft tube coefficient as
discussed in Section 2.3.3.1.3. However, the influence of relative
flow angle on the runner coefficient is very small since the govern-
ing physics of these two parameters are different, even though the
same geometric modification influences both variables. Moreover,
it is very difficult to determine how the relative flow angle can
influence the runner loss coefficient.

From the above analysis, it is safe to consider the two control
variables, runner loss coefficient (or system loss coefficient consid-

ering a relatively smaller influence of draft tube effects) and rela-
tive flow angle as separate and mutually exclusive.

2.4. Construction of velocity triangles

The construction of inlet and exit velocity triangles for actual
operating conditions helps in establishing two important parame-
ters namely, the angle of incidence (i) and the relative flow angle at
the exit (83). As seen from Eqgs. (13) and (9), both these angles are
controlling the internal performance parameters. The velocity tri-
angles are constructed only at the tip blade profile since the geo-
metric conditions at the tip are known.

2.4.1. Inlet velocity triangle

The inlet velocity triangle can be constructed with the known
inlet vortex angle, o, (refer Fig. 5), mean axial velocity c, (obtained
from the Eq. (2)) and tangential blade velocity, u (given the speed
and tip diameter).

2.4.2. Exit velocity triangle

The important parameter to be determined for the construction
of exit velocity triangle is the exit tangential flow velocity c,s,
which is obtained from Eq. (5) provided Ac, and c,, are known.
Ac, is obtained from Eq. (4) for a measured shaft power and mean
axial velocity. The exit velocity triangle gives both the relative (f3)
and absolute flow (a3) directions. It is important to note that the
exit blade angle (f3) is not used for the construction of the exit
triangle.

3. Means of solution
3.1. Experimental test-rig

The experimental test-rig for characterizing the propeller stages
is shown in Fig. 2 and discussed in detail in [7]. The complete pro-
peller unit comprising of runner, mechanical assembly and gener-
ator is shown in Fig. 3.

The test-rig facilitates the measurement of only main variables
like gross head, discharge, output mechanical power and speed.
However, internal parameters like swirl profiles at inlet and exit
are not measured. Further, the dynamic head across the turbine
stage is not determined. Instead, gross head comprising the differ-
ence of upstream and downstream elevations is used in the
calculations.

Magnetic Propeller
Flowmeter Turbine Unit
Control
Open Spiral
Volute
* < CGoncsete .
_ Pldtform 4 ~— Draft Tube

Fig. 2. The hydraulic test-rig for the propeller turbine.
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Fig. 3. Assembly of the propeller turbine unit.
3.2. Experimental runners

There are two experimental runners used in the study, whose
hub to tip ratio, inlet vortex angle at the hub and tip along with
blade number are summarized in Table 2. The details of modifica-
tion to the blade exit are discussed in Sections 4.1-4.3 for the three
runner stages. The pictures of runner A and runner B are illustrated
in Figs. 6 and 13 respectively.

The extent of modification to runner exit tip for all the runner
stages has been illustrated in Fig. 4. It can be seen that about
40% of the blade length along the exit edge has been altered while
the remaining section of the blade length till the hub remains
unchanged.

3.3. Absolute flow conditions between guide vane exit and runner inlet

Fig. 5 describes the absolute flow triangles at the guide vane
exit, at the tip inlet and hub inlet of the experimental runner B,

unmodified inlet edge

unmodified exit
modified edge section

blade length

Fig. 4. The extent of exit tip modification along the blade length.

ot=37.2°

C2
Cx2
Cuzt Y radius ra

Inlet runner tip

radius r1

Guide vane exit,

Table 2

Summary of the specifications of the experimental runners.
Parameters dn/D o2n (°) e (°) z
Runner A 0.25 71.8 38.0 5
Runner B 0.3 68.4 37.2 5

developed using the continuity and the free vortex equation. This
model assumes negligible deviation at the guide vane exit.

It can be seen that the absolute flow angle at guide vane exit is
45° and transforms to 37° at blade tip and 68.4° at blade hub
respectively. The axial velocity has slightly increased from guide
vane exit to runner inlet. It should be remembered that in reality
there would a small radial component and secondary flows as
well, which may actually disturb the axial flow pattern. But, in
the current analysis, ¢, is assumed to be constant from hub to
tip. This is a reasonable assumption considering the pre-requisite
of the free vortex theory is to have constant axial flow velocity.
The inlet vortex angle, which is a fixed control variable in the
present propeller runner analysis, can easily shown to be a func-
tion of the local diameter, the hub to tip ratio for a given guide
vane design.

o, = f(d,dn/D)for a given guide vane design (16)

3.4. Analysis of the internal variables

The performance analysis between two optimization stages is
carried out at a gross head of 1.75m and a constant speed of
900 rpm, which includes the study of the behaviour of both the
main and the internal variables using the theory in Section 2. This
point is known as the ‘point of comparison’ and it may not be nec-
essarily at the BEP. The percentage deviations of main variables are
graphically read out from the constant head characteristics, which
are related to the internal variables by the analytical equations
(Egs. (17)-(19)).

3.4.1. Internal dependent variables

(a) Change in axial velocity, &(cy): from Eq. (2), it is seen that ¢,
is proportional to Q, hence, §(cy) is also proportional to §(Q)

d(cx) = 0(Q) (17)

Physically, the change in axial velocity implies some change
due to either ksystem O B3 or both as seen Eq. (7). The exact pat-
tern of behaviour can be determined only by solving the qua-
dratic polynomial in Eq. (7). However, sensitivity analysis can
be performed on Eq. (7) between any two stages of optimization
and the relative influences of Ksysem and f3 can be obtained from
the individual slopes 9(cy)/d(k) and d(cy)/d(p3) for fixed changes of
ksystem and ﬁ3-

0i2h =68.4°
Cx2

Cuzn radius ran

Inlet runner hub

Fig. 5. Velocity triangles at the guide vane exit, inlet runner hub and inlet runner tip.
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(b) Change in net tangential flow velocity, 6(Acy): this compo-
nent can be evolved from Eq. (4) and evaluated using exper-
imental results of two stages, which is combined with the
differential form of Ac, (given by Eq. (8)) to determine the
relative influences of ksystem and f3, using individual slopes
0(Ac,)/o(k) and d(Ac,)/d(p3) for fixed changes of Ksystem and
B3-

O(Acu) = |Pshate/(p - Q) - ls — [Pshatt/ (P - Q) - Ul (18)

3.4.2. Internal control variables

The change within the internal control variables at the ‘point of
comparison’ can be evaluated from simple equations and velocity
triangles.

(c) Change in system loss coefficient, §(ksystem): this can be
determined using the differential form of Eq. (6) as shown
in Eq. (19). For the present scenario, the change in system
loss coefficient is analyzed with respect to runner loss coef-
ficient only without considering the effects in the draft tube
and upstream stationary zones.

S(Ksystem) = |(gH — Acy - u)/Q%|, — |(gHAC, - u)/Q%;  (19)

(d) Change in exit relative flow angle (583) and angle of inci-
dence at inlet (iy) are determined from velocity triangles.

4. Results and discussion
4.1. Runner A: exit tip angle changed from 85° to 77°

This modification is illustrated in Figs. 6 and 7. It can be clearly
seen that the decrease of exit blade angle opens up the exit flow
area creating a decreased contraction effect from inlet to exit.
The performance characteristics of the two stages are summarized
in Fig. 8a and b, respectively. It can be observed that both power
and discharge capacity of the modified exit stage has remarkably
increased, while efficiency has consistently improved in the com-
plete operating range.

Fig. 6. Runner A with g3, — 85°
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Fig. 8. (a) Discharge and power curves of runner A (85, — 85° to 77°). (b) Efficiency
curves of runner A (g5, — 85° to 77°).

The comparisons of main variables and the internal variables
are carried out in Table 3. The output shaft power has increased
by 45%, while discharge increased by 26% resulting in a 7.5% rise
in efficiency. The velocity triangles are also plotted for both the
stages in Fig. 9, and internal parameters like f3, Ac,, ¢x and a3 along
with their respective deviations are also illustrated in Table 3. The
internal control parameter Kksystem has decreased by nearly 46%,
while the other control parameter f3, has decreased by nearly 4°
(4.5%) causing a decrease in ¢, by 26% and an increase in Ac, by
15.5%. The overall runner losses have also reduced by nearly 13%.

4.1.1. Discussion on the behaviour of internal control variables

4.1.1.1. Decrease of ksystem. As discussed in Section 3.4.2, the change
to the system loss coefficient will be analyzed from the perspec-
tives of runner loss coefficient only. It is seen from Eq. (13) that
the kqunner depends on the incidence, flow passage geometry and
other effects. The incidence angle has changed only from —38° to —34°,

runner A, dn/D=0.25, z=5

K=1574 m*-4

(=27

Fig. 7. Cascade for the exit tip modification stages of runner A (3, — 85° to 77°).
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Table 3
Percentage analysis of the major and minor variables of runner A (3, — 850 to 77°).
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Modification Summary of main variables Summary of the internal variables
SEE: Control Dependent variables Independent variables Dependent variables
variables
H N Q 6 P 5P n oM Ksystem Ok (%) B3 OB G« S Acy  SAc, oz dus  kQ? 5(kQ?)
(m) (rpm) (I/s) (%) (W) (%) (%) (%) (1/m*) (°) (%) (m[s) (%) (m[s) (%) (°) () (m) (m)
P — 85° 1.75 900 56.0 +26.1 452 +45.6 47.0 +7.3 2901 —45.7 778 —-45 190 +26.1 086 +15.5 183 +10.6 0.93 —13%
Py — 77° 1.75 900 70.6 658 54.3 1574 74.3 240 0.99 20.2 0.80
Table 4
Sensitivity analysis for changes to ¢, and Ac, on runner A (5, — 85° to 77°).
Overall change in dcy (m/s) ¢y due to Keystem Scy due to B
A(cy)fo(k) ok (m~*) [ock]k (m/s) % Contribution 3(cx)[3(B3) Jp3 (Rads) [6cx1]p3 (m/s) % Contribution
+0.50 —5.4E-05 —1326 +0.07 15% —6.97 —0.061 +0.42 85%
Overall change in §Ac, (m/s) OAC, due to Ksysrem SAc, due to f3
d(Acy)[o(k) Sk (m™%) [6Acy]k (m/s) % Contribution o(Acy)[a(B3) JpB3 (Rads) [6Acy]ps (m/s) % Contribution
+0.13 —2.8E-04 —1326 +0.37 280% +3.93 —0.061 —0.24 —180%
B2=76° line i>~-38°
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Fig. 9. Consolidated velocity triangles for the 85° and 77° exit tip angle stages of runner A.

which is definitely a positive effect on kyynner- But, the decrease of
Krunner cannot be just due to this change of incidence. The passage
between two blades has changed completely due to the decrease in
blade angle. As seen from Fig. 7, the excessive blockade in the 85°
exit tip stage has been reduced, which would definitely alter
boundary layer formations decreasing the overall runner loss
coefficient. It can be concluded from this brief discussion that the
flow passage geometry has played a greater role in reducing Kqunner
compared to effects of incidence.

4.1.1.2. Decrease of B3. It has been seen from the analysis in Section
2.3.3.2 that B3 is function of circulation within the passage and
blade geometry for a given load. Further, it can be observed from
Fig. 9 that the relative flow direction for the modified exit is com-
ing closer to the exit blade angle and it is moving in a direction
opposite to blade rotation (relative to the non-modified exit),
which clarifies the influence of both slip and the new blade angle.

4.1.2. Discussion on the behaviour of internal dependent variables

4.1.2.1. Increase of cy. The increase of axial velocity is a very inter-
esting effect and can be attributed to independent influences from
both the control variables. The sensitivity analysis in Table 4 re-
veals that increase in c, is mainly coming from the 3.5° decrease
in the gs. It is quite surprising that a large decrease in Kyynner (Y

over 46%) has contributed only to a 15% rise in c¢,. The slope
(0Ac,/ok) is negative with a small magnitude, while slope (0Ac,/
dpBs3) is also negative, but with a larger magnitude.

4.1.2.2. Increase of Ac,. The sensitivity analysis carried out on Ac,
in Table 4, shows that the slope (0Ac,/0k) is negative. Therefore,
decrease in Ksysem (by 46%) has increased the Ac, by 0.37 m/s.
On the other hand the slope (0Ac,/0p3) is positive, which means
that decrease in B3 by 3.5° is causing the Ac, to drop by 0.24 m/
s. The net effect is that there is an overall rise in Ac, by 0.13 m/s.
This is a very important result on how the two control parameters
(ksystem and p3) are affecting the net tangential flow velocity.

4.2. Runner A: exit tip angle changed from 77° to 74°

The cascade sections of the two stages are illustrated in Fig. 10.
The performance comparisons in Fig. 11a and b reveal that the exit
tip modification has enhanced both discharge and power in the
complete operating range, but no change in efficiency curves. The
main variables and internal variables have been compared in Table
5.1t can be seen that the power has increased by 14% and discharge
by 12% causing a marginal increase of efficiency. The internal con-
trol variable kgyseem has decreased by 22%, while the f3 has fallen
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Fig. 10. Cascade for the exit tip modification stages in runner A (85, — 77° to 74°).

from 74.3° to 72° causing the c, to increase by nearly 12% and Ac,
to increase by only 1.2%.

4.2.1. Discussion on the behaviour of internal control variables
4.2.1.1. Decrease of Ksystem OT Krunner. It can be seen from Fig. 12, that
the angle of incidence has changed only marginally from 34° to
32°. Hence, the 22% decrease of runner loss coefficient can be
attributed to only the improved geometry of the flow passage.
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Fig. 11. (a) Discharge and power curves of runner A (f; — 77° to 74°). (b)
Efficiency curves of runner A (f5, — 77° to 74°).

Table 5
Percentage analysis of the major and minor variables of runner A (85, — 77° to 74°).

4.2.1.2. Decrease of 3. The change of the relative flow angle from
74.3° to 72°, is moving closer to the modified blade angle and also
in a direction opposite (relative to the non-modified exit) to the
blade rotation. This effect can be attributed to both slip phenom-
ena and the new exit blade angle.

4.2.2. Discussion on the behaviour of internal dependent variables
4.2.2.1. Increase of c. It is found from Table 6 that increase in cy by
0.29 m/s is primarily arising from the changes to the g5 rather than
the changes to ksystem. The decrease in f3 is increasing c, by 0.26 m/
s (88% contribution), while the decrease of ksysem is contributing
only to the remaining 12% rise of c.

4.2.2.2. Increase of Ac,. The Ac, has only marginally increased. The
sensitivity analysis in Table 6 reveals that change in Keystem iS
increasing Ac, by 0.15 m/s, while change in p3 brings it down by
0.14 m/s and resulting in the rise of Ac, by only 0.01 m/s. This
again proves the contrasting influences of the control variables
on Ac,.

4.3. Runner B: exit tip angle changed from 75° to 70°

The exit tip modification is illustrated in Figs. 13 and 14. The
comparison of the performance in Fig. 15a and b reveals an overall
improvement in the efficiency characteristics, with increased
power generation and greater flow capacities for the modified run-
ner. In terms of relative performance as illustrated in Table 7, the
power has gone up by 22%, while the discharge has increased by
20% resulting in a 2% rise in efficiency. The analysis further reveals
that, as expected, the ksysem and the p5 have decreased. While the
ksystem has decreased by nearly 35%, the p3 has dropped by 3%,
resulting in the 20% rise in ¢, and a modest 2.4% increase of Ac,.

4.3.1. Discussion on the behaviour of internal control variables
4.3.1.1. Decrease of Ksysiem OT Krunner. As seen from the inlet velocity
triangles plotted in Fig. 16, the incidence effect between the two
stages is marginal (from 6° to 3°). Hence, this large change of Kyunner
can be mainly attributed to modification to the flow passage.

4.3.1.2. Decrease of 5. This change in s is very interesting. It can be
seen from Fig. 16 that relative flow direction is deviating away
from the modified blade direction. Further, the deviation is in the
direction of rotation of the blade. This is against the principles of

Modification Summary of main variables

Summary of the internal variables

stage Control Dependent variables Independent variables Dependent variables

variables

H N QU 3Q(%) P P n(%) on  kysem  Ok(%) Pz s & 6 (%) Acy  SAc, w3 dwz  kQF 5(kQP)

(m) (rpm) s) (w) (%) (%) (1jm*) () (%) (m/s) (m/s) (%) (°) (%) (m) (m)
By — 77° 1.75 900 70.6 +12.2% 658 13.7% 54.3% +0.7% 1574 -21.8% 743 -3.0% 24  +12.2% 0.99 +1.3% 202 +9.8% 0.80 1%
By — 74° 1.75 900 79.2 748 55.0% 1231 72.1 2.7 1.00 22.2 0.79
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Table 6
Sensitivity analysis for changes to ¢, and Ac, on runner A (5, — 77° to 74°).
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Overall change in dcy (m/s) ¢y due to Keystem

Scy due to f3

d(cx)[o(k) sk (m™%) [6cx]k (m/s) % Contribution o(cyx)[a(B3) &3 (Rads) [6¢cx1]p3 (m/s) % Contribution
+0.29 ~1.1E-04 —343 +0.04 12% —6.59 —0.039 +0.26 88%
Overall change in §Ac, (m/s) SAcy due to Kystem SAc, due to f3
d(Acy)[o(k) sk (m™%) [6Acy]k (m/s) % Contribution o(Acy)[a(B3) JpB3 (rads) [6Acy]ps (m/s) % Contribution
+0.01 —4.6E-04 —343 +0.15 1185% 3.69 —0.039 -0.14 —1085%
B2=72° line i2~-34°
0t'2= 012=38° line\ B'2=70° line i'2~-30°
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=~ . \
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C,z Y \ angle blade
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Fig. 12. Consolidated velocity triangles for the 77° and 74° exit tip angle stages of runner A.
Table 7
Percentage analysis of the major and minor variables of runner B (5, — 75° to 70°).

Modification Summary of main variables Summary of the internal variables
SEEe Control Dependent variables Independent variables Dependent variables

variables

H N Qi sQ P P 1 o Keystem k(%) B3 Ofs & O6 Ay SAc, a3 duz kQP 3(kQ%)

(m) (rpm) s) (%) (w) (% ) ) (% (m/ (%) (m/ (%) (°) (%) (m) (m)

m*) s) s)

By — 75° 1.75 900 56.8 +19.7 685 +22.6% 70.2 +1.8 1583 -342 778 -35 199 +19.7 128 +24 6.5 +80 052 -3%
By — 70° 1.75 900 68.0 840 72.0 1041 75.1 2.38 1.31 11.7 0.49

slip phenomena. Therefore, the cause of this effect is difficult to
ascertain.

4.3.2. Discussion on the behaviour of internal dependent variables
4.3.2.1. Increase of c,. The increase of c, is solely coming from the
changes to the 5 and the influence of ksysem ON ¢y is negligible
as seen from Table 8.

4.3.2.2. Increase of Ac,. It can be seen from Table 8 that the positive
influence of ksystem 0N Acy, is slightly more than the negative impact
of f3, resulting in a small increase of the net tangential velocity.

4.4. Swirl effect and draft tube losses

The draft tube losses for all the runner stages are compared in
Table 9. Eq. (14) and the exit velocity triangles in Figs. 9, 12 and
16 are used to determine the loss components. It can be seen that
the overall draft tube losses form a small component of the total
losses. Further, between runner stages changes to the absolute
losses is also observed. It has been seen that the draft tube losses
have consistently increased following the exit tip modification.
This result can be attributed to an increase in both the swirl veloc-
ity and the axial velocity of the modified runner.

More interestingly, the increase of draft tube losses would mean
that the turbine losses (in the upstream stationary zone and the
runner zone) have actually significantly decreased. This methodol-
ogy could pave way for separating the draft tube loss coefficient
from the system loss coefficient. However, it is clearly seen from
Table 9 that the draft tube coefficient is rather small compared
to the system loss coefficient and changes to its value between
runner stages is minimal. These results clearly justify the method-
ology of attributing the changes in performance to runner effects
only (as mentioned in Section 3.4.2).

Fig. 13. Runner B with (g5, — 70°)
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Table 8
Sensitivity analysis for changes to c, and Ac, on runner B (85, — 75° to 70°).
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Overall change in dcy (m/s) 5¢y due to Ksyscem

dcx due to fB3

o(cy)[a(k) Sk (m™%) [cxlk (m/s) % Contribution a(cyx)[a(B3) dp3 (Rads) [6¢x1]p3 (mM/s) % Contribution
+0.39 —6.1E-05 —542 +0.03 9% —7.54 —0.048 +0.36 91%
Overall change in Ac, (m/s) SAc, due to Kystem SAc, due to f3
o(Acy)[a(k) ok (m™%) [6Acy]k (m/s) % Contribution A(Acy)a(B3) Jp3 (Rads) [6Acy]p3 (m/s) % Contribution
+0.03 —3.3E-04 —542 +0.18 567 +3.06 —0.048 -0.15 —467
S <
B runner B, d/D=0.3, z=5 ﬂ runner B, d/D=0.3, z=5
K=1583 m*-4 ‘ K=1041 mA-2
£=2.6 ¢=1.7
A%i ,\QB*G
Fig. 14. Cascade for the exit tip modification stages in runner B (83, — 75° to 70°).
Table 9
Composition of draft tube losses in different runner stages.
Modification stage H Nhyd  Hioss-system  Cu3 a3’2g  Ca Hioss-diffuser ~ Hioss-draft tube ~ Hioss.turbine  Ksystem Karat tube Kearbine
(m) (m) (m/s)  (m) (m)  (m) (m) (m) (m~*) (m~*) (m~*)
Runner Exittipangle- 1.75 47.0 0.93 0.63 0.02 1.90 0.04 0.06 0.87 2901 178 2722
A 85°
Exit tip angle- 1.75 54.3 0.80 0.88 0.04 2.40 0.06 0.10 0.70 1574 194 1381
77°
Runner Exittipangle- 1.75 54.3 0.80 0.88 0.04 2.40 0.06 0.10 0.70 1574 194 1381
A 77°
Exit tip angle- 1.75 55.0 0.79 1.10 0.06 2.69 0.07 0.14 0.65 1231 212 1020
74°
Runner Exittipangle- 1.75 70.2 0.52 0.23 0.00 1.99 0.04 0.04 0.48 1583 130 1453
B 75°
Exit tip angle- 1.75 72.0 0.49 0.49 0.01 2.38 0.06 0.07 0.42 1041 149 893
70°

4.5. Comparisons with vortex runner

The comparisons are undertaken only for the runner B, since its
tip geometry is reasonably similar to the free vortex design. Table
10 compares the performance of both the stages of runner B with
the free vortex design. It can be seen that the free vortex head
requirement of 1.42 m is not being met. This deviation could be
attributed to larger inlet vortex angle of 37.2° of the experimental
runners (as seen in Section 3.3) compared to the free vortex spec-
ification of 26.6°. The mean axial velocity of the 75° exit tip angle
stage is below that of the free vortex runner, while discharge of the
70° exit tip is comparable.

The other reason for this deviation could be due to the fact
that the comparisons have not been made at the BEP. However,
as seen from the characteristics, the probable BEP of the two
runner stages would have lower operating speed compared to
900 rpm and a slightly lower discharge at the same head of

Table 10
Comparison of the runner B stages with the free vortex specifications.

1.75 m. This would decrease the specific speeds of the experi-
mental runners further and the deviations with free vortex run-
ner would still hold.

On the whole, the non-matching of the specific speeds is pri-
marily attributed to the higher head requirement. It would be an
important step to consider a change to the guide vane design
and evaluating if the free vortex specifications can be
achieved.

4.6. Limitations of the theoretical model

The possible errors in the model need to be analyzed, since
important conclusions have been interpreted from this model. A
free vortex flow characteristics is assumed between the guide vane
exit and runner inlet. It can be seen from Fig. 3 that the flow
changes from radial to axial direction in a relatively short length.
The prime criterion for the validity of free vortex flows is radial

Runner type N (rpm) H (m) cx (m/s) ol Cu2 (M/s) Cy3 (mM/s) Acy, (m/s) Nm (%) Specific speed (rpm)
Free vortex runner, 5 — 74°f; — 76° 900 1.42 2.36 26.6° 1.18 0.00 1.18 80.0 138
Runner B, g5 — 70°85 — 75° 900 1.75 1.99 37.2° 1.51 0.23 1.28 70.2 93
Runner B, g5 — 70°p; — 70° 900 1.75 2.38 37.2° 1.80 0.49 1.31 72.0 101
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equilibrium and constant axial velocity. It is difficult to imagine a
zero radial flow component in reality. These deviations would nat-
urally affect the inlet vortex angle predictions, and the shape of in-
let velocity triangles.

The other source of error could come from the fact that the en-
tire conclusions are based on velocity triangles at the blade tip. It
would be interesting to repeat the analysis at different sections
along the blade length. Further, the leakage losses have not been
considered in the model, which is reasonable since only relative
changes are being analyzed.

4.7. Limitations of the experimental study

As discussed in Section 3.1, the test-rig is not being able to mea-
sure the net or dynamic head across the runner. The dynamic head
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Fig. 15. (a) Discharge and power curves of runner B (B3 — 75° to 70°). (b)
Efficiency characteristics of runner B (3, — 75° to70°).
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would be of great value, as the losses would then comprise of run-
ner losses alone and eliminating the probable draft tube effects in
the analysis. The determination of runner losses would guide the
internal hydraulic study more accurately with respect to the run-
ner loss coefficient rather than the system loss coefficient, which
includes other hydraulic loss coefficient within the draft tube
amongst others.

In addition, the swirl flow profiles at the upstream and down-
stream of the runner will also be very useful to validate the free
vortex assumptions before the runner inlet and also confirm devi-
ation/slip at the exit respectively.

Further, it can be seen that comparisons have been carried out
at points that do not correspond to the BEP of the respective run-
ners. It is known that meaningful study of geometric effects can
be determined at the BEP. Nevertheless, the present analysis based
on ‘point of comparison’, which is still in the part-load region is
technically correct. This is so because the analysis takes place at
a fixed load condition (defined by the control variables-gross head
and speed) for both runner stages.

Moreover, the comparison at this point is also meaningful as
seen in Appendix A.2 (that brings out a case study on ‘pump as tur-
bine optimization’), which shows that the hydraulic behaviour
brought about at the ‘part-load point’ is similar to the that at the
BEP and overload points provided the trend lines of the discharge
and power curves at constant head of the given runner stage do
not intersect their counterparts of the modified stage.

5. Conclusions and recommendations

The preliminary study concluded that while the free vortex de-
sign provided the layout for the blade profiles, it did not however
specify how the blade angles would influence the performance,
which initiated research on evaluating the influence of the exit
blade tip.

The theoretical model developed to investigate the internal run-
ner parameters was very useful and brought about functional rela-
tionships for these parameters. While the model identified system
loss coefficient (or runner loss coefficient) and relative exit flow
angle as the primary control variables, it specified mean axial flow
velocity and the net tangential flow velocity as the dependent vari-
ables. The methodology sensitivity analysis helped in understand-
ing the relative influences of the control variables on the
dependent variables.

The results of exit tip modification on all the three runner stages
consistently showed that the reduction of the exit tip blade angle
increased flow and output shaft power, and positively affecting
the efficiency at constant speed and head conditions in the part-
load operating condition. With respect to internal flow variables,

75° exit tip
angle blade
Bs=78° line
i~3°

70° exit tip
angle blade

It =
T =~ ~
CaLQIL,,,,,,,,,,,\,,,\,\:; ~
l=—C'us u ~
~
~

Fig. 16. Consolidated velocity triangles for the 75° and 70° exit tip angle stages of runner B.
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it was found that the runner loss coefficient for the modified exit
stage decreased considerably owing to the opening of the flow pas-
sage rather than the incidence effects. The other significant control
parameter, the relative exit flow angle for the modified exit stage
showed tendencies to deviate in a direction opposite to blade rota-
tion, which proved the influence of both slip and exit blade angle.
However, the relative flow direction for one exit tip modification
stage deviated in the direction of blade rotation, which was con-
trary to the slip phenomena.

The influence of these control parameters on the runner’s inter-
nal dependent variables was very significant. The increase of mean
axial velocity (or discharge) was found to be mainly influenced by
the decrease of relative flow angle rather than by the decrease of
the runner loss coefficient. On the other hand the net tangential
flow velocity was influenced by two control parameters in starkly
different ways. While decrease in runner loss coefficient caused the
net tangential flow velocity to increase, the decrease relative flow
angle caused the net tangential flow velocity to decrease. Both
these effects nearly cancelled each other with the runner loss coef-
ficient effect slightly outweighing that of the exit relative flow an-
gle causing the tangential flow velocity to slightly rise.

On the whole, the decrease of the exit tip angle has had a posi-
tive effect on the runner performance and this technique can be
conveniently used to increase discharge and power through the
turbine for the same head without any compromise in efficiency.
Thus, this modification can play a role in matching system bound-
ary conditions, if needed.

It could be concluded from the draft tube analysis that the draft
tube loss coefficient (comprising of the swirl and diffuser effects)
for all the stages was insignificant compared to the system loss
coefficient and that major transformation of losses occurred in
the turbine zone (upstream stationary and runner zones) only.

It was also found that free vortex conditions could not be realized
for any of the runner stages for reasons of non-matching of the inlet
vortex angle requirement. It is, therefore, recommended to study the
performance of these runners under varying vortex flow conditions
by incorporating adjustable guide vanes. This study would enhance
the scope of runner application under different combinations of
flows.

Ultimately, the complete analysis of exit blade modification was
carried out at part-load point that did not correspond to the BEP.
Even though it was shown that there would some similarity be-
tween the behaviour at part-load and BEP, it is still desirable to car-
ry out analysis at the BEP.

It has also been noticed that there are some limitations in the
theoretical model adopted pertaining to the assumptions of the up-
stream flow conditions. This calls for a stronger need to enhance
the experimental setup and study the actual flow condition (veloc-
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the importance of relative exit flow angle as controlling parameter.
The slip effect can be studied by determining the exit swirl angle
across the blade profile along with the help of available slip
models.

While furthering experimental investigation is vital for an accu-
rate optimization study, the theoretical model should also be
simultaneously validated using well-calibrated CFD techniques. It
is important to continue the combined experimental and computa-
tional study in order to scrutinize the theoretical model further and
make accurate system design tools. This tool should comprise
accurate models that characterize the behaviour the control vari-
ables (runner loss coefficient and relative exit flow angle) for dif-
ferent geometries of exit blade angle. The pattern of behaviour of
these control variables will then enable the determination of other
internal variables (internal like mean axial velocity and net tangen-
tial velocity) and main variables (discharge, shaft power and effi-
ciency). This kind of system design tool will come in a long way
to enable an optimum and sustained solutions for low-head mi-
cro-hydro propellers.
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Appendix A
A.1. Experimental uncertainty analysis

The overall uncertainty analysis is carried out using the ‘single
sample study’ proposed by Moffat [12] and Kline [13] at various
‘points of comparison’ for the different runner stages (as in Sec-
tions 4.1-4.3) and summarized in Table Al. The evaluation com-
bines the results from two separate test-rigs namely, generator
test-rig used for characterizing the generator and turbine test-rig
used to study the complete turbine-generator unit. The overall ran-
dom error for all the variables is summarized in Table A2.

Table A2
Maximum random error for each variable.

ity and angle) at the upstream and downstream of the runner in or- AV (V) Al (A) AN (rpm) AT (Nm) AQ (Ifs) AH (m)
der to take corrective measures. The other issue that is +0.1 +0.1 +1 +0.1 £0.1 +0.005
recommended for future study is that of slip, which underlines
Table A1
Uncertainty table for all the runner stages.
Runner Optimization Generator parameters Turbine parameters
stage
3 v AV Alll N AN/ T ATT n, Ang AP,/  Pn Q AQ H AH N Alml Al
V(E) () (&) (&) N@&) (%) (%) (%) ng(%) Pm(%) (%) (%) Q%) (%) H(%) (%) nm(%) (%)
Runner 85°Exittip 1000 0.1 3.5 29 900 0.1 48 21 774 35 46 452 560 02 1.75 *03 47.0 4.6 +2.1
A 77° Exittip  90.0 +0.1 53 1.9 900 0.1 7.0 1.4 725 24 3.0 658 706 0.1 175 03 543 3.1 +1.7
Runner 77°Exittip 90.0 #0.1 53 1.9 900 #0.1 7.0 #1.4 725 24 +3.0 658 706 0.1 1.75 03 543 3.1 +1.7
A 74° Exittip 855 $02 62 1.6 900 0.1 7.9 13 704 21 126 748 792 0.1 175 03 550 +2.6 +1.5
Runner 75°Exittip 882 #0.1 58 1.7 900 #0.1 73 14 747 22 1238 685 56.8 0.2 1.75 03 702 +2.8 2.0
B 70° Exittip 81.0 +0.1 7.0 14 900 0.1 89 1.1 675 1.8 23 840 680 0.1 1.75 03 720 23 +1.7




810 P. Singh, F. Nestmann / Experimental Thermal and Fluid Science 34 (2010) 798-811

90 - 0.09
80 1 = = Non-modified stage F 0.08
1-- Inlet rounded stage Efficiency curves :
70 3 S f0.07
. 603 to06
s 3 Q/D¥(gH)*® @ F a
& 50 7 curves : £005 F
S ] : E 2
8 407 +0.04 B
& ] Q & 4 3 (<]
W 303 . = fo03
E S o8 & E
20 ] S i owig " f0.02
] e: @5 ) 3
10 J O & o -+ 0.01
0 Frrrrrrre I IS NI EE— I F0.00
0.00 0.10 0.20 0.30 0.40 0.50 0.60
ND/(gH)"®

Fig. Al. Effects of inlet rounding: Comparison of the discharge and efficiency
characteristics for the 35.3 rpm PAT.

90 - - 0.09
801 — ~ Non-modified stage | Foos
1 = = Inletrounded stage Gz?% . o
70 . .%@Efﬂmency curves_; 0.07
60 : ' %?6 £o.06
R E | Y o
> 50 3 R t =
% 50 : Q? E0.05 :;3
G 40 2 MRS oo R
£ ] i X s o
-k = E— - g% “jﬁ +£0.03
] of Sl 30 T :
20 1 S| S R gt f0.02
1 = wi = QS E
1 o m| £ e r
10 3 3 K % £ 0.01
0 e e+ 0.00
0.0 0.1 0.2 0.3 0.4 0.5 0.6

NDJ/(gH)"?

Fig. A2. Effects of inlet rounding: Comparison of the power and efficiency
characteristics for the 35.3 rpm PAT.

A.2. Connecting the performance at part-load, BEP and overload points
in a turbine

The objective of this section is to show that there is some sim-
ilarity of the hydraulic effects at the different operating points of a
turbine undergoing geometric optimization. Experimental results
of an optimization study in pumps as turbines [14] will be used
for this purpose. The hydraulic effects include change of discharge,
change of shaft power and change of efficiency at constant speed
conditions, similar to the hydraulic analysis carried in the propeller
turbine optimization study and sensitive analysis in the current
manuscript.

Table A3
Analysis of the performance at part-load, BEP and overload points.

A.2.1. Hydraulic analysis of operating points in ‘pumps as turbines’

This section presents experimental data of the ‘inlet runner
rounding’ optimization stage of a 35.3 rpm PAT as discussed
in [14]. Figs. A1 and A2 show the operating characteristics of
the non-modified and inlet impeller rounded stage. Three differ-
ent operating points (defined by the unit speed) that character-
ize the part-load, BEP and overload regions of the
characteristics are analyzed in both the figures as well as in Ta-
ble A3.

At the part-load unit speed, it is found that the inlet round-
ing has caused the discharge to increase by 2.4% and the power
to increase by 3.4%. The effect of the increased power compared
to effect of increased discharge results in an approximate in-
crease in efficiency of 2%. The hydraulic effect at the BEP is
quite similar to that of the part-load point, in that the increase
of shaft power is maintained at around 3%, while increase of
discharge is slightly lower at 0.9%. However, in terms of inter-
nal hydraulic effects on parameters like runner loss coefficient
and net tangential flow velocity, they are essentially similar.
The analysis at the overload point is also found be similar to
that at the BEP.

These findings are important to point out that the change in
performance at the part-load is not mutually exclusive to that in
the other regions of the characteristics like the BEP and overload
conditions. There is a hydraulic similarity of flow phenomenon at
these points, which must be recognized.

A.2.2. Relevance of the findings of ‘pumps as turbines’ to ‘propeller
turbines’

It can be argued that the hydraulic effects at different operating
points of the characteristics depend on the type of modification
carried out. This may be true to a certain extent. But, the most
important observation to be made from the ‘pump as turbine’ opti-
mization in Section A.2.1 is that the there was no intersection of
the unit discharge or the unit power curves of the two stages,
which is one of the reasons of the repetitive behaviour of the
hydraulic effects.

A closer look into all the optimization stages of the propeller
runners in the manuscript (Fig 8a and b, Fig 11a and b, Fig 15a
and b) will reveal that respective discharge and power curves for
the two stages are separated well from each other and there is
no possibility of intersection in the BEP or overload region. Even
if an extrapolation was to be carried out, the trend of the curves
are such that intersection is ruled out.

In light of the above, it can be confidently interpreted that
hydraulic effects due to the exit angle modification of runner
tip would be similar at the BEP and part-load points. The mag-
nitude of the relative changes (on a percentage scale) of dis-
charge and power numbers may be different at these two
points, but there will be similitude in terms of the changes to
performance, i.e. change of discharge will always be positive
and change of power will also be positive. This has been consis-
tently seen in the test results of the three runner stages pre-
sented in the manuscript.

Operating point Unit speed Unit discharge % Change in discharge Unit power % Change in power Efficiency Change in efficiency (%)
Part-load 0.42 0.0500 +2.4 0.0408 +3.4 74.0 +2.0
0.0512 0.0422 76.0
BEP 0.37 0.0542 +0.9 0.0434 +2.8 79.1 +2.4
0.0547 0.0446 81.5
Overload 0.30 0.0556 +0.7 0.0420 +2.9 76.0 +1.5
0.0560 0.0432 77.5%
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1. Introduction

1.1. Background

ABSTRACT

Investigations regarding the influence of design parameters in low head axial flow turbines like blade
profiles, blade height and blade number for micro-hydro application continue to be inadequate, even
though there is a need and potential for the application of such turbines. This inadequacy provides
a good ground to make a detailed experimental study to characterize these influences.

The paper presents a holistic theoretical model that attempts to bring out a functionality of the
internal performance parameters of the runner and attempts to establish a physical relationship between
the two design parameters (blade height and blade number) and the performance parameters.

The experimental results on 3 runners showed that with an increase in the number of blades, the
efficiency of the runner dropped drastically due to the change in direction of the relative flow vector at
the runner exit, which decreased the net rotational momentum and increased the axial flow velocity. The
decrease of blade height on the other hand decreased the overall runner loss coefficient quite drastically
but this could not result in major performance gains.

The study concluded that the influence of blade number is more dominating compared to that of the
blade height and that choice of blade number should be carefully made. On the hydraulic level, the study
found interesting effects like the slip phenomenon and loss mechanisms within the runner. The paper
also looks into the possible errors within the theoretical model developed and the extent of their
influence on the conclusions. The paper suggests more experimental studies to separately study the
effects of blade number and blade height. It further makes a strong case to initiate a computational work
to validate all the experimental findings, fill the gaps in the theoretical model and use it as an optimi-
zation and standardization tool for axial flow turbines in the specialized application of micro-hydro.

© 2010 Elsevier Ltd. All rights reserved.

challenging boundary conditions, like large variation of flow and yet
optimum power generation, notwithstanding the economic
constraints that emphasize on simplicity of design and manufacture.
Hence, there is need for an all-together different approach for the

The overall research and development of low head axial flow
turbines of micro-hydro application has been limited. Further, the
optimization studies of the design parameters like blade profiles,
blade number, blade height (or hub to tip ratio) and others have
been even more scarce.

The focus of the major scientific community is on large axial flow
turbines, where the design and operating requirements are
completely different. In the special context of micro-hydro, the
optimization study becomes extremely important because of

Abbreviations: BEP, Best Efficiency Point; CFD, Computational Fluid Dynamics.
* Corresponding author.
E-mail addresses: punit.singh@iwg.uka.de (P. Singh), nestmann@iwg.uka.de
(F. Nestmann).

0960-1481/$ — see front matter © 2010 Elsevier Ltd. All rights reserved.
doi:10.1016/j.renene.2010.06.033

optimization study where experimentation will be the central theme.

In the recent years there has been a revival of interest of micro-
hydro propellers from few researchers like Rao et al. [1], Soundar-
nayagam and Suryanarayanan [2], Demitriades [3] and APRL[17] who
all focused on developing the runner designs and evaluating their
performance. Upadhyay [4] carried out some hydraulic optimization
using computational models, while Simpson and Williams [6]
employed blade optimization for a field project, but did not analysis
of the results with respect to the geometric modification. A notable
contribution comes from Alexander et al. [5], who prescribed stan-
dard designs of few propeller runners, however they too did not
report any kind of optimization. Singh and Nestmann [7] demon-
strated how the efficiency of a low head propeller runner could be
improved to ideal free vortex conditions by carrying out a series of
optimization on the inlet and exit blade geometry.



P. Singh, E. Nestmann / Renewable Energy 36 (2011) 272—281 273

Nomenclature Greek symbols

n efficiency, %

p density, kg/m>
Full Scripts o absolute flow angle, degrees
c absolute velocity, m/s 6 relative flow angle, degrees
d local diameter, m ¢ pressure loss coefficient
D tip diameter, m
g acceleration due to gravity, m/s? Subscripts
H head parameter, m 1 guide vane exit
i angle of incidence, deg 2 runner inlet
I current, amps 3 runner exit
l blade chord length g generator
m mass flow rate, kg/s h hub region
N speed, rpm m mechanical
P power, kW t tip region
Q discharge, I/s or m>/[s u tangential component
S blade pitch X axial direction
T torque, Nm
u tangential blade velocity, m/s Superscripts
Vv voltage, volts * blade condition
w relative velocity, m/s
z blade number
Some special design parameters like blade number and blade Q. Pypaiion — F(N, gH) (1)

height have not been elaborately studied at an experimental level
and hence the designer has to rely on correlations available for
large axial flow turbines (as in [10]) used in the gas turbine appli-
cations. Some correlations for hydro turbines are also available in
Nechelba [14] and Hothersall [15], but without any experimental
proof of their influences. This inadequacy gives sufficient reason to
study the accurate influences of these two parameters (blade
number and blade height), with an objective to bring out optimum
solutions and standardization of axial flow turbine designs for
micro-hydro application.

1.2. Objectives and problem outline

a) To develop a theoretical model that develops an overall func-
tionality of all the internal hydraulic variables of the propeller
runner control volume and tries to physically relate the two
design parameters namely, the blade number and the blade
height with these variables.

b) Todesign propeller runners with varying blade number and blade
heights, but having approximately identical blade profiles and to
test them experimentally under similar boundary conditions.

c) To use the theoretical model along with experimental
results and establish exact influences of the two design
variables.

d) To evaluate the limitation of the theoretical model and identify the
sources of errors and how they would affect the results, and further
to recommend alternative methods for studying these effects.

e) To determine if these design parameters can be used for
optimum matching of system boundary conditions.

2. Theoretical model
2.1. Main variables and functionalities in propeller turbines

The functionality of the main variables of a hydro turbine
control volume can be represented by Eq. (1), which classifies the
speed and the available head as the independent or control vari-
ables and the discharge, shaft power and overall efficiency as the
dependent variables.

2.2. Internal variables and functionalities

The classification of internal variables and their functionalities is
done by defining and expanding the main variables without
changing the functionality of Eq. (1). The classical velocity triangles
along with the cascade approach are then utilized to develop
a deeper understanding of the physical significance of the internal
variables in the context of propeller geometry. A typical inlet and
velocity triangle for a low-pressure axial stage is shown in Fig. 1 at
the tip blade profile.

2.2.1. Specifying the internal variables

a) Discharge (Q): The discharge is a dependent variable as seen
from Eq. (1) and is given by the mean axial flow velocity and
the flow area in Eq. (2). If the diameter (D) is taken as an
independent geometric variable and the blade height param-
eter (hub to tip ratio, d,,/D) taken as a design variable, then the
axial flow velocity (cx) becomes a function of both Q and dn/D
and can be taken as internal dependent variable. The dy/D is
treated as an internal control variable, whose effects are
analyzed in this paper.

Q = - (m-D?/4)- (1~ (dn/D)?) @)
cx = f(Q,dyn/D)

b) Shaft Power, Pshafi: Based on the Euler turbine fundamentals
discussed by Pfleiderer [9] and Dixon [8], the shaft power, which
is a mechanical quantity is completely represented by the Euler
momentum, Acy-u and leakage flow losses as shown in Eq. (3).

Pgpare = m-(Acy-u) — leakage losses (3)

If leakage effects are neglected especially while comparing two
optimization stages of the runner, the shaft power’s proportionality
can be represented by Eq. (4). The net tangential flow velocity, Acy,
is a very important parameter, which represents the energy



274 P. Singh, F. Nestmann / Renewable Energy 36 (2011) 272—281

Cat/ | Ba\_ Wt

Cx

tip profile

Cu2.t

Ut

direction of rotation

‘Bs/.t/ Wat
A (o Ut
‘L«CUS,Q

Fig. 1. Typical velocity triangles of a low-pressure axial turbine at the runner hub and tip.

transfer or rotational momentum. For a given blade velocity and tip
diameter, Ac, becomes a function of the dependent variable Pshag
and the dy/D, and can be termed as an internal dependent variable.

Pghae=(p-Q)-(Acy-u) = (p-A-cx)-(Acy-u)
_ (p-(ﬂ'-Dz/4)~<1 —(dh/D)2>-cx>-(Acu~u) )
Acy = f (Pshaft, dy /D) for constant u and D

Using the velocity triangles in Fig. 1, the Acy is represented as in Eq.
(5) and for constant blade velocity (1), a functionality for the Acy in
terms of ¢y, #3 and ay can be established. For the fixed guide vane
design, «y is again a function of dy/D (Section 2.3.3).

Acy =cyp—Cu3
Acy = (cx-tanay) — (U —cx-tanf3) = cx- (tanay +tanfs)—u  (5)
Acy = f(ck,B3,0;) for constantuand D

c) Head, gH: The available head is an independent variable as
defined section 2.2 and can be represented by the Euler shaft
work (Acy-u) and the total system losses, of which runner losses
are an important component, as represented in Eq. (6). The
system loss coefficient ({system) is based on the runner mean
axial velocity (cx) and is another internal variable whose role in
the performance of the runner will have to be established.

2
gH = Acy U+ hygsses = ACu-U + Ssystem jx (6)

The above methodology of expanding the 3 main variables
(discharge, shaft power and head) identifies the internal variables
as the axial flow velocity, net tangential flow velocity, relative exit
flow angle, inlet vortex angle and system loss coefficient.

2.2.2. Functionality for the mean axial velocity

Combining Eq. (5) and Eq. (6), a second-degree polynomial for cx
can be developed as shown in Eq. (7). If u and gH are kept constant,
then ¢y would depend only on {system, 3 and «p. This is a very
important functionality for analyzing the results of geometric
changes to blades. The relative influences of {system (I {runner as will
be later seen), #3 and «; can be obtained by performing the sensi-
tivity analysis on Eq. (7).
gSys%(c,z()Jru-(tanozz+tar163)-(cx)f(gHJruz) =0 7)
cx = f (Gsystem. B3, 2) given that gH and u are kept constant
2.2.3. Functionality for the net tangential flow velocity

Putting Eq. (5) into Eq. (7) and simplifying, a relationship between
Acy and the other variables can be determined as in Eq. (8). It can be
seen that Ac, will again remain a function of the three control variables
of Lsystem, 63 and ay. The individual influences of these three control
variables can be studied by carrying out a sensitivity analysis on Eq. (8).

Ac? sts% + Acy-u- (gsystem + (tan o + tan 63)2>
L system 2 o (tan @y + tan f3)% = 0 (8)

Acy = f($system, B3, &) for constant u, gH

2.2.4. Overall functionality of internal variables

The preceding analysis leads to the internal functionality of the
axial flow turbine control volume given by Eq. (9), which will be the
basis of analyzing the hydraulic phenomenon within the runner.
The control variables are represented by {system, 53 and az while the
dependent variables are taken as ¢k and Ac,. The next step is to
physically relate these control variables to the blade height and
blade number, which is illustrated in section 2.3.

cx,Acy = f(‘;system7 63’ 042) for constant u, gH 9)

2.3. Internal control variables

2.3.1. Runner loss coefficient (Crunner)

The overall loss coefficient ({system) Tepresents the losses in
components like the spiral volute, guide vane ring, runner itself and
draft tube. Since modifications are carried out on the runner, the
changes to the loss coefficients in the components other than the
runner are negligible and overall loss coefficient can be replaced by
runner loss coefficient henceforth in the analysis.

The runner loss coefficient ({runner) for axial blade profiles is
generally evaluated using the cascade and wind tunnel approach as
discussed in [8] and [10], where this coefficient is treated primarily
as a function of the angle of incidence and flow separation effects.
However, the {;ynner also depends on local boundary layers, which is
influenced by geometry of blade passage, the blade height (or dy/D),
the blade number (or blade pitch to chord length ratio), the chord
length of the blade at different radial sections and other factors. The
behaviour of the {rynner is complex and a detailed experimental
analysis will help in getting greater insights about the relative
dependence of different parameters on the {unner. It can be seen
from the functional relationship in Eq. (10) that both the blade
number and blade height can influence the runner loss coefficient.

Srunner =S (angle of incidence, flow passage geometry,
blade height, blade number and others) (10)

2.3.1.1. Blade height. Watson and Janota [10] have discussed the role
of blade height very briefly for axial flow turbines for aircraft engines
in which they discussed the vibration issues in blades with large
height (smaller d,/D) and leakage effects in blades of smaller height
(larger dn/D). From the perspective hydro turbines, in addition to its
role in the frictional characteristics, the parameter dn/D would also
play an important role in the determination of the inlet vortex profile
(discussed in section 2.3.3) and hence, the axial flow velocity (Eq. (2)).

2.3.1.2. Blade number. The influence of blade number has been
studied in great detail using a dimensionless number, pitch to
chord length ratio (s/l) by Ainley and Mathieson [16]. They showed
that a compromise has to be made between the flow guidance and
friction while selecting this ratio. They brought out charts giving
the relationship between profile loss coefficient and pitch to chord
length ratio for different vortex angles. In hydro turbines it will be
interesting to first ascertain the guidance effect of the relative flow
at the runner exit and then evaluate the behaviour of the frictional
losses due to changing blade number.

2.3.1.3. Incidence. Incidence losses form the major component of
losses in axial flow rotor blades with fixed nozzle designs at varying
load conditions. The influence of incidence can be determined from
the inlet velocity triangle at the given load point.
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2.3.2. Relative flow angle at runner exit (3)

The relative flow angle primarily depends on two parameters
namely, the blade angle at the exit and the complex slip mechanism
atthe exit (as reported by Cohrs[11] at the exit of pumps operating as
turbines). Slip is governed by circulation within the blade passages
and is dependent on the space between the two consecutive blades,
which is associated with blade number. The theoretical study of the
slip is not the goal of the paper. Rather, it will be attempted to
establish the dependence of the relative flow angle on the exit blade
angle and slip with the help of velocity triangles.

B3 = f(blade angle at the exit, slip effects, blade number)
(11)
2.3.3. Inlet vortex angle («3)

The vortex angle profile ahead of the runner can be theoretically
determined using the continuity and the free vortex equation. The
runner flow area is a function of hub ratio, dy,/D and hence «a, will also
become a function of dy/D as seen by Eq. (12). Fig. 2 describes the
absolute flow triangles at the guide vane exit, at the runner tip inlet
and the runner hub inlet for a particular runner (runner A) used in
the testing. It can be seen that o, is increasing from the tip to the hub.
One of the prime conditions to develop the free vortex theory is the
constancy of the axial flow velocity.

Fromcontinuity equation, Agidevane ' Cr1 = Arunner * Cx2
2
- (7r-D2/4>-<1—(dh/D) )-c,(2
Fromfreevortexequation, ¢,y -1 =Cy2 12
—tan-1(%2) — tap-1 cur+(D1/D) (12)
tr =tan (sz>*tan <Agumm~cn/(7r~D2/4)~(1—<dh/D>2))

_ -1 tana, - (Dy/D)
=tan (Aguidevane/(ﬂ—'Dz/‘l)'(]*(dh/D)z)) ’

since(cyq =Crq -tanayq)

Hence for a given guide vane design and runner tip diameter, the
vortex angle at inlet tip ay; =f(d},/D)

Further, since ¢y, xr, = constant, the inlet vortex angle over the
entire blade profile is given by, a; = tan~!(tan ay.-D/d)

2.4. Construction of velocity triangles

The inlet and the exit velocity triangles are constructed only at
the tip blade profile for the actual operating conditions and help in
establishing the two control parameters namely, the angle of inci-
dence (i) and the relative flow angle at the exit (833).

Inlet velocity triangle: The inlet velocity triangle is constructed
for a known inlet vortex angle, ay (refer Fig. 2), the axial velocity cx
(obtained from the Eq. (2)) and the tangential blade velocity, u
(given the speed and tip diameter).

Exit velocity triangle: The important parameter to be deter-
mined for the construction of the exit velocity triangle is the exit
tangential flow velocity cy3, which is obtained from Eq. (5)

02t =38°

Cx2
radius-rat

Inlet runner tip

radius-r1

Guide vane exit

provided Acy and ¢y are known. Acy is obtained from Eq. (4)
for a measured Pshare and cyx. The exit velocity triangle gives
both the relative (f§3) and absolute flow (a3) directions. It is
important to note that the exit blade angle (8"3) is not used for
the construction of the triangle.

3. Means of solution
3.1. Experimental test-rig

The experimental test-rig for characterizing the propeller stages
is discussed in detail in [7], which comprises of the open loop
hydraulic test bed along with the required instrumentation. The
mechanical assembly of the propeller turbine unit that is used for
all the runner stages is illustrated in Fig. 3.
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Fig. 3. Assembly of the propeller turbine unit.

Table 1
Summary of the specifications of the experimental runners.
Parameters Runner A Runner B Runner C
dn/D 0.25 0.3 0.42
aon 71.8° 68.4° 61.0°
Q¢ 38.0° 37.2° 34.5°
B 2 65.0° 66.0° 63.0°
B3¢ 74.0° 70.0° 71.0°
z 5 5 6
s/l 117 117 1.15

Cu2n radius-rzn

Inlet runner hub

Fig. 2. Velocity triangles at the guide vane exit, inlet runner hub and inlet runner tip.
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Fig. 4. Picture of runner (A). Picture of runner (B). Picture of runner (C).

)
runner A, dv/D=0.25, z=5, s/l=1.17

(=1.91

3.2. Experimental runners

The chief design parameters of the 3 experimental runners are
summarized in Table 1 and their pictures in Fig. 4A—C respectively.
The runner A and runner B have 5 blades and nearly same dy/D,
while runner C has 6 blades and a higher dy/D ratio. Though, the
blade angles are slightly different, the effect of blade height (dn/D)
and blade number (s/I) will be studied in following two optimiza-
tions stages.

1. Runner A vs runner C
2. Runner B vs runner C

3.3. Analysis of the internal variables

The performance analysis between two runner stages is carried
out at a gross head of 1.75 m and a constant speed of 900 rpm,
which includes the study of the behaviour of both the main and the
internal variables using the theory in Section 2. The percentage
deviations of the main variables are graphically read out from the
constant head characteristics, which are related to the internal
variables by the following analytical equations.

a) Change in axial velocity, d(cx): Physically, the change in axial
velocity can be caused by a specific behaviour of the internal
control variables iypner, 63 and ap. The exact pattern of
behaviour can be determined only by solving the quadratic
polynomial in Eq. (7). However, sensitivity analysis can be
performed on Eq. (7) using the experimental change of cx (Eq.
(13)) and the relative influences of {;unner, 63 and ay can then be
obtained from the individual slopes d(cx)/o(k), 8(cx)/d(B3) and
(cx)/0(a) for fixed changes of {runner 83 and ay respectively.

6(c) =1Q/ (D?/4) - (1= (dn/D)*) 4~ 1Q/
(w-D?/4)-(1~(dn/D)*)l (13)

b) Change in net tangential flow velocity, 6(Acy): This component
can be evolved from the differential form of Eq. (4) as shown in
Eq. (14) using experimental results and further combined with
the differential form of Acy (given by Eq. (8)) to evaluate the
relative influences of {unner, 3 and «; using individual slopes
d(Acy)/o(k), d(Acy)/d(B3) and (cx)[d(az) for fixed changes of
Crunner 83 and ax.

0(Acu) = |Pshate/(p- Q) Ul 4 — |Pshate/ (p-Q) -l (14)

c) Change in runner loss coefficient, 6({runner): The change in
runner coefficient can be determined from Eq. (15), which is
a differential form of Eq. (6). For identical flow conditions
within guide vanes, draft tubes and other components, the
change in {runner can be taken as proportional to {runner.

)

runner C, dv/D=0.42, z=6, s/I=1.15

(=1.39

o

/\b\

o

/\’\

Fig. 5. Cascades of the runner A and runner C.
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5(§system> = 0(Srunner) = [2-(gH — Acu‘u)/c)z( la
—[2-(gH — Acy-u)/cx| (15)

d) Change in exit relative flow angle (663) and angle of incidence at
inlet (i): are respectively determined from velocity triangles.

4. Results and discussion
4.1. Comparison between runner A and runner C

The comparison of the cascades of the two runners is illustrated
in Fig. 5 and the performance characteristics are summarized in
Fig. 6A and B. It can be clearly seen that the discharge capacity of
the runner C is more than that of the runner A over the complete
operating range. The power has marginally improved, but the
efficiency has taken a decreasing trend. The percentage analysis
carried out in Table 2 reveals that while the discharge has increased
by 18%, the power has risen only by 5%, which is resulting in the
overall efficiency drop of nearly 9%. The summary of the internal
control variables reveals that {;ynner has considerably decreased (by
over 27%), while the (3 has decreased by 7% (nearly 5°) and «; has
also decreased. Amongst the internal dependent variables, cx has
increased in the range of 35% and Acy has decreased by 11%, while
the overall losses have increased by 14%. The velocity triangles at
the inlet and exit for the two stages are plotted in Fig. 7.

4.1.1. Discussion on the internal control variables
a) Change in {rynner: The drastic decrease of the {rynner needs to be

studied with respect to the blade height, blade number (s/I) and
incidence effects. However, Ainley and Mathieson [16] have
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Fig. 6. (A) Discharge and power curves for runner A and runner C. (B) Efficiency curves
for runner A and runner C.

Table 2

Percentage analysis of the major and internal variables for runner A and runner C.

Summary of the internal variables

Summary of main variables

Runner type

Dependent

Control
¢

Dependent

Control

(kQ*)

B3 083 o Sorz Cx cx Acy 0Acy kQ?
(%) (%) (%) (%) (m)

o¢
(%)

oP on
(%)

0Q

(%)

(m)

(m/s)
1.

(m/s)

(deg)
38.0

(deg)
76.5

(%)

(w)

(1s)

(rpm)
900
900

m)
1.75
1.75

2.173 +34.3% 34 -11.0% 0.460 +14.3%
2918

—6.8% -9.3%

810 +4.9% 73.9% —8.9% 1.91 —27.4%
850 65.0% 1.39

+18.0%

64.0

Runner A
Runner B

0.602

1.19

34.5

713

75.5
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blade profile of runner C

Blade profile of runner A

Fig. 7. Consolidated velocity triangles at the blade tip for runner A and runner C.

Table 3
Sensitivity analysis for changes to ¢k and Ac, for runner A and runner C.

Overall change in  dcy due to runner ocx due to (3

dcx due to ap

dcx (m/s)
Acx[0¢ o [ocx]z % Contribution  dcy/003 063 [0cx1lps % Contribution — dcy/das ooy OCxo % Contribution
0.74 -47E-02 -0.52 +0.02 +3% —7.45 -0.091 +0.68 +91% —0.65 -0.062 +0.04 +5%
Overall change in  6Acy, due to {runner 0Acy due to (3 0Acy, due to ay
O0Acy (m/s)
0Acy[0¢ o [0Acy] % Contribution — 8Acy/d83 083 [6Acylpbs % Contribution  0Acy/dar  daz O0Acy % Contribution
-0.15 -2.3E-01 -0.52 0.12 +81% 2.75 -0.091 -0.25 —-169% 0.29 -0.06 -0.02 -12%

showed that the profile loss coefficient does not change for
such small change in s/l (1.17—1.15). On the other hand, with
the large dy/D, the blade surface is reduced, which reduces the
friction. From Fig. 7, the incidence line for runner B has moved
3¢ closer to blade angle, which could have slightly reduced the
loss coefficient. It has to be seen how this drop in {;ynner would
affect the behaviour of the dependent variables like cx and Acy.

b) Change in (3: It can be seen from Fig. 7 that the (3 for runner C
(6 blade) has decreased considerably and is nearly coinciding
with the exit blade direction. This result validates the reduced
slip and better guidance theory proposed in [16] to a certain
extent. The relative flow direction for runner A has moved
considerably in the opposite direction of the blade rotation
clearly due slip effects. But, it has to be also pointed out that the
change in exit blade angle B*3 (from 74° to 71°) between the
two runners will also influence the change in 3 to an extent.
Therefore, the change in §3 is due to both blade number and
exit blade angle. It will be interesting to see how this overall
guidance effect will influence the performance.

c) Change in ay: As discussed in Section 2.3.3, the «; is influenced
by the dy/D for given guide vane area and runner tip diameter.

y

runner B, dv/D=0.3, z=5, s/I=1.17

(=1.68

It can be seen from Fig. 7 that with increase in dy/D, the ay has
decreased. The relative influence of this change in a; on the
other dependent variables will be interesting to analyze.

4.1.2. Discussion on the internal dependent variables

a) Change in cx: The sensitivity analysis carried in Table 3 clearly
shows that the single most contributing factor for the increase
in axial flow velocity is the relative flow angle at exit. Nearly
91% of the increase in velocity is coming from decrease of fs.
The changes in «y and {unner have marginally contributed to
the rise in axial velocity. It is really surprising that a substantial
decrease in {rynner Of more than 27% has had a relatively
insignificant effect on cy.

b) Change in Acy: Table 3 shows that { ynner is increasing the Acy
by 0.12 m/s, but both #3 and «; are bringing down the Acy,
considerably and resulting in the overall decrease of Ac, by
0.15 m/s. It can be also observed that 83 is playing a dominating
role in reducing the velocity by 0.25 m/s compared to a;, which
brings the velocity down by only 0.02 m/s.

&

runner C, di/D=0.42, z=6, s/I=1.15

{=1.39

o

"\

o

/\'\

Fig. 8. Cascades of the runner B and runner C.
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Fig. 9. (A) Discharge and power curves for runner B and runner C. (B) Efficiency curves
for runner B and runner C.

4.1.3. Summary of discussion for runner A and runner C

It can be clearly seen that the decrease of runner friction
coefficient in runner C has not been able to play a dominating role
in controlling the performance compared to the change in relative
flow direction at exit. The increase in blade number and to an
extent the change in the exit blade angle has improved guidance
of runner C, but in the process this has reduced the net tangential
flow velocity and increased axial flow velocity, thus bringing
down the efficiency considerably. Therefore, more number of
blades has created a negative influence on the overall perfor-
mance. Another conclusion for this particular case is that the
influence of blade number on performance is much more
compared to the influence of blade height. The blade height has
only influenced the friction coefficient and the inlet vortex angle.
The runner loss coefficient may have positively affected the net
tangential velocity to an extent but it has not been able to
influence the behaviour of axial flow velocity. But, the inlet vortex
angle could hardly affect the dependent variables.

4.2. Comparison between runner B and runner C

The cascade profiles of the two runners are shown in Fig. 8. The
performance characteristics compared in Fig. 9A and B show that
the discharge for the runner C is greater than that of runner B over
the complete range, but the power characteristics are identical and
efficiency behaviour of the runner C is showing a decreasing trend.
The percentage analysis in Table 4 shows that the discharge of
runner C has increased by 10%, while power has marginally
changed and efficiency has decreased from 72% to 65%. The
comparison of the internal variables reveals that the {iynper has
decreased by nearly 18%, while the 83 dropped by 5% (nearly 3.7°)
and «; has decreased by 7%. The internal dependent variable ¢y has
increased by nearly 22%, while the other dependent variable Acy,

Table 4

Percentage analysis of the major and internal variables for runner B and runner C.

Summary of the internal variables

Summary of main variables

Runner type

Dependent

Control

Dependent

Control

8(kQ?)

SAcy kQ?
(m) (m)

(%)

Acy
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(
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1.
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(m)

+11.0%

0.493

—8.7%

2.396 +21.8%

2918

—4.9% -7.3%

—-17.5%

845 +0.6% 72.0% —7.0% 68
850 65.0%

+10.2%
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1.75
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Runner C
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Fig. 10. Consolidated velocity triangles at the blade tip for runner B and runner C.

has fallen by 9%. The velocity triangles for the two runners are
constructed in Fig. 10.

4.2.1. Discussion on the internal control variables

a) Change in {runper: The reduction of {rynner can be attributed
mainly to the reduced blade height. The comparison of inci-
dence effects in Fig. 10 shows no major change, which proves
that incidence is not playing a major role in reducing {unner-
Another influence to the runner coefficient could also be the
shape of the blade passage.

b) Change in f3: The exit blade angles of the two runners are
comparable (70° and 71°), hence the nearly perfect guidance of
the exit flow for runner C could be directly owed to increase in
the number of blades (reduced slip).

c) Change in ay: The dp/D ratio has influenced the decrease of
inlet tip swirl from 37.2° to 34.5° for runner C.

4.2.2. Discussion on the internal dependent variables

a) Change in cx: The sensitivity analysis illustrated in Table 5
reveals that the increase in axial velocity is primarily coming
from the relative flow direction effects. The influence of { unner
and «; are negligible.

b) Change in Acy: It can be seen that the decrease in Acy is
resulting from two contrasting effects. While iypper is
increasing the Acy, both 83 and ay are contributing to the fall in
Acy. Table 5 shows that the influence of (3 is very dominating.

4.2.3. Summary of discussion for runner B and runner C
The analysis of the results shows that the perfect flow guidance
at the exit of runner C is playing a major role in increasing the axial

Table 5
Sensitivity analysis for changes to cx and Ac, for runner B and runner C.

velocity and decreasing the net tangential flow velocity, both of
which eventually reduces the efficiency. The results also suggest
that the relative flow direction at exit is influenced mainly by the
number of blades compared to the exit blade angle. As seen with
the previous stage comparison (Section 4.1), the influence of runner
loss coefficient, a parameter depending on the blade height, is
restricted only in the improvement of the net tangential velocity.
On the whole the blade number seems to be controlling the
performance more than the blade height for this comparison stage
(runner B and runner C).

4.3. Discussion of the model’s limitations

The possible errors in the model need to be analyzed, since
important conclusions have been interpreted from this model. A
free vortex flow characteristics is assumed between the guide vane
exit and runner inlet. It can be seen from Fig. 3 that the flow
changes from radial to axial flow in a relatively short length. The
prime criterion for the validity of free vortex flows is radial equi-
librium and constant axial velocity. It is difficult to imagine a zero
radial flow component in reality. These deviations would naturally
affect the inlet vortex angle predictions, which would affect the
shape of velocity triangles. However, it is seen from the study both
in Section 4.1.2 and 4.2.2 that the influence of inlet vortex angle on
the performance is rather small.

The other source of error could come from the fact that the
entire conclusions are based on velocity triangles at the blade tip. It
would be interesting to repeat the analysis at different sections of
the blade. Further, the leakage losses have not been considered in
the model, which is reasonable since only relative changes between
runner stages are being analyzed.

Overall dcy (m/s) 0Acy due to {runner

dcy due to (3

dcy due to ap

acy[0C 14 [ocx]z % Contribution  dcy/063 [0cx1lps % Contribution — dck/day Oz 0Cx2 % Contribution
0.52 -6.7E-02 -0.30 +0.020 +4% -7.29 —-0.064 +0.47 +89% -0.77 —-0.047 +0.04 +7%
Overall 6Acy (m/s)  0Ac, due to runner 0Acy due to B3 0Acy, due to ay

acx[0¢ ¢ [ocx]z % Contribution  dcy/063 [0cx1lps % Contribution — dcx/daz Oz 0Cx2 % Contribution
-0.11 -0.41 —-0.30 +0.08 +71% 2.81 -0.064 -0.18 —157% 0.33 —-0.047 -0.02 -14%
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5. Conclusions and recommendations

It can be concluded that the theoretical model developed for
propeller turbines along with the sensitivity analysis was very useful
to accurately study the influences of the two geometric design
parameters, the blade height and blade number. Based on principles
of classical turbomachinery, the model evolved a functionality of the
internal variables. The two design parameters, blade height and blade
number were respectively related to two internal control variables,
the inlet vortex angle and the relative flow angle at the exit. These
functionalities were further validated using the experimental data.

The experimental study carried out on 3 runners broadly
concluded that influence of blade number was much more than the
influence of blade height (or hub to tip ratio). It was found that with an
increase of the blade number, the flow guidance improved. However,
this improved guidance, surprisingly had an overall negative effect on
the performance with efficiency decreasing by 8—10%, arising due to
an increased axial velocity and reduced net tangential velocity.

Table A1
Uncertainty table for all the runner stages.
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Appendix. Experimental uncertainty analysis

The overall uncertainty analysis is carried out using the single
sample study proposed by Moffat[12] and Kline [ 13] at the BEP points
of the 3 runner and is summarized in Table Al. The evaluation
combines the results from two separate test-rigs namely, the gener-
ator test-rig used for characterizing the generator and the turbine
test-rig used to study the complete turbine generator unit. The
overall random error for all the variables is summarized in Table A2.

Runner Generator parameters

Turbine parameters

14 Aviv. 1 Al N AN/[N T ATIT ng Ang/ng  APm/Pm Pm Q AQQ H AHH  nm Am/Mm Afm
Runner A 825 +0.1% 6.7 +£1.5% 900 +0.1% 86 +12% 682% +19% +24% 810 640 +02% 175 +03% 73.9% +24% +1.8%
Runner B 81.0 +01% 7 +14% 900 +0.1% 90 +1.1% 67.1% +1.8% +23% 845 685 +0.1% 175 +03% 72.0% +23%  +1.7%
Runner C 807 +0.1% 7.05 +14% 900 +0.1% 90 +1.1% 669% +1.8% +23% 850 755 +0.1% 175 +03% 650% +23%  +1.5%
Table A2
It was further found that the runner loss coefficient decreased Maximum random error for each variable.
COHSidercjlbly in the range of 20—30% for the.runner having Smal.ler AV (V) Al (A) AN (rpm) AT (Nm) AQ (I/s) AH (m)
blade he!ght and greater blade number. ThlS decrgase was attrib- 01 o1 = 01 o1 0.005
uted mainly to the shortened blade height and improved flow
passage geometry, since increased blade number would instead
contribute to the rise in friction. However, this large decrease in References

runner loss coefficient could hardly influence the axial flow
velocity, though it positively contributed to the increase of the net
tangential flow velocity.

The results were very interesting and helped in concluding
that the blade number should not be increased until there is
need to increase the flow through the turbine at the same head,
but with comprise of a large drop in efficiency. For the
boundary conditions considered in this paper, it is strongly
recommended to use propellers with smaller blade height but
fewer blades in order to combine the positives of these two
design parameters.

The model’s limitation were also discussed in which the free
vortex assumptions of flow before the runner were found to be
debatable. However, given the limited influence of the inlet
vortex angle on the performance as found from the experimental
analysis, this assumption would not derail the major conclusions
of the study. Though this study brought out the separate influ-
ence of the blade height and blade number with certain amount
of clarity, it is still recommended to independently verify these
two effects.

The experimental study has presented very important and
interesting results concerning flow hydraulics within runner
under the change of some design parameters. The validation of
these results using a calibrated and reliable CFD model is vital,
as this could reveal certain deficiencies in the theoretical
model used. Once the results are validated, it can be extended
to the standardization of the design parameters in low head
axial flow turbines and serve as a platform for sustainable
application in micro-hydro and other energy recovery
systems.
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Influence of the Blade Hub Geometry on the Performance
of Low-Head Axial Flow Turbines

Punit Singh' and Franz Nestmann?

Abstract: The influence of geometric parameters, such as blade profile and hub geometry on axial flow turbines for micro hydro application
remains poorly characterized. This paper first introduces a holistic theoretical model for studying the hydraulic phenomenon resulting from
geometric modification to the blades. It then describes modification carried out on two runner stages, of which one has untwisted blades and
the other has twisted blades obtained by modifying the inlet hub. The experimental results showed that the performance of the untwisted blade
runner was satisfactory with a maximum efficiency of 68%. However, positive effects of twisted blades were clearly evident with an efficiency
rise of more than 2%. This study also looks into the possible limitations of the model and suggests the extension of the experimental work and
the use of computational tools to conduct a progressive validation of all experimental findings, especially on the flow physics within the hub
region and the slip phenomena. The paper finally underlines the importance of developing a standardization philosophy for axial flow turbines
specific for micro hydro requirements. DOI: 10.1061/(ASCE)EY.1943-7897.0000060. © 2012 American Society of Civil Engineers.

CE Database subject headings: Hydropower; Head (fluid mechanics); Experimentation; Optimization; Turbines.

Author keywords: Hydropower; Low head; Turbines; Blade twist; Experimentation; Optimization; Slip phenomena.

Introduction

Background

Optimization studies for axial flow turbines comprised of the influ-
ence of geometric parameters, such as blade angles, blade height,
blade number, and other geometric constants, especially for low-
head and smaller power capacities (below 10 kW), has been very
limited. The general layout of the blade profiles and specification of
other geometries can be obtained by the standard design theories,
such as free vortex theory or the constant nozzle angle theory; how-
ever, this design information is not enough to evaluate how the geo-
metric parameters would individually affect the performance of the
turbine. In the special context of micro hydro, the optimization
study becomes extremely important because of challenging boun-
dary conditions, such as large variation of flow, and also has the
challenge to generating optimum power notwithstanding the eco-
nomic constraints that emphasizes on simplicity. Further, the study
is also significant to initiate standardization of designs.

Propeller turbine research, although limited, has attracted
the attention of few researchers that include Rao et al. (1988);
Soundarnayagam and Suryanarayanan (1988); APRL 2001;
Demitriades (1997); Upadhyay (2004); Simpson and Williams
(2006) and Alexander et al. (2009). Among them, Upadhyay
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(2004) carried out optimization studies at a computational level,
whereas Simpson and Williams (2006) reported an improvement
in the performance of the field propeller turbine after carrying geo-
metric modification to the runner. However, there has been no
holistic approach from either the experimental or computational
methods to study the influence of individual design parameters.

Singh and Nestmann (2009) made an attempt to study the effects
of inlet and exit blade geometry on one runner. They attempted to
qualitatively analyze internal hydraulic phenomena within the run-
ner caused by these geometric modifications and presented inter-
esting results. However, they could not numerically quantify the
exact behavior pattern of these variables. In spite of this, their work
is a good starting point for studying the geometrical influences,
which need to be enhanced and given a holistic character.

The blade twist feature of an axial flow turbine blade is said
to be the prime consideration for the optimum performance of
the runner. The degree of this twist is primarily decided by design
approaches employed. Further, it was found that there is a differ-
ence between the performance of a design and an actual runner,
as reported in Singh and Nestmann (2009). The study of the
influence of blade twist therefore becomes important not only to
validate the design theories but also to evaluate the degree of
improvement of performance that the twist of the blades would
affect.

From the perspective of micro hydro, it is necessary to actually
state the level of performance alleviation that can be attained with
the help of twist to justify the complicated manufacture of a twisted
blade profile. This study will further help to answer the question of
using untwisted or constant blade angle runners for small power
outputs.

Objectives and Problem Outline

1. To build a holistic theoretical model based on the principles of
classical turbomachinery for studying the influence of blade
design parameters of a propeller turbine system and for nu-
merically characterizing the behavior of the internal hydraulic
parameters by employing functionalities;
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2. To experimentally compare the performance of an untwisted
blade runner with a runner that incorporates blades certain
amount of twist introduced by modifying the inlet hub region
only;

3. To use the developed theoretical model and experimental
results to ascertain the internal hydraulic phenomena with re-
spect to the runner loss coefficient and velocity vectors; and

4. To evaluate the limitations of the model and find out the pos-
sible sources error and to make suitable recommendations for
further study of twist effects.

Theoretical Model

Main Variables and Functionalities of Propeller Runner

The primary working variables for any hydro turbine are classified
as input variables, which include the available head and discharge,
and the output variables, comprised of the shaft power and speed.
By using the standard dimensional analysis, the control (or inde-
pendent) variables for this system are the head and speed, whereas
the dependent variables are represented as the discharge and shaft
power. Another performance parameter is the efficiency, which is,
again, a dependent variable. The overall dimensional functional
equation is represented by Eq. (1):

QsPshafnn:f(N’gH) (1)

Singh and Nestmann (2009) attempted to give a greater physical
meaning to the behavior of these dependent variables (discharge,
power, and efficiency) individually with respect to the two impor-
tant internal hydraulic variables; namely, the Euler shaft work, or
net rotational momentum, and the runner loss coefficient. They fur-
ther related the resulting hydraulic phenomena to the geometric
modifications carried out on the runner.

Internal Variables and Functionalities

The classification of internal variables and their functionalities is
obtained by defining and expanding the primary variables, as con-
ducted in the section “Identifying the Internal Variables,” without
altering the functionality of Eq. (1). The velocity triangle along
with the cascade approach is then utilized to develop a deeper
understanding of the physical significance of the internal variables
with respect to geometrical design parameters.

A typical inlet and exit velocity triangles for a low-pressure axial
stage having hub to tip ratio (d,,/D) of 0.5 is shown in Fig. 1 for

B*2.h line
\
0Ol2.h Cat 132“ Wast
Ola. ’
Cx
hub profile
Cu2.t
Ut
direction ol\blade rotation

C3.h

Cx

Cu3.g
Unh

both the hub and tip profiles. The hub profiles at the blade inlet
have large incidence effects because a free vortex flow character-
istics are assumed, which calls for uniform angular momentum
along the blade height from hub to tip. The velocity triangle shapes
at the hub and tip will be the focus of the experimental analysis for
the twisted and untwisted runner blades.

Identifying the Internal Variables

1. Discharge (Q): The discharge is a dependent variable, as
shown in Eq. (1), and is given by the mean axial flow velocity
and the flow area in Eq. (2). If the diameter (D) is taken as an
independent geometric variable and hub to tip ratio (d,/D)
taken as a design variable, then the axial flow velocity (c,)
directly corresponds to Q and becomes an internal dependent
variable:

Q=c,-(7-D*/4)-[1-(d/D)’]  ¢=<Q

2. Shaft power (Pgz): As shown in Singh and Nestmann (2009),
who used the basis of Euler turbine fundamentals proposed by
Pfleiderer and Petermann (1991) and Dixon (2005a), it is ap-
propriate to represent the shaft power by the Euler shaft work
(Ac, - u or change of rotational momentum) and leakage
losses, as shown in Eq. (3):

(@)

3

Py = m - (Ac,, - u) — leakage losses

If leakage effects are neglected, especially while comparing
two optimization stages, then the shaft power’s proportionality
can be written as Eq. (4). Further, it can be easily shown that
the net tangential flow velocity, Ac, is another internal depen-
dent variable that represents the energy transfer or rotational
momentum and hence, the shaft work:

Ppant %(pQu)(Acu):(pACxu)(ACu)
= {p ' (ﬂ— ! D2/4) ' [1 - (dh/D)2] “Cx ot u} ! (Acu)
)

By using the velocity triangles in Fig. 1, the Ac, is given
by Eq. (5), and for constant blade velocity () and inlet vortex
angle (), a functionality for the net tangential velocity (Ac,,)
in mean axial velocity (c,) and relative flow angle at exit ((33)
can be established. The swirl angle at inlet (cv,) is a function
of the blade height (or d;,/D ratio), whose characteristics are
discussed in the section “Inlet Vortex Angle (a,):”

tip profile

direction of rotation

_’I_<_Cu3.1

Fig. 1. Typical velocity triangles of a low pressure axial turbine at the blade hub and tip
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ACu =Cp—Cy3

Ac, = (¢ - tan o) — (u —c, - tan 33)
=c, - (tan oy +tan B3) —u

Ac, = f(cy, B3) for constant u and o,

)

3. Head (gH): The available head is an independent variable of
the turbine control volume and can be represented by the Euler
shaft work and the total system losses [Eq. (6)], of which run-
ner losses are an important component. The system losses
are represented by the system loss coefficient (k) and the
discharge:

gH = ACu U Miggges = ACu “uU A+ ksystem ' Q2
=Ac, - u+ ksystem A% C% (6)

Therefore, the expansion of the main variables (discharge, shaft
power, and head) have helped in the identifying internal variables
of the propeller system that include the mean axial velocity, net
tangential flow velocity, runner loss coefficient, exit relative flow
angle, and inlet vortex flow angle.

Functionality for the Mean Axial Velocity

Combining Egs. (5) and (6), a second-degree polynomial for ¢, can
be developed that is represented by Eq. (7). If tangential blade
speed, the available head, and the inlet swirl angle are kept con-
stant, then ¢, would depend only on kg and B3. This is a very
important functionality for analyzing the results of geometric
changes to blades. The relative influences of kgygem (OT kpunner)
and (3 can be obtained by performing the sensitivity analysis
on Eq. (7):

ksyslem A ((’%)—i_u : (tan o + tan ﬂ3) : (cx) - (9H+ u2) =0
¢y = f(ksysiem- 03) giventhat gH, u, and v, are kept constant

(7

Functionality for the Net Tangential Flow Velocity

By putting Eq. (5) into Eq. (7) and simplifying, a relationship be-
tween Ac, and the other variables can be determined, as illustrated
in Eq. (8). The Ac, will, again, remain a function of the two control
variables of kgygem and (3. The individual influences of these two
control variables can be studied by carrying out a sensitivity analy-
sis on Eq. (8):

AC%{ : (ksystem : Az) + Acu “u- [2 : ksystem - A?

+ (tan [6%) + tan 53)2] + ksystem : A2 : uZ - gH
: (tan 0 + tan 53)2 =0 ACu = f(ksystem7 ﬂ3) (8)

for constant u, gH and «,

Overall Functionality of Internal Variables

Combining functionalities for ¢, and Ac,,, the internal functionality
can be specified with kgyem and 3 as the control variables and ¢,
and Ac, as the dependent variables, as illustrated in Eq. (9), that
will be the basis of analyzing the hydraulic phenomenon within the
runner. The internal functionality calls for a better understanding of
the two control variables, the system (or runner loss) coefficient and
the exit relative flow angle. Further, the inlet swirl angle, which is

also a control variable but taken as a fixed variable in the present
analysis, needs a special discussion:

o Ac, = f(kgygem: 33) forconstant u, gH , and o, 9)

Internal Control Variables: Runner Loss Coefficient

The overall loss coefficient (kgygern) is comprised of coefficients
within different components like the spiral volute, guide vane ring,
runner itself, and the draft tube. Because the modifications are car-
ried out on the runner, the changes to the loss coefficients in the
components other than the runner are negligible. Furthermore,
the runner loss coefficient can be related to the pressure loss co-
efficient ¢, as shown in Eq. (10). Physically, there is no difference
between ¢ and Kpypner:

krunner . Q2 = C : /2 : Ci (10)

The runner loss coefficient for axial blade profiles is generally
evaluated by using the cascade and wind tunnel tests, as discussed
in Dixon (2005b) and Watson and Janota (1982), in which this co-
efficient is treated primarily as a function of the angle of incidence
and flow separation effects. However, the (nner also depends on
local boundary layers, which is influenced by geometry of blade
passage, the blade height (or d),/D), the blade number (or blade
pitch to chord length ratio), the chord length of the blade at different
radial sections, and other factors. The behavior of the k. ner, 1S
complex and a detailed experimental analysis can reveal more
information about the relative dependence of k... on these
parameters:

krumner = f (angle of incidence, flow passage geometry, blade length,

hub to tip ratio, blade pitch to chord length ratio) (11)

In the present study, in which the twist of the blade is analyzed,
the only parameters that can influence the k., are the angle of
incidence, which depends on the respective inlet blade angles, and
flow passage geometry, which is, again, a function of the blade
angles.

Internal Control Variables: Relative Flow Angle at
Runner EXxit

The relative flow angle depends primarily on two parameters,
namely the exit blade angle and the complex slip mechanism
[as reported by Cohrs (1997) at the exit of pumps operating as tur-
bines]. Slip is governed by circulation within the blade passages.
The theoretical study of the slip is not the goal of this paper. Rather,
it will be attempted to establish the dependence of the relative flow
angle on the exit blade angle and slip effects with the help of veloc-
ity triangles:

(5 = f(blade angle at the exit, slip effects) (12)

Internal Control Variables: Inlet vortex angle

The inlet vortex angle is a control variable but a fixed variable, as
shown in the internal functionality in Eq. (9). The vortex angle
ahead of the runner can be theoretically determined by using the
continuity and the free vortex equation. It can be proved that «,
is a function of d,/D [refer to steps in Eq. (13)].

From the continuity equation, Agyigevane * €1 = Arunner * Cx2 =
(x - D2/4) - [l = (d/D)] - e
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From the free vortex equation, ¢, - r; = c,0 - >

a, = tan~! <%>
Cx2
Cu1 * (DI/D) }

— —1

- {Aguidevane : C,]/(Tf : D2/4) : [1 - (dh/D)z]
:tan_l{ tan ay - (DI/D) }
Aguidevane ' /(ﬂ- : D2/4) ' [1 - (dh/D)z} ’

because(c,; = ¢, - tan o) (13)

For a given guide vane design and runner tip diameter, the func-
tionality for inlet vortex angle is represented as, «, = f(d,,/D).

If d;,/ D is maintained constant, the vortex angle profile will also
be constant. Fig. 2 describes the absolute flow triangles at the guide
vane exit, at the runner tip inlet, and the runner hub inlet for the
experimental runner used in the testing. The v, is increasing from
the tip to the hub. One of the prime conditions to develop the free
vortex theory is the constancy of the axial flow velocity and no
influence of radial or secondary flows. Any deviations in these
conditions will affect the profile of the inlet vortex angle striking
the runner.

Construction of Velocity Triangles

The construction of the inlet and exit velocity triangles for the ac-
tual operating conditions helps in establishing the two important
parameters, namely the angle of incidence (i) and the relative flow
angle at the runner exit (/33). As shown in Egs. (11) and (9), both
angles are controlling the internal performance parameters. The
velocity triangles are constructed both at the tip and hub for
the twisted and untwisted runner blades by using the following
principles:

e Inlet velocity triangle: The inlet velocity triangle can be con-
structed with the known inlet vortex angle, «, (refer to Fig. 2),
the axial velocity, ¢, [obtained from Eq. (2)], and the tangential
blade velocity, u (given the speed and tip diameter).

» Exit velocity triangle: The important parameter to be determined
for the construction of the exit velocity triangle is the exit tan-
gential flow velocity c,3, which can be obtained from Eq. (5)
provided Ac, and c,, are known. The Ac, is obtained from
Eq. (4) for a measured shaft power and axial velocity. The exit
velocity triangle gives both the relative (33) and absolute flow
(o) directions. The exit blade angle (33) is not used for the
construction of the triangle.

Cy
Cx2

Inlet runner tip

Guide vane exit

‘ 02t=37.2°

radius-rat

Means of Solution

Experimental Runner Stages

The basic profile of the blades is obtained from the free vortex
design methodology for the boundary conditions of 1.75 m and
75 L/s, as shown in Singh and Nestmann (2009). The recommen-
dation of the free vortex theory for the blade design is summarized
in Table 1, which specifies a twist of the blade from hub to tip and
different inlet and exit flow angles. However, the basic experimen-
tal runner incorporates a constant blade angle design of 70° against
the free vortex recommendation of 74° at the inlet tip and 76° at the
exit tip.

The actual design parameters of the two runner stages studied in
this paper are summarized in Table 2 and the hub modification is
illustrated in Figs. 3(a—c), respectively. Stage 1 of the runner is hav-
ing a constant blade angle from hub to tip, and Stage 2 has been
modified in the hub region only, without any changes to the major
portion of the blade.

Experimental Test Rig

The experimental test rig for characterizing the propeller stages is
shown in Fig. 4 and discussed, in detail, in Singh and Nestmann
(2009). The complete propeller unit, comprised of the runner,
mechanical assembly, and the generator, is shown in Fig. 5.

Table 1. Free Vortex Specifications of the Relative and Absolute Flow
Angles at the Inlet and Exit of the Blade

Hub to tip ratio, d,,/D

Flow

angles (°) 0.3 04 05 06 065 07 08 09 1

az 59.1° 51.4° 45.0° 39.9° 37.6° 35.6° 32.0° 29.1° 26.6°
055 —25.3° 19.0° 44.8° 57.3° 61.3° 64.3° 68.7° 71.8° 74.0°
o 0° 0° 0° 0° 0° 0° 0° 0° 0°

03 50.1° 57.9° 62.4° 67.3° 68.9° 70.3° 72.6° 74.4° 75.9°

Table 2. Summary of the Specifications of the Experimental Runners

Design parameters of the runner

Runner stage d,/D ), B B y, By By oz

Runner-stage 1 0.3 68.4° 70° 70° 37.2° 70° 70° 5
Runner-stage 2 0.3 68.4° 60° 70° 37.2° 70° 70° 5

Can
02h =68.4°

Cx2

Cuzh radius-rzn

Inlet runner hub

Fig. 2. Velocity triangles at the guide vane exit, inlet runner hub, and inlet runner tip
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(@)

Fig. 3. (a) Untwisted blade runner—Stage 1; (b) modification at the hub; (c) twisted blade runner—Stage 2 (images by Giinther Kiihn/Punit Singh)
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Fig. 4. Hydraulic test rig for propeller turbines
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Fig. 5. Assembly of the propeller turbine unit

Analysis of the Internal Variables

The performance analysis between the two stages is carried out at a
gross head of 1.75 m and a speed of 900 rpm, which includes the
study of the behavior of both the main and the internal variables by
using the theory highlighted in the section “Theoretical Model.”

The percentage deviations of the primary variables are graphically
read out from the constant head characteristics and are related to
the internal variables by the analytical equations described in the
following:
1. Change in axial velocity, 6(c,): From Eq. (2), ¢, is pro-
portional to Q for the same d,/D. Hence, 6(c,) is also
proportional to 6(Q):

6(cy) ~ 6(Q) (14)

Physically, the change in axial velocity implies some change
caused by either k.. Or 3 or both, as shown in Eq. (7).
The exact pattern of the behavior can be determined only by
solving the quadratic polynomial in Eq. (7). However, sensi-
tivity analysis can be performed between any two stages of
optimization, and the relative influences of both k., and 33
can be obtained from the individual slopes J(c,)/0(k) and
9(cy)/0(33) for fixed changes of kypner and [s.

2. Change in net tangential flow velocity, 6(Ac,): This compo-
nent can be evolved from Eq. (15) by using experimental
results of two stages, which is then combined with the differ-
ential form of Ac, [given by Eq. (8)] to determine the relative
influences of ke and 3, by using the sensitivity analysis
approach once again that comprises of determining the slopes,
9(Ac,)/0(k) and O(Ac,)/d(35) for fixed changes Of kyyper
and f5:

6(Acy) ~ |Pgair/ (p - Q) - uly = |Popare/ (p - Q) - ulp  (15)

3. Change in runner loss coefficient, &(kpner): This can be de-
termined by using the differential form of Eq. (6), as shown in
Eq. (16). For identical flow conditions within guide vanes,
draft tubes, and other components, the change in kgygem can
be taken as proportional to the change in ke

5(ksystem) ~ 6(krunner)
= |(gH_ ACu'“)/Q2|A - |(gH - ACu : u)/Q2|B
(16)
4. Change in exit relative flow angle (63;) and the angle of

incidences at the inlet (i,): These are determined from the
velocity triangles.

Results and Discussion

Influence of Inlet Hub

The cascades at the hub of the two runner stages are shown in Fig. 6,
whereas the unaltered tip blade profile is represented in Fig. 7. The
performance characteristics are compared in Figs. 8(a—b), which
reveal that power characteristics of the modified hub (twisted stage)
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modified hub

Fig. 6. Cascades of the hub blade profiles for the two runners’ stages

o

/\0
<] common tip profile for both runner stages

o

19

Fig. 7. Cascade of the tip blade profiles

have significantly improved over the complete operating range,
whereas the discharge capacity has marginally increased, and
the efficiency has risen. However, the performance of the constant
blade angle runner is reasonably good, which reaches a maximum
efficiency of 68% at 800 rpm. This is an important result when the
objective is to keep the design and manufacturing of the runner as
simple as possible.

The percentage analysis in Table 3 shows that the power of the
modified hub has increased by 5.3%, whereas the discharge has
risen by 1.7%, resulting in an efficiency improvement from 66
to 68% at 900 rpm. Among the internal control variables, the
krunner has dropped by nearly 10%, whereas the (3; has changed
by only 0.2%. However, the internal dependent variables, ¢, and
Ac,, have increased by 1.7 and 3.5%, respectively. It will be in-
teresting to see how changes to the two control variables (kpner and
(33) have relatively affected the dependent variables. The velocity
triangles for the two stages, on the basis of experimental results and
assumptions described in the section “Construction of Velocity
Triangles,” were plotted at the tip and hub profiles, respectively,
in Figs. 9 and 10.
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Discussion on the Behavior of Internal Control

Variables

1. Change in kg, The decrease of the kpnner can be primarily
attributed to better flow passage geometry in the hub and ad-
joining regions because incidence effects do not seem to have
altered, as shown in both the inlet triangles of the tip and hub
blade profiles from Figs. 9 and 10, respectively.

2. Change in 35: The marginal change in the direction of 35 for
the modified hub is following the direction of the blade rota-
tion, which signifies a decreased slip effect. It will be interest-
ing to see how this small change in relative flow direction will
influence the other two dependent variables, ¢, and Ac,,
respectively.

Discussion on the Behavior of Internal Dependent
Variables

1. Change in c¢,: The sensitive analysis in Table 4 reveals some
unexpected results. A minute change of 0.2° in 35 is contri-
buting to a 68% rise in c,, whereas the large change of
10% in ke 1S resulting in a rise of only 32% in c,. This
result clearly shows that the axial flow velocity is very sensi-
tive to the change in the relative flow angle at the exit.

2. Change in Ac,: The 3.5% (40.042 m/s) rise in Ac, re-
sults from two contrasting effects, as shown in Table 4.
Although the decrease in k. 1S playing a dominating
role and causing the Ac, to rise by 0.057 m/s, the decrease
in (3 is contributing to the drop in Ac, by 0.015 m/s.
This result indicates that the net tangential velocity is more
sensitive to the runner loss coefficient than the exit relative
flow angle.

100%

80%

2
= Bﬁ:ﬁ!
2 0% 'S
[ °© o
S a3
& ﬂ\
o 40% g
s € \
S e
= 20% = AW
o
0% M
600 800 1000 1200 1400 1600 1800 2000
Speed, rpm

(o) A Inlet hub angle - 60° o Inlet hub angle - 70°

Fig. 8. (a) Discharge and power curves for the two runner stages; (b) efficiency curves for the two runner stages
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Table 3. Percentage Analysis of the Major and Internal Variables for the Two Runner Stages

Summary of the internal variables

Summary of main variables

Dependent

677 (%) krunner(l/m4) 6krunner (%) /83 (0) 653 (%) Cy (m/s) (Scx (%) Acu (m/s) 5Acu (%) kQ2 (m) 6(kQ2) (Hl)

Control

Dependent

50 (%) P (w) 6P (%)

Control
H (m) N (pm) Q(L/s)

Modification

Stage

Ul
66.0%
68.0%

—4.0

0.595
0.555

+3.5

1.20
1.24

-2.0 2.053 +1.7

77.24
77.06

-9.9

1,694
1,527

+2.0

900 58.7 +1.7 665 +5.3
700

900

1.75
1.75

Ban —70°

2.088

59.7

B3, — 60°

Discussion on the Shape of Velocity Triangles

The velocity triangles can be compared at the tip and at the
hub, which were constructed based on the principles laid out
in the section “Construction of Velocity Triangles” and the
experimental data. The tip velocity triangles (Fig. 9) resemble that
of a low-pressure stage with the relative velocity increasing
from the inlet to the exit. This behavior is in accordance to the
principle of rothalpy introduced by Dixon (2005a), in which the
flow within a turbine should accelerate. However, the velocity
triangles at the hub (Fig. 10) resemble that of a high-pressure
axial turbine stage, but the relative velocity is decreasing from
the inlet to the exit, signifying flow deceleration and a negative
reaction effect.

This uncommon phenomenon needs further investigation. There
could be a possibility of errors in the construction of the velocity
triangles. The inlet vortex profile, which is theoretically determined
by using the principles mentioned in the section “Inlet Vortex
Angle (a)” could be faulty. Because of radial and secondary flows,
the inlet vortex angle at the hub may be different from that pre-
dicted by Eq. (13). The constancy of the axial velocity is also debat-
able. The sensitivity analysis of the dependent variables with
respect to the inlet vortex angle could give an indication on the
influence of change in inlet vortex angle on the axial velocity
and the net tangential flow velocity, which are both the components
of the velocity triangle.

Nevertheless, the energy transfer in the hub region and flow
within these passages remains an interesting topic of study and
cannot be pursued with the limited experimental data available.
Experimental evaluation of the vortex profiles at the inlet will be
important to carry the investigation of the hub energy transfer
further.

Discussion of the Model’s Limitations

As mentioned in the previous section, there could be a possibility of
errors in the construction of the velocity triangles, which also forms
a part of the theoretical proposed in this paper. The sources of these
errors need to be analyzed because important conclusions were in-
terpreted by using this model. Although the classical turbine theory
cannot be disproved, one of the possible uncertainties could be with
respect to the free vortex flow characteristics assumed between the
guide vane exit and runner inlet. As shown in Fig. 5, the flow in this
region changes from radial to axial flow in a relatively short length.
The prime criteria for the validity of free vortex flows are radial
equilibrium and constant axial velocity. It is difficult to imagine
a zero radial flow condition in reality. These deviations would nat-
urally affect the inlet vortex angle predictions, which would affect
the shape of velocity triangles and conclusions made.

Further, the leakage losses were not considered in the model.
However, this is a reasonable assumption because only relative
changes of different parameters are analyzed.

Conclusions and Recommendations

The theoretical model developed on the principles of classical tur-
bomachinery for the specific case of propeller turbines was very
useful in comprehensively studying the hydraulic phenomenon
within the runner. It developed the functionality of the internal var-
iables and identified the runner loss coefficient and the exit relative
flow direction as the control variables and the axial flow and net
tangential flow velocities as the dependent variables for constant
speed and head operation. Further, these functionalities were vali-
dated by using experimental techniques.
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Fig. 9. Consolidated velocity triangles at the blade tip for the two runner stages
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Fig. 10. Consolidated velocity triangles at the blade hub for the two runner stages

The experimental results of untwisted and twisted blades were
very interesting. It was heartening to see an untwisted blade with a
constant blade angle of 70° achieving an efficiency of over 68%.
This simplistic design can be employed for smaller projects, in
which efficiency does not play a deciding role. However, the results
also clearly showed the value addition obtained by incorporating a
twist in the blades. A modification of the inlet hub angle from 70 to
60° certainly created positive effects, causing the efficiency to im-
prove over 2%, nearly reaching the 70% mark. There were clear
indications of enhanced power generation and a slight increase
of discharge capacity of the modified runner.

The study of the internal hydraulic parameters showed that the
there was considerable decrease in the runner loss coefficient,
which contributed to rise of net tangential flow velocity (or rota-
tional momentum) in a major way and slightly increased the axial
velocity. The decrease in the runner loss coefficient was attributed
to the improvement in the flow passage geometry near the hub re-
gion. The most interesting find was the role of the exit relative flow
velocity direction on the axial flow velocity. A very marginal de-
crease of 0.2° caused a substantial increase of axial velocity and a
drop in the net tangential velocity. This change of the relative flow
direction was attributed to the reduced slip in the modified hub
runner.

The overall results of the study underlined the importance of
twist in the design of axial flow turbine blades and agreed with
various design theories of axial turbine blades.

The velocity triangle analysis found an uncommon flow
phenomenon near the hub region, where flow deceleration was
observed instead of the normal flow acceleration in turbine blading.
This phenomenon was discussed in the prediction uncertainties of
the inlet vortex flow, which could affect the shape of the velocity
vectors. However, the energy transfer in the hub region remained
inconclusive.

The observations lead to several recommendations from the per-
spectives of both experimental and computational studies. On the
experimental side, it is recommended to measure the inlet vortex
flow and mean axial flow velocity profiles along the blade height
and compare the results with the theoretical prediction made in the
study. The second experimental study is to determine swirl flow
characteristics throughout the radial cross section of the blade at
the runner exit and compare it with the exit flow direction obtained
from the theoretical model.

The study found some limitations in the model primarily with
respect to free vortex flow assumptions made between the guide
vane exit and runner inlet, which need to be verified by using a
calibrated and reliable computational model. The chief objectives
of the computational fluid mechanics (CFD) model should be to
verify all the results of the experiments. It should also focus on
studying the quality of flow and energy transfer mechanisms at dif-
ferent sections of the blade, especially near the hub region that
showed flow deceleration in the experimental study. The CFD
model should further help in understanding the sensitivity of the
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Table 6. Maximum Random Error for Each Variable
AV(V) AI(A) AN @pm) AT (Nm) AQ(L/s) AH (m)
+0.1 +0.1 +1 +0.1 +0.1 0.005

performance parameters to the change in relative flow direction at
the runner exit.

Once the CFD model is calibrated to a satisfactory level, it can
then be used as an optimization tool and further help in realizing the
bigger objective of standardizing the design of optimum blade pro-
files required for special operating conditions of low-head axial
flow turbines in micro hydro application.

Appendix. Experimental Uncertainty Analysis

The overall uncertainty analysis is carried out by using the single
sample study proposed by Moffat (1982) and Kline (1985) at the
best efficiency points (BEP) points of the two runner stages and is
summarized in Table 5. The evaluation combines the results from
two separate test rigs, namely the generator test rig used for char-
acterizing the generator and the turbine test rig used to study the
complete turbine generator unit. The overall random error for all the
variables is summarized in Table 6.
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Notation

The following symbols are used in this paper

¢ = absolute velocity m/s;

D = tip diameter, m;

d = local diameter, m;
acceleration caused by gravity, m/s?;
head parameter, m;
current, A;
angle of incidence, deg;
= loss coefficient, 1/m*;
= mass flow rate, kg/s;
speed, rpm;
power, kW;
discharge, L/s or m?/s;
torque, Nm;
tangential blade velocity, m/s;
voltage, V;
relative velocity, m/s;
number of blades;
absolute flow angle, degrees;
[ = relative flow angle, degrees;
¢ = pressure loss coefficient;

O T <SS NRONZI xa ~T«
I

n = efficiency, %; and
p = density, kg/m?.

Subscripts

g = generator;

h = hub region;

m = mechanical;

tip region;
tangential direction;
axial direction;
guide vane exit;
runner inlet; and

= runner exit.

W = = T~
1l

Superscripts

+ = blade condition.
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Impeller performance

Axial flow impeller
shapes: Part 1

The increasing importance of low head applications necessitates

a study of the different axial flow pump impellers used for both
pump and turbine operations. In this first of two articles, Punit Singh
and Franz Nestmann of Karlsruhe Institute of Technology survey

the available impeller shapes and present a theoretical model that
reveals the behaviour of the impellers’ internal hydraulic variables.

ow head applications of turboma-
|_ chinery (both pumps and

turbines) are gaining increasing
importance in modern day engineering.
This is particularly true for turbine
operation for energy recovery and
decentralized power applications'2.
While the requirements for pumping
have been handled well by the
industry, by comparison the technology

Definition of parameters
and subscripts

c absolute velocity, m/s

g acceleration due to gravity, m/s’
H head, m

k, kg, etc. constants of the Euler line
Q discharge, I/s or m3/s

u tangential blade velocity, m/s

w relative velocity, m/s

a absolute flow angle, degrees

B relative flow angle, degrees

C pressure loss coefficient

* blade direction

fp forward curved pump impeller
ft forward curved turbine impeller
p pump mode

t turbine mode

u tangential direction

x axial direction

for low head turbine applications has
not yet been optimized.

The pumps for low head applications
are mainly of the axial flow type, which
are manufactured with either forward
or backward curved blades. These two
blade shapes have different influences
on the performance of the pumps.
However, neither experimental nor
theoretical investigations on these
influences have been effectively
compared or presented. In addition, the
total pump characteristics (four-quad-
rant analysis), which have become a
norm for the industrial use of pumps
under specialized operating conditions
after Stepanoff?, have not been
published for all the axial flow pumps
available on the market. One of the
quadrants of these characteristics
pertains to turbine operation. However,
it is not clear whether forward or
backward curved blades are more
suitable for turbine applications. In
order to clarify both pump and turbine
operations with these impeller shapes,
a theoretical study would be beneficial
before detailed experimental work is
initiated.

The objectives and problem outline of
this two-article series are summarized
as follows:

0262 1762/11 © 2011 Elsevier Ltd. All rights reserved
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a) To survey the different axial flow
pumps available with forward and
backward curved impeller shapes.

b) To develop a theoretical model based
on turbomachinery fundamentals for
both pump and turbine operation and
to study the behaviour of the internal
hydraulic variables in these impellers.

c) To study the implications for turbine
operation of both these impeller
shapes and recommend suitable
impellers for further experimental
optimization.

d) To initiate a simulation model for the
four-quadrant analysis of both these
impeller shapes.

Part 1 analyses the forward curved
blades, while part 2 will focus on
backward curved blades and compare
the pump and turbine operations for
the two blade shapes.

Means and methods

The study collates classical and modern-
day literature on the development of
optimum axial flow impeller shapes.
Further, a theoretical model based on
the Euler theory of turbomachines

is developed to study the internal
hydraulic behaviour of the two impeller
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Figure 1. Blade section of a forward curved impeller and diffuser.

shapes for both pump and turbine opera-
tions. The model will be useful in evalu-
ating the influences of the blade shapes
and also help in studying suitable shapes
for dedicated turbine operation.

Survey of axial flow impellers

The basic shape of the axial blade is defined
based on the relationship of the curvature
with respect to the direction of the blade
rotation. The forward curved variety is the
most common type of axial flow pump

impeller available on the market and is

also seen in the blade shapes of fans and
compressors. Figure 1 shows a section of a
forward curved axial impeller stage (impeller
and diffuser ring). This type of impeller has
been investigated by Baumgarten et al. and
Stark and Siekmann“@& for axial flow pumps,
while Dixon® has carried out studies on axial
flow fans and compressors with forward
curved blade designs. The energy transfer
and internal hydraulics for this blade shape
in pumps and turbines are discussed in the
next section.

Plane 3

PUMP MODE Flane 2

U5}

Rotor blade

— — Plane 1

Figure 3. Internal flow analysis of a forward curved blade in pump mode.

Figure 2. Blade section of a backward curved impeller and diffuser.

The shape of the backward curved
impeller along with the diffuser blade is
shown in Figure 2. This peculiar shape of
axial impeller has been widely used by
KSB (for example, in the Amacan P series;
www.ksb.com) and has also been reported
by Springerc. The energy transfer and
behaviour of the internal variables for
both pump and turbine modes will be
examined in the second article.

Theoretical model and analysis

A theoretical model is derived here for
pump and turbine operations using
forward curved impellers. The model relies
on Euler fundamentals for axial machines
as suggested by Singh and Nestmann®.

Pump operation

The construction of the velocity triangles in
pump mode involves certain assumptions,
namely, that the absolute flow entry to the
impeller is swirl-free, and that there is zero
flow incidence at the blade entry. Further,
the deflection of the relative velocity at the
blade exit is neglected, which is a reason-
able assumption provided the entry is
incidence free, as pointed out by Dixon for
compressor cascade results®. In addition,
the flow areas at the exit and the entry are
identical, making the axial flow velocities
identical as the compressibility effects of
the working fluid, which is liquid, have
been neglected.

The velocity triangles for the complete stage
of a forward curved impeller are plotted in
Figure 3. The shape of the diffuser is based
on the resulting direction of the absolute
flow velocity at the rotor exit and the need

www.worldpumps.com



(58] Feature

to make the flow swirl-free (to have ¢ as
small as possible) at the stator exit. It can
also be seen that the relative velocity is
reduced across the rotor blade. The hydraulic
shaft power or Euler momentum is positive
with respect to the blade velocity, as shown

in Equation 1:
(Acu-u)f_p = (cu2 - cuw)-u =Cu (as Cyis Z€ero)
(Acu'u)f.p = ka.f.p N kbf.p'Q M

In addition, internal variables such as

the impeller profile loss coefficient result
in losses that have to be accounted for
before arriving at the actual momentum
gained by the fluid (Equation 2). On the
whole, the velocity triangles in forward
curved pump impellers behave in accord-
ance with the established theory of
diffusion through the rotor and positive
pressure gradient.

(Acu.u)ﬂuid fp = CupV ~ cf.p'cxz/z @)

Turbine operation

The internal hydraulic analysis of the two
blade shapes in turbine mode also entails
some assumptions. Firstly, it is assumed
that the axial flow velocity required to
operate the turbine at its best efficiency
point (BEP) and at the same speed as

the pump would be higher (by 1.4 to

1.6 times) than the corresponding pump
axial flow velocity’. The flow within the
static nozzles (or diffusers in pump mode)
follows the respective geometries without
any deviation. Further, as the first step it

is assumed that the relative flow at the

rotor exit is deflection-free, which is quite
contentious as will be seen as the analysis
progresses. Another important assumption
is that the direction of blade rotation is in
the direction of the inlet swirl to the rotor.

The construction of the velocity triangles
in Figure 4 and the analysis in Equation 3
show that all the parameters follow the
turbomachinery principles with positive
angular momentum and increase of
relative velocity across the rotor. The
behaviour of the internal flow variables for
relative flows with and without deflection
at the turbine exit is examined in the
discussion section.

(Ac~u)g, = (C; = Cyp)°u = positive value

(Acsu)ey = Kegr + Kq'Q ©)
(Acu'u)ﬂuid ft = (ACU'U)f.t + Cf.t'cxz/z (4)
Results

The theoretical Euler line for forward
curved pump impellers (Equation 1),
along with the actual head gained by
the fluid, is plotted in Figure 5 for a wide
range of flows. The losses mainly include
the profile losses through the rotor given
by Equation 2. The magnitude of these
losses will depend purely on the profile
loss coefficient, which is a function of
the angle of incidence at different flow
conditions of the pump. There is a zone
of instability in the partial-flow region for
these impellers.
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The turbine mode characteristics for forward
curved impellers, comprising the Euler line
(Equation 3), actual pressure line

(Equation 4), zero speed (N = 0) and zero
torque (T = 0) lines, are plotted in Figure 6.
The extents of zone C (energy generation
zone) and zone D (energy consumption
zone) are also shown. The operating point
with a positive head is also indicated. The
Euler line can extend into the negative head
zone, but this is not shown in Figure 6.

Discussion

The main discussion point concerns the
turbine operation of forward curved
impellers. The results (Figure 4) revealed
that, for the present design of the
diffuser blades (in pump mode), the flow
entry would cause considerable inci-
dence effects and would also probably
result in deflection effects at the exit.
Following the conventional direction of
deflections in turbine blades, it is seen
that the natural deflection would cause
the net Euler torque to increase, but the
profile loss coefficient would also
increase, resulting in higher net head
across the turbine stage. An experimental
study of incidence, deflection and profile
losses would clarify this phenomenon,
which cannot be ascertained with the
present theoretical model. The model
also places the operating point of the
turbine in the safe operating region
(zone C), but the actual efficiency of this
point would be a function of incidence

Nozzie ring

TURBINE MODE (WITHOUT
DEFLECTION)

Ui

ACut = Cuz - (Cui)

SEE RS Plaieigdie—i —ie o s S oS =
angle of angle of
Incldence Incldence

TURBINE MODE (WITHOUT
DEFLECTION])
= Plang Zre—i=iie S = o =

ACut = Cuz - -Cui)

Figure 4. Internal flow analysis of a forward curved blade in turbine mode, with and without deflection.
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and deflection effects and the profile loss
coefficient. ‘

Conclusions and recommendations

This detailed survey of impellers reveals . o G R "% o am B e P Y L5 8 e m & o%
that manufacturers are using both forward
and backward curved impellers primarily
intended for pump mode operation. The
application of the theoretical model to
pump operation did not show any
deviation from the expected performance,
but the turbine operation of forward
curved impellers showed evidence of | T | .. . . .. _ A R (ke Lt e
considerable levels of incidence effects instability zone of -
and possible deflection effects at the exit. the characteristics - E
One of the recommendations for the : ©[(Acu.U)uid £pline
future study of forward curved impellers :
would be to carry out elaborate experi-
mental studies at both the cascade and
dynamic levels to determine the exact : : | g
behaviour of incidence, deflection and ) )

profile losses. Q (US)

The remaining objectives of the study,
including evaluation of the optimum
turbine impeller shape, will be addressed
in the second article of this two-part
series. W

gH (m2/s?)

: operating :range

Figure 5. Behaviour of the H-Q line in forward curved pump impellers.
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Impeller performance

Axial flow impeller
shapes: part 2

In this second of two articles concerning axial flow impellers, Punit
Singh and Franz Nestmann of Karlsruhe Institute of Technology focus
on backward curved impellers, revealing hydraulic behaviour that is
interesting and unexpected in pump and turbine operations respectively.
They also compare the performance of forward and backward curved
impellers to determine the optimum impeller shape for turbines.

he background and objectives of
—|_this two-part series were discussed

in detail in the previous article!. As
mentioned, this second article will closely
analyse the performance of backward
curved axial flow impellers for both
pump and turbine operations, as well as
covering the remaining objectives of the
study, namely:

a) To apply the theoretical model
(developed in part 1) to backward curved
impellers and look at nuances within the
internal hydraulics in both pump and
turbine operations.

b) To search for the optimum turbine
impeller after comparing the turbine

operations of forward and backward

curved impellers.

¢) To establish steps for modelling the
four-quadrant characteristics of pumps
with both forward and backward curved
impellers.

Theoretical model and analysis

Pump operation

The pump mode velocity triangles in
backward curved impellers are certainly
very peculiar (Figure 1). It can be seen that
the net hydraulic momentum is nega-

tive (Equation 1) since the exit angular
momentum is in the opposite direction

0262 1762/11 © 2011 Elsevier Ltd. All rights reserved

to the blade velocity. There is an increase
of relative velocity across the rotor, which
is a clear deviation from the principles of
pump and compressor designs. This repre-
sents a negative reaction blade design.
The practical ramification of negative fluid
torque does not affect the power supply
direction; the pump will still be a work-
absorbing device. In addition, the shape of
the diffuser must undergo a major change
to accommodate this negative swirl
velocity at the exit, but this condition is
still acceptable, as the pump will continue
to impart energy and pressure to the fluid.

(Acu'u)b.p = (Cu2 - Cuw)'u = |7Cu2'u| =—Cpu

(Acu.u)b.p = ka,b.p - kb,b.p.Q U

Turbine operation

The analysis of the internal hydraulics
in backward curved impellers in turbine
mode reveals a complex behaviour of
the variables (Figure 2). It can be seen
that the magnitude of the exit swirl
(cm) is greater than that of the inlet
swirl (cuz), causing the outlet hydraulic
torque to exceed the inlet torque.

This gives a negative value to the net
hydraulic momentum, which relates

to the condition of energy dissipation
and is represented by zone D or zone
E (external work done on the shaft) in
the four-quadrant pump characteristics
(Stepanoff?).

(Acu)y,, = (c, = ¢, 9)'u = negative value
(Acy Wy = kepg + Ky Q (2)

This result (c,;>c,,) can be argued on
the basis of the principles of deflec-
tion under severe incidence conditions
in turbine cascades. It can be seen
from Figure 2 that a large angle of
incidence is created that would neces-
sarily cause deflection of the exit rela-
tive velocity in addition to the losses

Definition of parameters
and subscripts

C absolute velocity, m/s

g acceleration due to gravity, m/s?
H head, m

k, kg, etc. constants of the Euler line
Q  discharge, I/s or m3/s

u tangential blade velocity, m/s

w relative velocity, m/s
a
B
C

ar

absolute flow angle, degrees
relative flow angle, degrees
pressure loss coefficient

* blade direction

b.p backward curved pump impeller
bt backward curved turbine impeller
p pump mode

t turbine mode

u tangential direction

X axial direction

www.worldpumps.com



within the blade section. If the results

of some researchers such as Ainley? and
Okiishi et al.* are considered, the relative
velocity will be deflected in the opposite
direction to the blade velocity, which
has also been observed in Figure 2. The
deflection could be so severe that it
could even result in a reduction of ¢, in
comparison to ¢, and eventually cause
the net angular momentum to become
positive. However, it will be interesting
to investigate practically how these
phenomena actually work.

Results

The theoretical Euler line (Equation 1) for
backward curved impellers in pump opera-
tion mode is plotted in Figure 3. The actual
fluid pressure line would depart further
from the Euler line owing to both the fluid
acceleration effect within the rotor (nega-
tive reaction) and profile losses. Further,
compared to forward curved impellers
there would be greater instability of the
actual characteristics due to the negative
reaction effects.

PUMP M ODE

Flang 2=

il ]

Figure 1. (above) Internal flow analysis of a backward curved blade in pump mode. (below) An example of a pump impeller
with backward curved blades (copyright KSB Aktiengesellschaft, Germany).
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In contrast, the turbine characteristics for
the backward curved impellers are plotted
in two quadrants in Figure 4, comprising
three operating zones (C, D and E) for
turbine operation. From Equation 2, it is
obvious that the operating point of the
turbine would be in the negative head
region of zone E. Operation at this point
would not be useful for optimum power
generation.

Discussion

Complex mechanisms in backward
curved impellers

The energy mechanisms and internal
hydraulics revealed by the model for
backward curved impellers, whether for
turbine or pump operation, have proved
very interesting and an important point for
discussion as far as the objectives of this
article are concerned.

Turbine operation of the backward curved
impellers witnessed severe incidence
effects resulting in higher profile losses
and causing deflections at the blade exit,
which together cause a greater Euler
momentum at the exit compared to the
inlet. This peculiar or special situation
was seen to convert the turbine into

a work-absorbing machine rather than
work-generating machine. This operating
condition has been classified as the
‘energy dissipation’ zone (D and E) of

the total pump characteristics?, which is
definitely not desirable if useful torque is
required from such impellers. These find-
ings are based entirely on the assumed
curvature of the rotor and diffuser blades.
However, experimental validation of these
results is important. The phenomenon

of deflection and the transition from
power-consuming (c,,, greater than c )
to power-generating (c,, less than c,)
mode would be very interesting to study
and to standardize the effects for different
blade geometries and individual load
points (no load to full load).

The theoretical model and subsequent
analysis of backward curved blades in
pump operation have also indicated
abnormal behaviour, especially with
respect to the fluid acceleration within the
blade from inlet to exit. Such behaviour

is not expected in pump or compressor
profiles. The negative reaction created

and its implications on the performance
cannot be determined from the theoretical
model. In addition to the fluid accelera-
tion, another phenomenon observed was
the negative swirl created at the rotor
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Figure 2. Internal flow analysis of a backward curved blade in turbine mode, with (right) and without (left) deflection.

blade exit. This is not such a big problem
because energy is still imparted to the
fluid and the shape of the static diffuser
would reduce the velocity and enhance
the delivery pressure. However, both the
fluid acceleration and the negative swirl in
pumps need to be studied experimentally.

The optimum turbine impeller

The present analysis based on the
theoretical laws of turbomachinery
clearly indicates that it would be safer to
adopt forward curved axial impellers for
optimum turbine operation instead of
backward curved impellers. This is mainly
owing to the guarantee of performance
and fewer uncertainties with respect to
incidence and deflection effects along
with no likelihood that the operating
point will fall in zones D or E. Forward
curved impellers may be the first choice
for turbine operation, but the study of
backward curved impellers for suitability in
turbine mode should still be pursued.

Four-quadrant analysis

Some manufacturers have already initiated
four-quadrant analysis for selected pumps
to meet specialized customer require-
ments. Nevertheless, a theoretical model
to establish these characteristics would

be an important development. If the
pump and turbine performances could

be modelled accurately, then a simple
program that connects the operating lines
in the remaining zones could be obtained
without elaborate experimentation. The

usefulness of the total pump character-
istics will be felt in future and working
towards this end is recommended,
provided the internal hydraulic issues
that have been discussed can be resolved
satisfactorily.

Conclusions and recommendations

A simple theoretical model based on the
Euler theory of turbomachines has been
useful in studying the internal hydraulics

of the complex blade shapes in both
pump and turbine operating modes. Pump
operation for both forward and backward
curved blade shapes is well established,
but the application of the model clearly
showed a difference in the hydraulic
behaviour of the two impeller types.
While the forward curved pump impeller
followed the principles of flow diffu-

sion through the rotor while imparting
enthalpy to the fluid, as discussed in the
first article, the backward curved impeller
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Figure 3. Behaviour of the H-Q line in backward curved pump impellers.
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(4} Feature

in contrast showed flow acceleration
across the rotor, resulting in greater insta-
bilities of the characteristics.

The analysis of the internal hydraulic
behaviour of these blade shapes during
turbine operation has been startling. For
both shapes it has been clearly seen that
the turbine blade would be subject to a
considerable degree of incidence effect
problems as well as fluid deflection,

leading to a higher profile loss coefficient.

However, the study of the backward
curved turbine impeller also established
that the hydraulics would become altered
to such an extent as to take the turbine
into the energy-consumption (input

torque supply) zone, meaning that its
turbine mode operation would be highly
counterproductive.

It was concluded beyond doubt that
forward curved rather than backward
curved impellers should be selected for
turbine operation. However, we would in
no way recommend a halt to the further
investigation of backward curved impel-
lers for turbine applications, especially of
the interesting effects of incidence and
deflection and the power-consuming
mode of operation. Such a study would in
any case be integral to building the four-
quadrant analysis of both backward and
forward curved impellers.

gH (+ve)

gH (-ve)

Figure 4. Behaviour of the H-Q line in backward curved turbine impellers.
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The main recommendations from both
parts of the current study are summarized
below.

a) There is a strong case for experimental
study particularly focusing on the internal
hydraulics of both impeller shapes,
especially in turbine mode since turbine
hydraulics is yet to be precisely docu-
mented. The experimental work should
also include cascade studies.

b) The theoretical model needs to be
made foolproof by standardizing the
behaviour of these blade shapes for both
pump and turbine applications.

c) A programme should be initiated to
develop the four-quadrant characteristics
of all types of axial flow impellers.

d) The survey of the impellers could be
enhanced and also extended to other
types of turbomachines such as fans and
compressors. B

References

[1] P. Singh and F. Nestmann, ‘Axial flow
impeller shapes: part 1, World Pumps, No.
533, pp. 32-35, (2011).

[2] AJ. Stepanoff, Centrifugal and Axial Flow
Pumps, John Wiley & Sons Inc, Ch. 8 and
16, (1957).

[3]1 D.G. Ainley, 'Performance of Axial Flow
Turbines’, Proc. Institution Mechanical Engi-
neers, 159, pp. 230-244, (1948).

[4] TH. Okiishi, M.J. Miller, P. Kavanagh

and G.K. Serovy, ‘Axial-flow pump: blade-
element loss and deviation angle predic-
tion, International J. Mechanical Sciences, 17
(10), pp. 633641, (1975).

Contact

Punit Singh (postdoctoral researcher) and Franz
Nestmann (director)

Institute for Water and River Basin Management (IWG)
Karlsruhe Institute of Technology

Kaiser Str. 12, Karlsruhe D-76131, Germany

Tel: +49 721 608 2194

Fax: +49 721 608 606 026

Email: punitsingh@iwg.uka.de and nestmann@iwg.uka.de

Acknowledgements

The authors are indebted to their industry
partners KSB AG both in Germany and
India for their support. The contribution of
the research staff and workshop of the
Institute of Water and River Basin
Management at the Karlsruhe Institute of
Technology is also acknowledged.



5.4 CONFERENCE PAPERS

[15] Franz Nestmann, Peter Oberle, Mohammad Ikhwan, Punit Singh, Bau eines H6hlenkraftwerks
zur Trinkwassergewinnung auf, Betonbauwerke im Untergrund - Infrastruktur fuer die
Zukunft, 5. Symposium Baustoffe und Bauwerkserhaltung, University of Karlsruhe, pp 109 -
120, (2008)



Bau eines Hohlenkraftwerkes zur Trinkwassergewinnung auf Java
Teil 1: Gesamtkonzept zur energetischen Nutzung unterirdischer Was-
serressourcen in Karstgebieten

Franz Nestmann, Peter Oberle, Muhammad Ikhwan, Punit Singh

Zusammenfassung

Der Beitrag behandelt ein aktuelles vom Bundesministerium flr Bildung und Forschung (BMBF) geférdertes Vor-
haben der Universitat Karlsruhe (TH) zum Bau einer unterirdischen Wasserforderanlage in einem Karstgebiet auf
Java, Indonesien. Wie in vielen Karstgebieten weltweit herrscht auch dort insbesondere wahrend der Trockenzeit
ein akuter Wassermangel. Gleichzeitig existieren jedoch grof3e unterirdische Wasserressourcen, die bisher weit-
gehend ungenutzt Gber ein weitreichendes Hoéhlensystem in den Indischen Ozean abflieRen. Eine nachhaltige
Lésung zur Nutzung dieser unterirdischen Wasserstrome wurde bislang nicht gefunden.

Zielsetzung des aktuellen Verbundprojektes ist es, die Trink- und Brauchwasserversorgung der Bevolkerung
wahrend der Trockenzeit durch den Bau eines unterirdischen Speichers unter Nutzung regenerativer Energie-
quellen sicherzustellen. Das erarbeitete Losungskonzept sieht den Aufstau des unterirdischen Flusses um ca. 10
bis 15 Meter durch den Bau eines Sperrbauwerkes vor. Mittels Wasserkraft soll Giber den Basisabfluss des Hoh-
lenflusses (ca. 1-2 m3/s) die Energie zum Betrieb von Pumpsystemen bereitgestellt werden, die ausreichend
Trink- und Brauchwasser fiir ca. 80.000 Menschen an die Oberflache férdern.

Das Projekt wird neben dem BMBF von den Industriepartnern Herrenknecht AG, KSB AG, VAG GmbH sowie
Walcher Wasserkraft GmbH unterstiitzt. Der Bau des Hohlenkraftwerkes soll Ende 2008 abgeschlossen sein.

In dem vorliegenden ersten Teil des Beitrages wird ein Uberblick (iber das Verbundprojekt gegeben. Der zwei-
te Teil des Beitrages beschreibt die Konzeption und Realisierung des Sperrwerks aus Beton.

Wasserressourcen, die bisher weitgehend ungenutzt
1 Hintergrund Uber ein weitreichendes Hohlensystem in den Indi-
schen Ozean abflielen. Aufgrund der Speicher- bzw.
Pufferkapazitat des Karstaquifers flihren die unterir-
dischen Flisse auch in der Trockenzeit eine be-
trachtliche Abflussmenge. Seit Jahrzehnten wurden
von Seiten der indonesischen Regierung groRe An-
strengungen unternommen, die unterirdischen Was-
serstrome nutzbar zu machen. Eine nachhaltige
Lésung wurde nicht gefunden.

Wasser ist die Grundlage jeglichen Lebens — eine
zuverlassige Wasserversorgung die Grundlage jegli-
cher Zivilisation! Fiir derzeit etwa 1,1 Mrd. Menschen
— etwa ein Sechstel der Weltbevdlkerung — ist unzu-
reichender Zugang zu Trinkwasser Bestandteil des
taglichen Kampfs ums Uberleben.

Der Inselstaat Indonesien wird landlaufig nicht mit
Wasserknappheit assoziiert. Knapp vier Flnftel der
indonesischen Bevodlkerung besitzen einen gesicher-
ten Zugang zu Trinkwasser. Allerdings existieren
auch in Indonesien raumliche Disparitaten hinsicht-
lich der Versorgung mit Trinkwasser. Auf dem aus
Kalkstein aufgebauten Sidrand des Archipels ist
wegen der weit fortgeschrittenen Verkarstung des
Untergrundes eine natirliche Speicherung des Nie-
derschlags, welcher hier fast ausschlief3lich zwi-
schen den Monaten Oktober bis April fallt, kaum

moglich. Bl oiote Syltadnisiny 18 e ks
gl . WA, D ONE SIEN ’
Die Gunung Sewu, das Land der ,tausend Hu- i tee e :
« e : . Indischer Ozean AR, A 1 Arafurasee
gel®, an der Stdkuste der Insel Java ist eine solche : OSTTIMOR. . -

Region (Abbildung 1). Insbesondere wahrend der
Trockenzeit herrscht in der landwirtschaftlich geprag-
ten Gegend ein akuter Wassermangel (Abbildung 2).
Gleichzeitig existieren jedoch groRe unterirdische

Abb. 1: Lage des Karstgebietes Gunung Sewu auf
der Insel Java, Indonesien



Abb. 2: Die Karsthiigellandschaft in der Regen- und
Trockenzeit

Im Jahr 2002 wurde vom Institut fir Wasser und
Gewasserentwicklung (IWG) der Universitat Karlsru-
he ein vom Bundesministerium fiir Bildung und For-
schung (BMBF), sowie deutschen Industriepartnern
gefordertes Verbundprojekt initiiert, mit dem Ziel, das
Hoéhlenwasser Uber regenerative Wasserkraft zu
fordern [10]. Hierdurch kénnen Wirtschaftlichkeit und
Okologie in idealer Weise verbunden werden, was
gerade in den bzgl. der Wasserqualitat hochsensib-
len Karstgebieten von besonderer Bedeutung ist.
Ganz bewusst konzentrieren sich die Forschungs-
und Entwicklungsarbeiten auf einfach handhabbare
Technologien, die an die Bedirfnisse von Mensch
und Natur angepasst sind. Im Rahmen der deutsch-
indonesischen Kooperation wird in der Hoéhle Gua
Bribin zurzeit ein Ldésungsansatz erprobt. Mitte 2008
soll an dieser Demonstrationsanlage das erste Was-
ser Uber eine Steigleitung in ein 220 m hoher gele-
genes Verteilerbecken auf einem Karsthligel gefor-
dert werden und 80.000 Menschen in den umliegen-
den Hittensiedlungen versorgen. Weitere Projekte in
angrenzenden Regionen sind geplant.

Die Projektumsetzung erfordert eine enge Zu-
sammenarbeit unterschiedlicher Fachdisziplinen. So
sind neben dem IWG insgesamt flinf weitere Institute
der Fakultat fir Bauingenieur-, Geo- und Umweltwis-
senschaften beteiligt: Das Geodatische Institut, das
Institut fir Massivbau und Baustofftechnologie, das
Institut fir Mineralogie und Geochemie, die Ver-
suchsanstalt fiir Stahl, Holz, Steine sowie das Institut

fir Boden und Felsmechanik. Weitere Verbundpart-
ner sind das Institut fliir Geographie der Universitat
GielRen sowie die Industriepartner Herrenknecht AG
(Tunnelvortriebstechnik), KSB AG (Pumpentechno-
logie), VAG GmbH (Grundablassarmaturen) sowie
Walcher Wasserkraft GmbH (Steuer- und Rege-
lungstechnik).

In Indonesien wurde Uber die Aktivitdten der letz-
ten Jahre unter Einbeziehung aller bedeutenden
regionalen und nationalen Behdrden und Industrie-
partner ein gut funktionierendes Netzwerk aufgebaut.
Zudem bestehen intensive Kooperationen mit mehre-
ren Universitaten und Forschungseinrichtungen
sowie enge Kontakte zur lokalen Bevélkerung und
ansassigen Nichtregierungsorganisationen. Die gro-
Re Bedeutung und Akzeptanz der deutschen Aktivi-
taten wurde Ende 2004 mit der Besichtigung der
Baustelle durch den indonesischen Staatsprasiden-
ten S. B. Yudhoyono und drei Monate spater durch
die Hohlenbegehung von Bundesforschungsministe-
rin Edelgard Bulmahn unterstrichen.

2 Untersuchungsbiet Gunung Kidul

Der Verwaltungsdistrikt Gunung Kidul liegt in Zentral-
java etwa 100 km siidostlich der Stadt Yogyakarta
am Fule des Vulkans Merapi. Naturraumlich besteht
Gunung Kidul aus drei Teilregionen. Im Norden er-
hebt sich eine Vulkankette, die Gunung Baturagung,
die den Distrikt Gunung Kidul nach Norden hin von
den eigentlich fir Java typischen fruchtbaren Reis-
bauebenen abgrenzt. Im Zentrum Gunung Kiduls
befindet sich das auf Mergelkalken aufgebaute Wo-
nosari Plateau, im Siden und Osten schlieRt sich
eine 1400 km? groRe Karstlandschaft, die Gunung
Sewu an.

Das gesamte Gebiet der Gunung Sewu ist von
hunderten, miteinander vernetzten Hohlen durchzo-
gen, welche im Laufe der Jahrhunderttausende
durch Korrosion (L&sungsprozesse) und Erosion
(mechanischer Abrieb) entstanden sind; daraus
resultiert der komplette Austausch jeglichen Oberfla-
chenabflusses durch ein weit verzweigtes Abfluss-
system im Untergrund. Das Wasser dieser unterirdi-
schen Flisse tritt fast vollstandig erst wieder in Quel-
len an der Kiste zutage. Nur in den Talsenken fin-
den sich stellenweise Bereiche mit undurchlassigem
Tonboden, welche zu kleinen Seen (,Telagas“) auf-
gestaut sind. Diese flachen Karstwannen kénnen
aufgrund der hohen Verdunstungsrate jedoch nur
wahrend der Regenzeit von der Bevolkerung als
Wasserquelle genutzt werden. [3]

Wegen der naturraumlichen hydrogeologischen
Gegebenheiten sowie dem Mangel an nachhaltigen
Technologien zur Wassergewinnung wird Gunung
Kidul mit seinen 750.000 Einwohnern als das ,Ar-
menhaus Javas’' bezeichnet. Besonders betroffen



sind die landlichen Huttensiedlungen der Gunung
Sewu. [12]

Bereits Anfang der 80er Jahre hat die indonesi-
sche Regierung begonnen, die unterirdischen Was-
serressourcen zu erschliefen. Es wurden mit gro-
em Aufwand dieselbetriebene Pumpanlagen errich-
tet, Speicherreservoirs gebaut und Wasserleitungen
verlegt. Aufgrund von Fehlplanungen, Defekten und
mangelnden Energie- bzw. Finanzmittel zum Betrieb
der Pumpen ist durch viele dieser Leitungen aller-
dings bis heute kein Wasser geflossen. Abgesehen
von den oOkologischen Risiken beim Einsatz von
Dieselgeneratoren sind fiir die Bevolkerung aufgrund
der hohen Betriebs- und Wartungskosten der Pump-
anlagen ohnehin nur geringe Wassermengen be-
zahlbar. Dies gilt auch fiir die Mdglichkeit, sich tber
Tanklastwagen mit Wasser versorgen zu lassen.
Daher ist ein Grofteil der Iandlichen Bevolkerung auf
Alternativen, wie Brunnen, Zisternen und Telagas
angewiesen. Diese Versorgungsquellen reichen aber
bei Weitem nicht aus, den Bedarf zu decken. Wah-
rend der Trockenzeit wird das Wasser oftmals direkt
aus den Hohlen in stundenlanger Arbeit mit Kanis-
tern nach Hause getragen. Viele Haushalte missen
wahrend der Trockenzeit mit weniger als 10 Liter pro
Kopf und Tag auskommen.

3 Erkundung der Héhlensysteme

Seit vielen Jahren besteht von Seiten des Instituts fur
Wasser und Gewasserentwicklung (IWG) durch Sti-
pendiaten und ehemalige Doktoranden ein enger
Kontakt zu mehreren Universitaten und Forschungs-
einrichtungen in Indonesien, speziell in Mitteljava. So
wurde von Seiten der Regierung der Yogyakarta
Special Province im Jahr 2000 die konkrete Bitte um
Unterstlitzung bei der Entwicklung nachhaltiger L6-
sungskonzepte zur Nutzung der unterirdischen Was-
servorkommen in Gunung Kidul herangetragen und
somit das Initial zu einer vom BMBF geftrderten
Machbarkeitsstudie gegeben.

Im Rahmen der Vorstudie konnte auf die Be-
richtsbande einer in den 80er Jahren durchgefiihrten
interdisziplindren Datenerfassung des britischen
Consulting-Biiros Sir MacDonald & Partners zurtick-
gegriffen werden [5,6]. Von besonderem Interesse
waren die Aufzeichnungen einer 2-jahrigen Hohlen-
erkundung durch 5 britisch-indonesische Expediti-
onsteams. Insgesamt wurden 160 von damals 246
bekannten Hohlen erkundet. Auf Basis dieser Auf-
zeichnungen konnte die Auswahl der im Rahmen der
Machbarkeitsuntersuchung des IWG zu untersu-
chenden Hohlen getroffen werden. Die weiteren
Erkundungen und Datenerhebungen durch das IWG
erfolgten mit Unterstlitzung ortskundiger Speleolo-
gen (Abbildung 3).

Abb. 3: Einstieg in das Hohlensystem zur Erkun-
dung der unterirdischen Wasserressourcen

4 Riickwartslaufende Pumpen als ange-
passte Technologie

Im Rahmen der Vorstudie wurde folgende Grund-
konzeption zur nachhaltigen Nutzung der unterirdi-
schen Wasserressourcen entwickelt:

Durch ein Sperrwerk, Gber welches der Hohlenquer-
schnitt komplett geschlossen werden kann, soll das
kontinuierlich zustrémende Wasser aufgestaut und
die notwendige Druckhdhe erzeugt werden, um ei-
nen Teil des Abflusses Uber ein wasserkraftbetriebe-
nes Pumpsystem an die Oberflache zu férdern. Der
unterirdische Stausee kann dem Bedarf entspre-
chend bewirtschaftet werden.

Um dem Gedanken der ,angepassten Technolo-
gien“ Rechnung zu tragen, ist zur Energiegewinnung
anstelle von Turbinen der Einsatz invers betriebener
Pumpen vorgesehen, die ihrerseits Gber eine Welle
bzw. ein mechanisches Getriebe direkt mit Pumpen
fir die Wasserforderung gekoppelt werden. Der
Vorteil von Pumpen als Turbinenersatz ist, dass sie
weltweit leicht verfiigbar, kostenglinstig und zudem
sehr robust und wartungsfreundlich sind.

Mit dem Einsatz von ,Pumpen als Turbinen®
(PAT) lassen sich bei Wahl geeigneter Pumpentypen
Wirkungsgrade von Uber 80% erreichen. Um die
Eignung verschiedener Pumpentypen fir den Ein-
satz im Turbinenbetrieb zu ermitteln und deren Wir-
kungsgrade weiter zu optimieren wurde im Theodor-
Rehbock-Wasserbaulaboratorium des IWG eine
umfassende Studie durchgefuhrt (Abbildung 4, [13]).
Uber gezielte Modifikationen an der Laufrad- bzw.
Gehausegeometrie der Pumpen konnten die Stro-
mungsverluste beim inversen Betrieb signifikant
reduziert werden und Wirkungsgrade erreicht wer-
den, die im optimalen Betriebspunkt an die von Tur-
binen heranreichen.

Ein wesentlicher Nachteil von PAT gegeniber
echten ,Turbinen“ ist das Fehlen einer regelbaren
Leiteinrichtung zur Anpassung an ein schwankendes
Wasserangebot. Durch parallelen Einbau mehrerer



und grofRenmafig unterschiedlicher Pumpenmodule,
die mit einem Minimum an Regelaufwand je nach
verfugbarer Abflussmenge zu- oder abgeschaltet
werden, kann jedoch ein beliebig groRes Abfluss-
spektrum mit optimalem Wirkungsgrad durchfahren
werden. Abflisse grofler dem Bemessungswert der
Gesamtanlage werden Uber Entlastungsrohre mit
entsprechend groen Querschnitten durch das
Sperrwerk abgefiihrt.

Abb. 4: Teststand zur Optimierung von Pumpen im
Turbinenbetrieb am Theodor-Rehbock-
Wasserbaulaboratorium des IWG [13]

5 Pilotprojekt Gua Bribin

Bezlglich einer pilothaften Umsetzung des Wasser-
forderkonzeptes stellte sich die Hohle Gua Bribin als
besonders geeignet heraus (Abbildung 5). Uber
einen ca. 350 m langen engen Zugangsstollen, er-
reicht man einen unterirdischen Flusslauf, den Kali

Bribin. Hier wurde bereits in den 80er Jahren eine
ca. 2,5 m hohe Wehranlage errichtet, die den Fluss
auf einer Lange von 1,5 km riickstaut (Abbildung 6).
Einziger Zweck dieses Bauwerkes ist die Sicherstel-
lung einer ausreichenden Uberdeckung der oberhalb
der Wehranlage installierten Pumpen, welche Uber
Dieselgeneratoren am Hohleneingang betrieben
werden. Spatestens hier wird deutlich, welche enor-
men Anstrengungen in der Region bisher unternom-
men wurden, um das Hohlenwasser nutzbar zu ma-
chen. Leider stehen die Pumpen aufgrund der hohen
Wartungs- und Betriebskosten die meiste Zeit still.

R
Abb.6: Alte unterirdische Wehranlage mit Radar-
messpegel des IWG
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Abb. 5: Lageplan der Héhle Gua Bribin

Der durchflossene Hohlenstrang hat eine Gesamt-
lange von etwa 3 km mit einem Gesamtvolumen von

ca. 500.000 m®. Wéahrend der Trockenzeit betragen
die Abflussmengen zumeist Gber 1,5 m3s, in der



Regenzeit kdnnen die Abflisse auf ein Mehrfaches
anschwellen. Die Hohle wird am oberen und unteren
Ende durch Siphons begrenzt. Vor dem unterstromi-
gen Siphon staut sich das Wasser auf einer Lange
von ca. 300 m zu einem naturlichen See zurlick. Die
elliptische Querschnittsflache hat eine Breite von 10
m und eine Hohe von 6 m. Aufgrund der vorhande-
nen geometrischen Randbedingungen und den Er-
gebnissen einer geologischen Voranalyse wurden
hier gute Voraussetzungen fir die bautechnische
Realisierung eines Einstaubauwerkes erwartet. Das
Sperrwerk soll das natirliche Gefélle der Hohle aus-
nutzen und das Wasser des Kali Bribin auf ein Ni-
veau von 10 bis 15 m Uber den Wasserstand des
Hohlensees aufstauen (Abbildung 7). Der Bemes-
sungsabfluss der Gesamtanlage liegt bei ca. 2 m%/s.
Unter Vollauslastung konnte die Anlage genligend
mechanische Leistung erzeugen, um pro Sekunde
Uber 65 Liter Wasser in ein ca. 220 m hoéher liegen-
des Speicherbecken zu férdern. Von dort wird das
Wasser in die umliegenden Dorfer verteilt.

Im 24 Stunden Betrieb sollen somit 80.000 Be-
wohner mit 70 Liter pro Kopf und Tag (Ipcd) versorgt
werden. Die WHO-Richtlinie fordert eine Mindestver-
sorgung von 50 Ipcd.

Dass Gua Bribin das Wasser auch halten wird,
lassen Sedimentablagerungen vulkanogenen Ur-
sprungs unter der Hohlendecke sowie mm- bis cm-

machtige schwarzbraune Mn-/Fe- reiche Oxidlagen,
welche die Kalksteine umkrusten, erwarten. Beides
sind Hinweise darauf, dass die Hohle bereits in fri-
heren Zeiten auf natirliche Weise bis unter die De-
cke eingestaut war. Des Weiteren kénnen auch wah-
rend der Regenzeit keine lateralen Wassereinbriche
oder groRere Mengen an Sickerwasser beobachtet
werden. Weitere Anzeichen einer geringen Durch-
lassigkeit des Felskorpers ergab die Auswertung von
Tracerversuchen und Abflussbilanzierungen zwi-
schen den vernetzten Hoéhlen. So kann der FlieRweg
des Kali Bribin Gber eine Lange von 17 km bis zum
Indischen Ozean verfolgt werden, ohne Hinweise auf
signifikante Mengenverluste zu finden [1]. Auch die
bereits seit Jahrzehnten existierenden Einstauberei-
che der kleineren Wehranlagen wie z.B. in Gua Bri-
bin weisen keinerlei Wasserverluste auf. Einen ge-
wissen Abdichtungseffekt konnten auch die genann-
ten Feinsedimentablagerungen bewirken, welche
flachendeckend die Bdschungen Uberziehen und
stellenweise eine Machtigkeit von > 1 m aufweisen.
Die Prognose der Einstaumdglichkeit wurde im Ver-
lauf der Projektarbeiten durch umfassende Bohr-
kernanalysen sowie Wasserschluckversuche im
Bereich des Sperrwerkes unterstitzt (siehe
Teil 2, [7]).

.| Durch den Wasserdruck
werden Turbinen (PAT)
angetrieben, die mit
kleineren Pumpen

&% gekoppelt sind, welche
& einen Tell des Wassers
an die Oberflache fordern.

Abb. 7: Prinzipskizze der unterirdischen Wasserférderanlage



5.1 Geodatische Messkampagne

Fur den Ausbau der Hohle war die Errichtung eines
vertikalen Zugangsschachtes zum Einbringen von
Baumaterialien, Rohrleitungen und Férdermodulen
sowie fir die spateren Betriebs- und Wartungsarbei-
ten notwendig. Zur Festlegung der Bohrstelle wurde
2003 vom Geodétischen Institut der Universitat
Karlsruhe (GIK) ein insgesamt 2,4 km langer Poly-
gonzug mittels moderner Laser-Tachymetrie durch
die Héhle und oberirdisch durch die felsige Karsthi-
gellandschaft abgesteckt. In dem ca. 200 m langen
Seebereich am Hoéhlenende konnten Standpunkte
nur von Schlauchbooten aus Uber selbstgefertigte
Wandkonsolen realisiert werden. Die Anforderungen
an die Messgenauigkeit waren enorm da der
Schacht die Héhlenwand exakt tangential anschnei-
den musste.

Die numerische Analyse der zu erwartenden Feh-
lerfortpflanzung ergab eine relative Fehlerellipse mit
den Halbachsen 19,5 und 1,6 cm. Das bedeutete,
dass die ermittelte Bohrstelle an der Oberflache mit
einer Wahrscheinlichkeit von etwa 40 % weniger als
20 cm gegeniuber dem Bohrziel in der Hohle ver-
schoben lag. Die Bohrtiefe wurde auf 98,5 m ermit-
telt.

5.2 Bau des Zugangsschachtes

Als weltweit agierender Spezialist in der horizontalen
Tunnelvortriebstechnik stellte die Entwicklung von
Vertikalbohrmaschinen fur die Firma Herrenknecht
AG aus Schwanau ein interessantes Entwicklungs-
feld dar. Die speziell fiir den Einsatz in Indonesien
entwickelte Schachtabsenkanlage mit einem Durch-
messer von 2,5 m ist mit einem Bohrgerat (,Schra-
me“) ausgeristet, welches vom Maschinenfahrer
direkt dartber sitzend mit Steuerhebeln bedient
wird [4]. Der hydraulisch angetriebene Schramkopf
hat eine Leistung von 110 kW und rotiert am
Schramarm kreisformig um seine eigene Achse, um
den Fels abzubauen. Die hohen Gesteinsfestigkeiten
(Wirfeldruckfestigkeit 80 MPa) machten den Einsatz
spezieller Rundschaftmeilel (Bits) notwendig. Das
Abbauwerkzeug fiihrt das abgebaute Material einem
Schalengreifer zu, der von einer zweiten Person auf
einer Plattform oberhalb bedient wird. Uber einen
seitlich befindlichen Férderschacht wird das Bohrgut
6 m nach oben beférdert und Uber eine Rutsche in
einen Forderkibel mit einem Fassungsvermdgen
von 1,5 m?® geleitet. Dieser wird nach vollstandiger
Fillung mit einem Kran an die Oberflache gezogen
(Abbildung 8).

Leitvorrichtung —— S8/
fur Férderkibel i

Schild
Schalengreifer.

Schramkopf

Abb. 8: Schachtabsenkanlage der Herrenknecht AG
(4]

Zur Sicherung des Schachtes werden sukzessive
Stahlsegmente (,TUbbinge*) nach einer gebohrten
Tiefe von 0,7 — 1 m in den Schacht abgelassen, dort
zu einem Ring verschraubt und mit Spezialankern im
Fels verdlbelt (Abbildung 9). Der Zwischenraum, der
durch den Uberschnitt zwischen Fels und Stahiman-
tel entsteht, wird mit Mortel kraftschllssig verpresst.
Die Maschine ist Uber vier Zugstangen mit einem
Stahlrahmen am Schachtkopf verbunden und wird
nach jedem Bohrabschnitt ber Hohlkolbenzylinder
gleichméRig abgeteuft. Wahrend des Bohrvorganges
sind hydraulisch betriebene Grippereinheiten aktiv,
die den Schild im Gestein in Position halten. Das
Vermessungssystem zum lotrechten Abteufen wurde
vom GIK eingerichtet und besteht aus zwei Laserlo-
ten an der Schachtoberfldche und einer Zieltafel an
der Maschine.

Mit den Bohrarbeiten wurde im Juli 2004 begon-
nen. Die Bohrarbeiten wurden von der Firma Herren-
knecht zusammen mit der indonesischen Baufirma
PT Wijaya Karya durchgefiihrt. Der Schachtdurch-
bruch in die Hoéhle erfolgte Anfang Dezember 2004.



Abb. 9: Blick in den Zugangsschacht

5.3  Anlagenplanung

Parallel zu den Vermessungs- und Schachtbohrar-
beiten wurden die Entwurfsplanungen fir die Dimen-
sionierung und konstruktive Ausfiihrung des Sperr-
werkes sowie Felssicherungsmal3nahmen in enger
Kooperation mit dem Institut fir Massivbau und Bau-
stofftechnologie (IfMB) sowie dem Institut fir Boden-
und Felsmechanik (IBF) vorangetrieben. Hierbei
mussten die besonderen Randbedingungen beziig-
lich des geringen Platzangebots und der einge-
schrankten Zuganglichkeit bei Bau und Betrieb, aber
auch die personellen und maschinentechnischen
Méglichkeiten der ausflihrenden indonesischen Bau-
firma PT Wijaya Karya beriicksichtigt werden. Dies
erforderte eine enge Abstimmung mit den indonesi-
schen Kooperationspartnern und war ein aufierst
zeitintensiver iterativer Prozess.

Die Geometrie der dreidimensional gekrimmten
Mauer wurde am IfMB mit Hilfe numerischer Metho-
den so optimiert, dass zur Lastabtragung nahezu
keine Stahlbewehrung erforderlich ist. Trotzdem ist
das Bauwerk mit durchschnittlich 1,5 m Dicke relativ
schlank, um die beim Betonieren auftretenden War-
mespannungen moglichst gering zu halten. Als be-
sonders schwierig stellte sich eine erste Beurteilung
der Tragfahigkeit der Hohlenwande dar, da aufgrund
des kilometerlangen unterirdischen Zugangs zum
geplanten Sperrwerksbereich nur leichtes Gerat zur
Erkundung eingesetzt werden konnte.

Neben der Dimensionierung des Sperrwerks mit
ausreichender Einbindetiefe in das Karstgeflige
(Felswiderlager) konzentrierte sich das IfMB auch
auf die Analyse der vor Ort verfligbaren Baustoffe
sowie die Entwicklung speziell angepasster Betonre-
zepturen in Zusammenarbeit mit der Gadjah Mada
Universitat Yogyakarta.

Besonders innovativ im Sinne ,angepasster
Technologie“ war zudem die Entwicklung einer unter
Tage anwendbaren Methode zur Herstellung von
Kofferddmmen zur Baugrubenentwadsserung. Da
Spundwéande, wie sie an oberirdischen FlieRgewas-

sern einsetzbar sind, in der Hohle nicht eingebracht
werden kdnnen, sollte die Wasserhaltung im lang-
sam durchflossenen Hohlensee uber Unterwasser-
beton im Ausgussverfahren (,prepacked concrete®)
umgesetzt werden. Die Optimierung der entmi-
schungsfreien Rezeptur sowie Einbringtechnik er-
folgte im Rahmen einer umfangreichen Versuchsrei-
he.

Eine ausflhrliche Darlegung zur bautechnologi-
schen Konzeption des Sperrwerkes findet sich in
Teil 2 dieses Beitrages. [7]

Vom Institut fir Mineralogie und Geochemie
(IMG) wurden weitere geologische Analysen u. a.
unter Einsatz geoelektrischer und seismischer
Messmethoden in Zusammenarbeit mit dem Institute
of Technology Surabaja zur Exploration von Hohl-
raumen und potentiellen Wasserwegsamkeiten
durchgefiihrt. Zudem wurden der Wasserchemismus
sowie die Verwitterungsresistenz des Karstgesteins
analysiert. Nach Fertigstellung der Schachtbohrung
konnten im Bereich des geplanten Sperrwerkes in
Zusammenarbeit mit dem IBF und dem IfMB Kern-
bohrungen ausgewertet sowie Wasserschluckversu-
che zur Prognose der zu erwartenden Umlaufigkeit
durchgefiihrt werden. Als kritisch stellten sich eine
den massiven Riffkalkfelsen horizontal durchlaufen-
de Schicht aus Gesteinstrimmern und Tonmergel
(,Brekzie“) sowie Bereiche kollabierten Kalkgesteins
mit jeweils ca. 1 m Méachtigkeit dar. Monitoringkon-
zepte sowie mogliche MalRnahmen gegen Umlaufig-
keiten (Felsinjektion, Nachverpressung) wurden
gemeinsam mit den indonesischen Partnern entwi-
ckelt. [8]



. Steigleitung

Sperrmauer

5. e
FlieBrichtung "}
. " Getriebe

T Farderpump

Pumpe als Turbinenersatz

Abb. 10: Modular aufgebaute Wasserférderanlage
(Planungszustand; untere Abbildung ohne
Grundablassrohre)

Die Dimensionierung der Foérderanlage erfolgte
unter Berucksichtigung der in Gua Bribin gegebenen
hydrologischen und geodatischen Randbedingun-
gen. In Zusammenarbeit mit dem Pumpenhersteller
KSB AG wurden Standardmaschinen als System-
komponenten ausgewahlt. Der optimale Wirkungs-
grad der Gesamtanlage soll Uber parallelen Betrieb
von maximal 5 Modulen, jeweils bestehend aus PAT,
Getriebe und Forderpumpe, erreicht werden. Hierbei
sind zwei Modultypen mit unterschiedlichem
Schluckvermégen bzw. Forderleistungen vorgese-
hen. Hinzukommt eine kleineres Aggregat, welches
mit einer Leistung von ca. 5 kW einen Drehstrom-
Synchrongenerator zur Eigenstromversorgung der
Anlage (Inselbetrieb) antreibt. Die elektrische Ener-
gie wird u. a. zur Versorgung des Steuerungssys-
tems fur die Schieberarmaturen von Modulen und
Hochwasserentlastungsrohren (Absperrklappe
DNB800, Ringkolbenventii DN600/700 der Fa. VAG)
genutzt (Abbildung 10, 11).

Abb. 11: Endabnahme der Grundablassarmatur
(Ringkolbenventil) im VAG-Werk Mannheim
(2006)

Die genaue Konstellation der Férdermodule wird erst
nach einem Testeinstau zur Ermittlung der mdgli-
chen Einstauhdhe festgelegt. Zunachst wurde ein
Modultyp bestehend aus einer Spiralgehdusepumpe
(als PAT), einem Getriebe und einer 9-stufigen Glie-
derpumpe auf einem Priffeld der KSB AG getestet
und optimiert (Abbildung 12).

Abb. 12: Férdermodul (Spiralgehdusepumpe als
PAT, Stirnradgetriebe, neunstufige Glieder-
pumpe) auf dem Pruffeld der KSB AG

Die modifizierte PAT besitzt bei 15 m Fallhéhe ein
Schluckvermégen von 375 I/s und einen Wirkungs-
grad von 81 %. Somit gibt die Pumpe im Turbinenbe-
trieb an der Welle rd. 45 kW Leistung ab. lhre Nenn-
drehzahl betragt 1200 U/min und treibt (ber das
Getriebe (Stirnradgetriebe mit Ubersetzungsfaktor 1
zu 1,83) die Férderpumpe an. Diese fordert im Nenn-
punkt bei ca. 2200 U/min rd. 13,5 I/s in den 220 m
héher gelegenen Hochbehalter (Abbildung 13). Mit
dem Wirkungsgrad der Férderpumpe von 70 % und
des Getriebes von 95 % hat das Férdermodul einen
Gesamtwirkungsgrad von 54 %. Dieser hohe Wir-
kungsgrad wird durch die mechanische Kupplung der
Pumpe im Turbinenbetrieb mit der Férderpumpe
ermdglicht. Bei der Verwendung von elektrischer



Energie (Pumpe im Turbinenbetrieb: Generator;
Forderpumpe: Motor) wiirde sich ein weitaus gerin-
gerer Gesamtwirkungsgrad einstellen.

Die Firma Walcher Wasserkraft GmbH entwickel-
te das SPS-gestiitzte Steuerungssystem fiir den
modularen Anlagenbetrieb. Dieses ermdglicht durch
Einbindung der Férdermodule in das Ubergeordnete
System der Schaltzentrale (Betriebsgebaude am
Schachtkopf) die Uberwachung und den automati-
sierten Betrieb der Anlage. Jedes Férdermodul ver-
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figt Uber einen Schieber mit elektrischem Stellan-
trieb zum An- und Abfahren. Somit werden die ein-
zelnen Module in Abhangigkeit von Messgrolkensig-
nalen (Stauhohe, Abfluss und Fiillstand des Hoch-
behalters) automatisiert zu- und abgeschaltet. Hier-
durch kann der Betriebspunkt der gesamten Foérder-
anlage optimal an die schwankenden hydraulischen
Randbedingungen (Wasserdargebot und Wasserbe-
darf) angepasst werden.

Abb. 13: Kennlinien des Férdermoduls fiir Fallhdhen von 10 bis 16 m. Links: Turbinenkennlinie der PAT. Rechts:
Pumpenkennlinie der Forderpumpe. Beispielhaft ist jeweils der Betriebspunkt fir 15 m Fallhéhe (Pla-

nungszustand) hervorgehoben (Quelle: KSB AG)

5.4  Beginn der Bauausfiihrung unter Tage

Nach Fertigstellung des Zugangsschachtes im De-
zember 2004 konnte am Ende der Regenzeit im April
2005 mit den Ausbauarbeiten in der Héhle begonnen
werden. Auf einer Plattform aus Bambus wurde mit
Felsausbrucharbeiten und Ankerbohrungen begon-
nen. Als problematisch stellte sich die Abtragung der
stark konsolidierten Schlamm- und Kalzitablagerun-
gen mittels Druckluftlanzen und Saugpumpen an der
Gewassersohle heraus, um die Aufstandsflache flr
die Wasserhaltungsddmme vorzubereiten. Die bau-
technische Realisierung der Wasserhaltung unter
Einsatz eines speziellen Verfahrens fiir Unterwas-
serbeton ist in Teil 2 des Beitrags dargelegt. [7]

Mitte August war die Baugrube zum ersten Mal
wasserfrei. Segmentweise wurden die Hochwasser-
entlastungsrohre (DN800; DN700/900) von jeweils
18,6 m Lange eingebracht, durch die wahrend der

Bauphase das anstrémende Wasser geleitet werden
sollte. Nun wurden die Bauarbeiten im Mehrschicht-
betrieb Tag und Nacht vorangetrieben. Uber 250 m?
Gestein wurden zur Aufweitung der Kaverne und im
Bereich des Felswiderlagers mittels Pressluftmeileln
ausgebrochen, weitere 150 m*® an Schlamm- und
Gerodllablagerungen abgebaut und an die Oberflache
gefordert. Insgesamt wurden 310 Felsankerbohrun-
gen durchgefiihrt, das Fundament fir die Plattform
geschuttet, Drainageleitungen verlegt, Bewehrungen
vorbereitet. Nach 2-wdchigem Baustillstand wahrend
der Ramadan-Feiertage wurden Anfang November
die Plattform gegossen sowie die rickwartige Mauer,
welche die Module spater wahrend der Regenzeit
vor hohen Unterwasserstanden schutzen soll, errich-
tet (Abbildung 14).



Abb. 14: Stand der Bauarbeiten Dezember 2005

Anfang Dezember 2005 begann die Regenzeit mit
tagelangen Starkniederschlagen unerwartet frih. Am
3. und 11. Dezember 2005 wurde die unterirdische
Baustelle durch Hochwasserwellen mit Abflussspit-
zen von fast 10 m?¥/s Uberflutet. Aufgrund des hohen
Sicherheitsrisikos wurde in Abstimmung mit den
indonesischen Partnern eine Unterbrechung der
Arbeiten bis Ende der Regenzeit vereinbart.

5.5 Das Erdbeben im Mai 2006

Kurz nachdem die Arbeiten im Mai 2006 wieder
aufgenommen wurden, ereignete sich in der Region
Yogyakarta ein katastrophales Erdbebenereignis der
Starke 6,3 (Richterskala). Das Epizentrum lag sid-
ostlich der Stadt Yogyakarta, ca. 30 km von der
Hohlenbaustelle entfernt. Es zerstorte uber 100.000
Hauser, 6.300 Menschen verloren ihr Leben, Uber
200.000 Menschen wurden obdachlos.

Zur Zeit des Bebens befanden sich zwei Mitarbei-
ter des IWG vor Ort und nahmen umgehend Kontakt
mit den Karlsruher Kollegen auf. Uber persénliche
Verbindungen aus dem Projektverbund zu ,Komitee
Cap Anamur — Deutsche Notérzte e.V.*, war es mdg-
lich bereits drei Tage nach der Katastrophe gemein-
sam mit einer Hilfsorganisation vor Ort zu sein. Uber
das bestehende deutsch-indonesische Netzwerk,
welches in den letzten Jahren im Rahmen des
BMBF-Verbundprojektes aufgebaut wurde, konnten
umgehend Soforthilfemanahmen mit den verant-
wortlichen Partnerinstitutionen der Provinzregierung
abgestimmt und zielgerichtet initilert werden. U. a.
wurde durch die Universitat Karlsruhe mit Unterstit-
zung des BMBF und Cap Anamur ein Sofortprojekt
zum Wiederaufbau einer Schule sowie Sanierung
eines Krankenhauses gestartet.

Die Baustelleneinrichtung und der Zugangs-
schacht in Gua Bribin blieben weitestgehend unver-
sehrt. Jedoch stieg nach dem Beben der Wasser-
stand an der Baustelle um ca. 2 m an, so dass eine
Fortfihrung der BaumaRnahme unmoglich war. Wie
sich durch den Einsatz deutscher Berufstaucher im
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August 2006 herausstellte, war der Wasserspiegel-
anstieg auf einen durch das Beben ausgeldsten
Versturz hinter dem Siphon zuriickzufiihren. Insge-
samt blockierten tGber 1000 m*®* Gerdlimassen den
FlieRquerschnitt. Im Rahmen intensiver Untersu-
chungen der Hohle Gua Bribin sowie weiterer be-
nachbarter Hohlensysteme konnten keine weiteren
Einstlirze oder hydrogeologischen Veranderungen
nachgewiesen werden. Auch die in den 80er Jahren
erstellte unterirdische Wehranlage Uberstand das
Extremereignis vollkommen schadlos.

5.6  Fertigstellung des Sperrwerkes

Ende 2006 wurde in Zusammenarbeit deutscher und
indonesischer Spezialisten eine Schneise in den
Versturz hinter dem Siphon gesprengt. Eine zweite
Sprengkampagne und weitere Freilegung des Fliel3-
querschnittes folgte im April 2007 und fiihrte zu einer
entsprechenden Reduzierung des Ruckstaueinflus-
ses. Im Juni 2007 konnten die Arbeiten zum Hohlen-
kraftwerk wieder aufgenommen werden. [9]

Im Dezember 2007 wurde das unterirdische
Sperrwerk fertig gestellt. Wenige Tage nach Ab-
schluss der Betonierarbeiten ereignete sich ein star-
kes Hochwasser, dessen Abflussscheitel von ca. 11
m?/s bei einer Druckdifferenz am Sperrwerk von ca.
1,5 mWs uUber die Grundablassrohre und Mauer-
durchlasse schadlos abgefiihrt werden konnte (Ab-
bildung 15).

Eine ausflhrliche Darlegung zur bautechnologi-
schen Konzeption und Realisierung des Sperrwerkes
findet sich in Teil 2 dieses Beitrages. [7]

Abb. 15: Partieller Einstau des Sperrwerks wahrend
eines Hochwasserereignisses wenige Tage
nach Abschluss der Betonierarbeiten

5.7 Installation der Fordermodule und Inbe-
triebnahme

Mit der Installation des ersten Fordermoduls, des
Moduls zur Eigenstromversorgung sowie der Grund-
ablassarmaturen und des SPS-gestiitzten Steue-



rungssystems (entwickelt in Zusammenarbeit mit der
Firma Walcher GmbH) wurde direkt nach Fertigstel-
lung des Sperrwerkes begonnen (Abbildung 16). Der
Probeeinstau soll im April 2008 stattfinden. Im An-
schluss daran erfolgt die Festlegung und Fertigung
der weiteren Fordermodule. Die vollstandige Inbe-
triebnahme des Hohlenkraftwerkes soll bis Ende
2008 erfolgen.

Abb. 16: Installiertes KSB-Fordermodul

6 Ausblick

Das laufende Projekt konzentriert sich auf angepass-
te Technologien zur Wasserforderung. Seit etwa
einem Jahr laufen in Zusammenarbeit der Universitat
Karlsruhe und dem Forschungszentrum Karlsruhe im
Auftrag des Bundesministeriums fir Bildung und
Forschung (BMBF) Vorbereitungen zu einem weite-
ren mehrjahrigen Verbundprojekt in der Region Gu-
nung Kidul. Hierbei geht es um den Aufbau eines
sintegrierten Wasserressourcen-Managements
(IWRM)*, welches neben der ErschlieBung der Was-
servorkommen auch die Aspekte der optimierten
Wasserverteilung, der Wasseraufbereitung sowie der
Abwasserentsorgung in der Iandlichen Gunung Sewu
aber auch den urban gepragten Gebieten des an-
grenzenden Wonosari Plateaus aufgreifen soll [11].

Zur Gewahrleistung der Nachhaltigkeit eines
IWRM sind die Entwicklungsarbeiten und Umsetzun-
gen der verschiedenen Fachdisziplinen durch einen
intensiven Wissenstransfer zu begleiten. Die exem-
plarische Entwicklung und Umsetzung eines IWRM
in einer Uberschaubaren Modellregion sollte darauf
ausgerichtet sein, die Grundlagen fiir die konzeptio-
nelle und technologische Ubertragung der F&E-
Arbeiten auf viele weitere Standorte mit ahnlichen
Bedarfssituationen zu schaffen und eine mdglichst
breitgefacherte Multiplikation anzustoRen.

Die Auswahl der Modellregion favorisiert aus
geologischer Sicht eine Karstregion. Gunung Kidul
ist hierbei keine Ausnahmegegend. Von den Regie-

rungen der Nachbarprovinzen sowie den kleinen
Sundainseln Sumba und Timor wurden bereits An-
fragen an das Forscherteam aus Karlsruhe beziglich
der Erschlieung der dortigen unterirdischen Flisse
gestellt. Erste Untersuchungen wurden bereits
durchgefihrt.

Die Nutzung von Karstaquiferen zur Trinkwasser-
versorgung hat aber auch globale Relevanz [2]. In
vielen Regionen der Erde (so z.B. in Sudchina, Ja-
pan, Philippinen, Thailand, Laos und Sidamerika)
flieRen derzeit tausende von Fliissen, wie Bribin oder
Seropan, ungenutzt ins Meer, wahrend die Men-
schen der Regionen unter Wassermangel leiden. Vor
allem in Entwicklungs- und Schwellenlandern besteht
beziiglich angepasster Technologien zur Erkundung
und Bewirtschaftung der unterirdischen Wasserres-
sourcen sowie wirksamen Schutzstrategien des
vulnerablen Karstwassers ein enormer Handlungs-
bedarf.

Die ErschlieBung des unterirdischen FlieRgewas-
sersystems in Verbindung mit der gesamtheitlichen
Erarbeitung eines IWRM in Gunung Kidul wird einen
wichtigen Beitrag zur Losung weltweit existierender
Wasserknappheit in Karstgebieten liefern. Eine Viel-
zahl an Forschungsergebnissen des IWRM-
Projektes werden sich zudem auch auf Gegenden
mit nicht verkarstetem Untergrund Ubertragen las-
sen. Nicht zuletzt wird das Projekt auch die interkul-
turelle Verstandigung fordern, was gerade vor dem
Hintergrund der weltpolitischen Situation von existen-
tieller Bedeutung ist.

Weitere aktuelle Informationen finden sich unter:
www.hoehlenbewirtschaftung.de
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Abstract

The initiation for this research report is primarily driven by the non-availability of reliable prediction models
for mixed flow pumps as turbines, which are seen to be useful and potential turbine solutions for low to
medium heads (5 to 15 meters).

The report begins with an illustration of the turbine plan that authors have been working on and highlights
the ‘unsolved’ flow zones on a ‘head-flow space’ that don't have reliable modeling laws for the turbine
design and operation. This background forms the motivation for the search of mixed flow or diagonal pumps
to be considered as turbines.

The report describes the development of the prediction model based on 10 experimentally tested radial flow
PATs and 2 mixed flow PATSs. It accepts the fact that the inclusion of radial flow PATs could lead to some
errors in prediction. However, terming this reality as a precursor or preliminary model, the prediction laws
for best efficiency point and no-load point are developed.

The report also carries out an interesting comparison of the model predictions with the experimental curves
of the two authentic mixed flow machines and shows that both the no-load and best efficiency point
predictions are within errors bands of +15%, which is reasonable considering the uncertainties arising due
to the inclusion of radial flow PATSs.

The report further applies the preliminary prediction model on a wide range of mixed flow pump designs
(covering a specific speed from 50 rpm to 130 rpm ) from a leading manufacturer and brings out the turbine
operating line (including Muschel field curves) for all the pumps. The inclusion of these cruves on authors
turbine plan shows that this range of mixed flow PATs cover at least 40% of open or unsolved flow zones (4
to 10 meter and 200 I/s to 1250 I/s).

The study also selects a series of pumps of favorable size to carryout detailed experimental evaluation of
the turbine behaviour, which is vital for optimizing the modeling laws for developing a consolidated
prediction model that will have predictions errors within the range of £1-2%. The report finally concludes
with an immediate recommendation of designing a testrig to carryout the needful experimentation.

1. Introduction and Objectives

While there are models predicting the turbine performance of radial flow pumps as discussed in [1] and [2],
there are no exclusive models for mixed flow or diagonal pumps operating as turbines. Mixed flow pumps
find useful application in low and medium head turbine applications where radial flow pumps are not
suitable for operation. This application area covers heads range from 5 meters to 15 meters in both micro
hydro and energy recovery projects. These projects are gaining importance for both decentralized and grid-
integrated due to their enormous potential in solving energy deficit, encouraging energy efficiency and
helping in the mitigation of climate change effects.

The objectives of this report will be to plan the initial steps for the development of a reliable and robust
prediction model using turbomachinery fundamentals combined with experimental results. It would then be
required to test this basic model on mixed flow pumps whose turbine performance is already known and
then to carryout a detailed error analysis. Further to this, the report will have to undertake a massive
application of this model on available mixed flow pumps and publish their turbine characteristics. Following
this, the study should identify the H-Q zone where mixed flow pumps as turbines can be adapted and
optimized. To conclude, this research report should be able to recommend further steps for the
development of a consolidated predicion model for mixed flow pumps as turbines.

2. The Turbine Plan of the Authors

The turbine plan that has been the forefront driver of the authors’ research activity for over 12 years has
been illustrated in Fig. 1. This plan comprises of several turbine zones on the H-Q space, which cover the
turbine research already taken place and also shows the open or unsolved turbine zones. The Ph.D (2000-
2005) and postdoc 1 (2005-2009) zones are those in which the authors have sufficient experience and the
model laws are capable of making predictions within £3% error bands. The turbine plan also plots the
surveyed zones of new micro hydro and energy recovery projects for which accurate turbine models are not
available that the authors could be confident about.

In order to extend the turbine plan with an objective to obtain localized and unique turbine solutions, eight
separate zones are identified as specified in Fig. 1. The focus will be to cover 1 to 15 meters of head and
150 I/s to 10000 I/s of discharge with power limits not exceeding 100 KW, or 140 KWgo1. It is the endeavor
of the authors to bring out accurate modeling laws for each of these zones in a strategic way using
theoretical models and simulations, but would like to stress on the need for experimental studies.
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The authors understand that the solutions in these ‘future zones’ would essentially cover diagonal (mixed
flow) and axial flow turbines of different shapes. This characterizes one of the reasons to initiate work on
the mixed flow PAT prediction model and to define the spread of these diagonal machines on this H-Q
space.
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Fig. 1, The authors’ turbine plan on a H-Q space

3. Theory of the Prediction Model

The principles of developing the prediction model for mixed flow PATs will be on the lines of the prediction
model proposed in [1] and [2] for centrifugal (radial) flow pumps as turbines that covered a specific speed
range of 20 to 80 rpm. There are two significant steps of the model development consisting of ‘best
efficiency point’ predictions of a given mixed flow pump shape and ‘no-load’ predictions respectively, which
eventually help in constructing the operating characteristics.

3.1 Predictions of the BEP

Since experimental data on mixed flow PATs are available only for two pumps shapes (72.8 rpm and 94.4
rpm as studied in [1]), the preliminary model development will be based on a group of medium specific
speed radial flow pumps along with the two mixed flow pumps. This is not the ideal situation to use a
combination of two different pump shapes, but this is the only available alternative at the moment.
However, the quality of this model will be put to test and detailed scrutiny in section 4.1 for progressing
further from this preliminary model stage.

The list of the experimental PATs used in the model has been summarized in Table 1 along with the turbine
mode BEP and no-load points (used in section 3.2). The dimensionless constants of these PATs will be
used develop the different model equations as described in forthcoming sections.

Table 1, Summary of the BEP and NLP of the experimental PATs used in the preliminary prediction model

Sr. No.| Ng Pump type Best Efficiency Point No-Load Point
(rpm) o Yt Ng: (rpm) c A Oni Wi
334 Radial flow 0.165 7.468 29.9 0.190 4.283 0.058 3.598
35.3 Radial flow 0.151 7.640 28.1 0.178 4.509 0.062 4.050
36.4 Radial flow 0.185 8.000 30.1 0.191 4121 0.072 3.500
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4 37.6 Radial flow 0.224 8.400 31.9 0.202 3.791 0.080 3.800
5 39.4 Radial flow 0.200 6.700 35.7 0.226 3.791 0.078 3.100
6 45.2 Radial flow 0.235 6.180 41.1 0.261 3.428 0.115 3.200
7 46.4 Radial flow 0.275 7.600 38.1 0.241 3.337 0.105 2.180
8 55.6 Radial flow 0.323 6.300 47.5 0.301 2.938 0.140 3.000
9 61.3 Radial flow 0.414 5.748 57.6 0.365 2.537 - -

10 79.1 Radial flow 0.480 4.900 70.0 0.443 2.263 0.250 1.800
11 72.8 Mixed flow 0.446 6.451 54.9 0.348 2.515 0.218 1.897
12 94.4 Mixed flow 0.515 4.522 76.9 0.488 2.143 0.292 1.530

3.1.1 Relating the pump shape to the turbine shape

The plot of the pump mode and turbine mode specific speeds of the experimental PATs has been illustrated
in Fig. 2 and its relationship in Eq. (1). It can be seen that there is a considerable scatter of the Nq points,
which will naturally be a source of error in the predictions. However, these deviations can be
accommodated within uncertainty bands of the Cordier line (as illustrated in section 3.1.2). The specific
speed equation is the very important first step of the model application used to convert the available pump
shape to the corresponding turbine shape.

160  —

140 Radial flow PAT zone (10 PATs)

120

Mised flow PAT
zofe (2 PATs)

100

a0

Ng. (rpm)

60

40

20

0 S—
0 20 40 60 80 100 120 140 160
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Fig. 2, The mixed flow PAT specific speed line

Ngp =0.8081- N, +2.2664 Q)

3.1.2 The Cordier MF PAT line

The Cordier line that signifies the movement of the BEP of turbomachines is plotted in Fig. 3 for all the
experimental PATs and illustrated in Eq. (2). To the mean Cordier line, uncertainty bands are introduced to
include the errors that may arise from the specific speed prediction (section 3.1.1) or from the estimation of
the specific diameter for a given specific speed. This is done through the addition of random error term R,,
which can be chosen depending on the confidence levels of the experimental results and different variables
influencing the predictions. With the background of radial flow PATs included in the preliminary prediction
model, a higher magnitude of error is assumed (R, =0.1). The Cordier line would be used to bring out the
turbine BEP operating parameters (head number and discharge number) of given pump shape using the
conversion equations discussed in Appendix A2.
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6=(1.2692+R ) A%

3.2 Predictions of the ‘No-load’ point

The no-load predictions will be developed from the identical group of experimental PATs used in the BEP
predictions. The steps of prediction comprise of determining the no-load discharge number for given turbine

)

shape (Ng or o) and then to determine the no-load head number from the obtained discharge number.

3.2.1 Specific speed and no-load discharge number

Figure 4 brings out the ¢,- o relationship for all the experimental PATs (the 61.3 rpm PAT results are left
out due to its enormous scatter from the field of other PATS). Further, to account for errors is prediction (as
done in section 3.1.2) and R, factor is added to ¢- o equation in Eq. (3). Following some trials a value of

0.06 is given to the error factor R, .

04

o
w

No-load discharge number, §,
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%]

0.1 4
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Specific speed, o

0.6

Fig. 4, The no-load line of specific speed and discharge number
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3.2.2 No-load discharge number and no-load head number

The plot of no-load head and discharge numbers is shown in Fig. 5 and the scatter of these points are quite
significant across the mean line (Eq. (4)). The errors of these predictions are included within the error factor
Rqn Of Eq. (3).
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Fig. 5, The no-load line for head and discharge number
Wy =0.8464- ¢, —0.5421 (4)

The no-load zone for all PATs is quite a difficult zone with uncertain hydraulics. However, the error bands
should be able to cover all these uncertainties. The model testing to be carried out in section 4 would reflect
on the quality and accuracy of predictions in this zone.

3.3 Construction of operating line between no-load and the BEP

The shape of the operating lines for the head number, efficiency and power number parameters is very
important in addition to the accurate prediction of the BEP and no-load points, particularly beyond the BEP
into the overload region. This is because most of the PATs are preferred to work near the BEP or slightly in
the overload zone.

The construction of these characteristics is carried out with help of Hermite spline interpolation illustrated in
in [2]. This methodology requires the slopes of the head number and efficiency parameters with respect to
the discharge number. For the preliminary model stage these constants are based on the 12 experimental
PATs (Table 1) used in the model.

4. Model Testing

One of the objectives of this report was to test the preliminary prediction model on the available
experimental mixed flow PATs. This evaluation will be help in determining the problems in the model and in
identifying the sources of errors to recommend further optimization. The model testing will be carried out for
complete range from no-load to BEP on two experimentally tested mixed flow PATs (72.8 rpm and 94.4 rpm
PATS) in section 4.1 and section 4.2 respectively. The deviations between the model and experimental
results along with subsequent optimization of the prediction model will be discussed in section 6.1.

4.1 Model testing on the 72.8 rpm PAT

The experimental and model prediction curves for head number and efficiency parameters are plotted in
Fig. 6. It can be seen that the experimental head number curve lies within the uncertainty bands, but is
slightly deviated from the mean prediction line. The no-load prediction and the BEP numbers of the two
methodologies are summarized in Table 2 along with their deviations.
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Fig. 6, Comparison of the model and experimental curves for the 72.8 rom MF PAT
Table 2, Model testing on 72.8 rpm PAT at the BEP and no-load point

Method Best Efficiency Point No-load point
th (¢ Am (I)t WYt (I)nl Wnl
Model 61.1 0.387 2.448 0.434 5.491 0.201 2.018
Experimental 54.9 0.348 2.515 0.446 6.451 0.218 1.897
Percent change +11.4% -2.7% -2.6% -14.9% -7.8% +6.3%

For the BEP comparisons, it can be seen that prediction model is estimating specific speed with an error of
+11.4% and the specific diameter with an error of —2.7%. These errors lead to predictions of —2.6% and —
15% for the discharge and head number respectively. The predictions of discharge number are moderate
but the error on the head number is considerable. The no-load predictions other the other hand are much
better with —7.8% for discharge number and +6.8% for the head number.

4.2 Model testing on the 94.4 rpm PAT
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Fig. 7, Comparison of the model and experimental curves for the 94.4 rpm MF PAT
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The comparison of the model and experimental curves in Fig. 7 show that the experimental head and
efficiency curves are displaced from the mean prediction line and is closer to the upper limiting curves. The
comparisons of the BEP in Table 3 reveal that the BEP discharge number is displaced over +15%, while
the head number is overestimated by 7%. The origin of these errors is due to an error in estimating in the
turbine specific speed and specific diameter respectively. The no-load zone comparison shows at discharge
number under-estimation by 4% and an over-estimation of head number by 10%.

Table 3, Model testing on 94.4 rpm PAT at the BEP and no-load point

Method Best Efficiency Point No-load point
qu 9 Am ¢t WYt ¢n| Wnl
Model 78.6 0.498 2.025 0.597 4.853 0.280 1.687
Experimental 76.9 0.488 2.143 0.515 4.522 0.292 1.530
Percent change +2.1% -5.5% +16.0% +7.3% -4.2% +10.3%

5. Application of the Model on a range of Mixed Flow Pumps

The preliminary prediction model is applied on a mixed flow pump range of 17 pumps (available in four size
categories) having specific speeds ranging from 54 rpm to 130 rpm obtained from the manufacturer’'s
catalogue [3] using the relationships illustrated in section 3. The mean predictions of these pumps in turbine
mode along with the pump operating parameters are summarized in Table 4. The comparative head and
discharge ratios (turbine to pump performance) at BEP are also illustrated in Table 4.

The Cordier parameters (c and A) for all these PATs are plotted in the original Codier diagram (discussed
in section 3.1.2) in Fig. 8. This plot also shows the radial flow, mixed flow and overlap zones.

Table 4, Summary of the mixed flow pump parameters and mean predictions in turbine mode

Sr. | Pump code Pump geometry and pump mode data Turbine mode data after application of model

D; | D2 [Dm | N Q H | wo | & [N | Mp [Na| 0 | Am | Wt O W[ 0P| Wi |

400/365| 40_0 363 | 278 [320.5{1480| 525 [16.5(2.59(0.65| 131 {84.5| 108 |0.69 [1.592]4.148/0.893|1.60 | 1.38 [1.344/0.426
400/405Serles 420 | 335 [377.5|1480| 600 |28.0|3.17|0.45| 94 |84.0| 78 |0.502.0294.859/0.595|1.53|1.32 {1.690[0.279
400/420 427 | 364 [395.5|1450| 500 |27.0|2.90|0.33| 87 |83.0| 72 |0.462.158/5.058/0.536|1.74|1.60 {1.791{0.251]
400/430 425|375 }400.0{1480| 525 |33.0|3.33|0.33| 78 |83.0| 65 |0.41[2.331/5.319/0.472/1.60|1.42{1.927(0.219
400/450 450 | 410 }430.0{1450| 500 {43.0|3.91|0.26| 61 |85.0| 52 |0.33[2.7805.967/0.351|1.53|1.352.275[0.161]
500/505] 50_0 500 | 428 1464.0| 980 | 650 (21.0(3.59(0.40| 81 [85.0| 67 [0.43[2.274/5.235(0.491{1.46|1.23 [1.883/0.229
500/515Serles 502 | 345 1423.5| 960 | 825 (14.0(2.99(0.68 | 120 {84.0| 100 [0.63 [1.6934.318/0.805(1.44 1.19 [1.425/0.383|
500/560 610 | 570 [590.0 980 | 750 [36.5(3.86(0.22| 57 [86.0| 48 [0.31[2.916/6.155/0.324{1.60 |1.45 [2.380/0.148|
600/550 GQO 557 | 483 [520.0 980 | 900 (24.2(3.29(0.39| 85 [86.0| 71 [0.45[2.183/5.096/0.526(1.55|1.34 (1.811/0.246
600/575Serles 547 | 429 1488.0 960 (1100({20.0(3.22(0.59| 106 {89.0| 88 [0.56 (1.8544.582(0.691{1.42 |1.17 (1.553)0.327|
600/600 605 | 525 [565.0 980 (1120(28.5(3.28(0.38| 84 [86.0| 70 [0.45[2.204/5.129(0.518/1.56 |1.36 (1.828/0.242]
600/650 647 | 593 1620.0{ 990 | 910 (42.0(3.94(0.23| 57 (84.5| 49 [0.31[2.912)6.150/0.325(1.56 |1.40 [2.378/0.149
600/700 700 | 635 |667.5/ 980 (1000({47.5(3.92(0.21| 54 [85.0| 46 [0.293.030/6.312(0.304(1.61 |1.48 [2.468/0.139
600/720 728 | 771 [749.5/ 980 (1200({51.5(3.37(0.17| 56 [85.0| 47 |0.30[2.965/6.222(0.315(1.85|1.81 [2.418/0.144
700/655 790 704 | 486 [595.0| 735 (1650(17.0(3.14(0.64 | 113 {84.5| 93 [0.59(1.777}4.457(0.7421.42 |1.16 (1.492)0.352]
700/715Serles 704 | 606 |655.0| 725 [1375(21.5(3.37(0.40| 85 [86.0| 71 |0.45[2.184/5.098(0.526(1.51 |1.30 (1.8120.246

700/755 776 | 607 [691.5| 725 |2000({23.5|3.30|0.50| 96 |87.0| 80 |0.51[2.0004.813/0.609|1.46|1.22|1.667/0.286
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The operating line is developed between the no-load and BEP predictions for the mean as well as for the
lower and upper band of curves using the spline fitting methodology as mentioned section 3.3 (discussed in
detail in [2]) and the constants for all the specimen PATs are summarized Appendix A3. The prediction
equations for each of these PATs along with their absolute or Muschel characteristics are presented in
Appendix A3 and Appendix A4 respectively.
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Fig. 8, Cordier diagram for mixed flow PATs with the specimen PATs (adapted from Fig. 2)
6. Discussion

6.1 Model Limitations

It has been seen from the model testing in section 4 that the predictions based preliminary model, which
comprised of group of 10 radial flow PATs and 2 mixed flow PATs has been unable to give a desired level
of accuracy of £2% on the head number and discharge number scales. However, it has to be emphasized
that this preliminary model is a very initial stage of the development of mixed flow prediction model.

The source of error of the present model is in its incapability to accurately determine the turbine specific
speed from the pump shape and then to evaluate the specific diameter from the specific speed using the
two relationships (Eqg. (1) and Eq. (2)). Both these sources lead to the over or under estimation of the BEP
operating discharge and head numbers. It has become quite clear that if these two errors are minimized or
eliminated, there is nothing that can prevent the model to bring down the errors on the final predictions to
less than +2%.

One of the reasons for the problems with the specific speed and Cordier predictions is the inclusion of the
radial flow pumps in the model whose hydraulics are different from the mixed flow pumps. Further, it also
has to be emphasized that the developing a model on the two mixed flow pumps is not a conceivable option
and the basic predictions made using this preliminary model are not all the bad to reject it. This discussion
highlights the need for refinement that will be considered in section 7.

6.2 Range of Specimen Mixed Flow PATs within the Turbine Space

The turbine range of the 17 specimen mixed flow PATs covering 4 series of different sizes (400, 500, 600
and 700) is plotted on the turbine H-Q space of the authors (discussed in section 2) in Fig. 9. It can be seen
that the 400 series PATs extend from future zone 2.1 and 3.1 into zone 4.1 as well, while the 500 series
PATs overlaps between zones 3.1/3.2 and 4.1/4.2. The 600 series turbines are seen to cross the head
limits of zone 4.1/4.2 though they are still extend partially into the future zones 3.2 and 4.2. The largest
PATs of the series (700) are also having higher operating heads but are still seen to penetrate into the
turbine zones 3.2 and 4.2.
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Fig. 9, Operating range of the specimen mixed flow PATs on the H-Q space

This study indicates that the selected type of mixed flow PATs would cover at least 5 of the future zones of
the authors’ turbine plan, if not completely. It has to be pointed out that this being a ‘preliminary
development stage’ of the prediction model as discussed in section 6.1, the extent of coverage of this type
of turbines on the H-Q space should be considered as approximate until an accurate model has been
proposed.

7. Conclusions and Recommendations

The mixed flow prediction model development from fundamentals of turbomachinery is yet to reach its final
destination as far as the accuracy of predictions are concerned. The reason for the errors in the present
model is due to the lack of experimental data. It is obvious that accurate laboratory studies on a range of
mixed flow pumps will help in realizing the optimized modeling laws namely, the specific speed relationship
and the Cordier line respectively. It is therefore recommended to select the smallest size category (400
series) of the surveyed pumps that cover a specific speed range of 60 to 130 rpm and carryout rigorous
experimentation.

There is no other way to develop the model but to design a testrig and determine the turbine operating
points. These results can then be introduced to the Cordier diagram and specific speed diagram to bring
out a new set of model equations.

Despite the prevailing inaccuracies of the model, it has been able to identify the H-Q operating zone for the
specimen PATs on the authors’ turbine plan. The reach of mixed flow pumps is quite significant with
respect to the unsolved or open hydraulics zones proposed by the authors. It will be an endeavor to
standardize the prediction model for mixed flow zones and clearly specify zones in which these types of
PATSs give optimum performance compared to other types. The only way forward is to script a test program
and carry out real time analysis for mixed flow pumps as turbines.
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Nomenclature
Full Scripts
Runner diameter, mm or m A
Gravitational acceleration,

m/s’ o
Hermite basis function

Head, m n
Speed, rps G
Specific Speed, NQ"4/H¥* (N

in rpm, Hin m, Q in m*/s) v
Discharge, I/s or m*/s

Random error

Slope between head and
discharge number

Tangential runner velocity,

m/s

WO =Z5I= QO

c

Abbreviations

PAT  Pump as Turbine
BEP  Best Efficiency Point
Appendix

Greek symbols

Turbine Specific diameter, (in

Subscripts

1

outer diameter reference

A3, Eq. (A4)) 2 inner diameter reference
Discharge number, Q/nD*(Q ¢  Cordier definition

in ‘m*/s’, nin ‘rps’, D in ‘m’) m mean

Efficiency, % nl  no-load

Turbine specific speed, (in p pump mode

A3, Eq. (A3)) t  turbine mode

Head number, gH/n’D? (gH in
m%s®, nin ‘rps’, D in ‘m’)

MF
NLP

Mixed Flow
No Load Point

Al. Diameter Specifications of the Mixed Flow PAT Impeller

D1

Dm

D2 ‘

Fig. A1, Cross-section of the mixed flow impeller

A2. Conversion Equations used in the Prediction Model

2gH 2 gH 2 . 4Q 4 Q
(A1) Head number, y,=—0=———=—Vy (A2) Discharge number, ¢, =——=— =—0
T 72 n?D? x? ¢ 7D%u  7® nD®

12 12 ya4 yz \, Y4

(A3) Turbine Specific speed, ¢ = ¢°—3 _o¥any2 O (A4) Specific diameter, A=Ye T ¥t
/4 3/4 Y2 T o34 )2
c Vi dc ¢y
_— . o 24712 NQY2 3
(A5) The relationship between the Cordier c and N (Sl) is given by, 6 =————=-—=6.3383x10"°N
‘ g¥*60 HY* «

A3. Model equations and Spline constants for the specimen MF PATs

Table Al, Head number and power number equations and spline slopes for the MF PATs

Sr.

No.

Pump
code

qu

Head number equation

Power number equation

Hermite Spline slopes
at BEP and NLP

Sbep-w

Snl-w

Sbep-n

Snl-q

1 (400/365-1

131

v = 27.479¢° - 37.229¢7 + 17.759¢ - 1.5894

p = 28.698¢° - 43.498¢% + 24.914¢ - 4.9541

17

1

0

4.4

2 [500/515-1

120

v = 24.119¢° - 26.414¢° + 11.62¢ - 0.5055

p = 22.099¢° - 26.525¢° + 13.917¢ - 2.6897

16

2

0

5.0

3 [700/655-1]

113

v = 38.122¢° - 43.351¢% + 19.346¢ - 1.6079

p = 24.873¢° - 26.266¢> + 12.422¢ - 2.2083

18

3

0

5.0
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4 |600/575-1f 106 | = 74.316¢° - 84.028¢° + 33.605¢ - 3.0487 | p = 53.107¢° - 63.037¢” + 28.311¢-4.3897 | 24 | 25 | 0 | 55
5 [700/755-1 96 |y =81.677¢° - 78.802¢° + 29.039¢ - 2.1045 | p = 43.727¢° - 39.871¢° + 15.728¢-2.269 | 24 | 4 0 | 6.0
6 |400/405-1 94 |y =79.518¢° - 72.578¢7 + 25.932¢ - 1.6234 | p = 37.612¢° - 29.914¢° + 11.167¢- 1.607 | 24 | 4 0 | 6.0
7 |400/420-1 87 | =111.87¢%- 90.109¢> + 28.088¢ - 1.35 | p = 40.756¢° - 24.664¢° + 7.3767¢ - 0.9371 | 28 | 4 0 | 6.0
8 [600/550-1 85 | y=108.97¢° - 83.41¢° + 25.253¢ - 0.9752 | p = 43.225¢° - 26.157¢° + 7.8287¢ - 0.9848 | 28 | 4 0 | 6.0
9 [700/715-1 85 | y=108.82¢°- 83.08¢° + 25.117¢ - 0.9575 | p = 42.956¢° - 25.778¢° + 7.6818¢ - 0.9668 | 28 | 4 0 | 60
10 [600/600-1 84 |y =106.09¢° - 77.385¢° + 22.815¢ - 0.6639 | p = 38.043¢° - 19.056¢° + 5.125¢ - 0.6589 | 28 | 4 0 | 6.0
11 [500/505-1 81 | y =166.31¢° - 128.2¢> + 37.546¢ - 1.9891 | p = 74.269¢° - 55.551¢° + 17.915¢ - 2.0888 | 32 | 5 0 |75
12 |400/430-1 78 |y =158.81¢°- 111.07¢? + 30.803¢ - 1.1619 | p = 59.294¢° - 35.692¢° + 10.636¢ - 1.2424 | 32 | 5 0 |75
13 1400/450-1] 61 | =30.043¢° + 55.985¢° - 15.41¢ + 3.1783 | p = -6.1902¢° + 36.102¢° - 8.236¢ + 0.4237 | 35 | 5 0 |105
14 |600/650-1 57 |y =-93.114¢° + 151.39¢° - 33.866¢ + 4.3716|p = -77.273¢° + 89.489¢° - 19.624¢ + 1.2088| 35 | 5 0 |105
15 [500/560-1 57 |y =-96.73¢° + 153.98¢° - 34.332¢ + 4.3996 | p = -79.876¢° + 91.328¢° - 20.003¢ + 1.234| 35 | 5 0 |105
16 |600/720-1] 56 |y =-154.08¢° + 193.93¢” - 41.331¢ + 4.8069|p = -94.279¢° + 100.79¢” - 21.447¢ + 1.2946| 35 | 5 0 |105
17 [600/700-1 54 |y =-241.68¢° + 251.39¢° - 50.835¢ + 5.327 |p = -133.32¢° + 126.12¢° - 25.993¢ + 1.5519| 35 | 5 0 |105
A4. Muschel curves for the range of specimen MF PATs
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Abstract

The task of proposing a turbine prediction model for axial flow pumps arises out of the need of finding
optimum turbine solutions in the low head range of 2 to 10 meters and power capacities restricted to 100
KW, and also due to the fact that there are no calibrated models available for axial flow pumps as turbines.

A preliminary model is proposed, which comprises of experimental data of a mixture of turbine shapes
ranging from radial flow PATS, mixed flow PATSs, propeller turbines and large Kaplan turbines. It was found
that the previously proposed mixed flow prediction modeling laws at the optimum efficiency point showed
tremendous conformance with that of the axial flow turbine parameters. This result in a way justified the
approach of using diverse turbine shapes for the axial flow PAT model.

The proposed model is applied on a series of standard available axial flow pumps and its range was
investigated on the head-flow plane (on the authors’ turbine plan). The results were very encouraging to
particularly see the spread from 2 to 9 meters and 200 to 2500 I/s, even though higher flows (which was
desired at lower heads) could not be achieved by the specimen range of axial pumps.

The report also brought out some interesting influences with respect to the axial blade shapes in axial pump
runners, which could have an impact on the proposed prediction model. A theoretical analysis revealed that
forward and backward shaped blades popularly incorporated in the design of axial pump runners could
have divergent turbine characteristics, which leads to the recommendation for accurately characterizing the
effects of blade shapes on the model.

The paper concludes with a sincere recommendation of carrying out an elaborate experimental study to
achieve two goals, firstly to develop a robust prediction given the large uncertainties in the current
procedure of using diverse turbine shapes and secondly to evaluate the influence of blade shapes.

1. Background and Objectives

There is a significant dearth of optimum turbine solutions for low heads ranging 2 to 8 meters and flows
covering 200 to 5000 I/s for power capacities below 100 KWs as elaborately discussed using a ‘Turbine
Plan’ in [1]. One of the turbine solutions that could be adopted for this low-head range is the operation of
axial flow pumps as turbines that are easily available in the market [2]. The experience of using radial flow
pumps as turbines has been quite positive as seen in many field projects in [3] with the help of good
prediction models. Hence, to achieve any success with axial flow pumps as turbines, it would be necessary
to develop accurate models of their turbine operation. With wide range and designs of axial flow pumps
manufactured there would always be a possibility and hope of using some of them efficiently as turbines.

Singh and Nestmann in [4] and [5] have particularly looked at the influence of blade shape of axial flow
impellers on both the pump and turbine mode performances and have recommended the use of forward
shaped axial flow impellers for turbine operation. However, their study was restricted to a theoretical
workout based on Euler laws and it could not bring out modeling laws for predicting the turbine operation of
these blade shapes.

The present status of prediction model development in pumps as turbines particularly for mixed and axial
flow pumps is not very encouraging in spite of the fact that there is a need for such models. The diverse
requirement for such low head applications from both energy recovery and remote hydro schemes [6] is a
sufficient basis to initiate a program for developing a robust prediction model that will be characterized by
accuracy on one hand and parsimony with respect to input geometric variables on the other hand.

Based on the above background, the objectives of this study would be to firstly law foundations for a raw or
preliminary prediction model for axial flow pumps using experimental data from similar shapes of
‘conventional’ turbines and other pumps as turbines that are available. The second objective of the study
would be to apply this preliminary model on the standard available axial flow pump shapes and evaluate the
spread or reach on their turbine characteristics on the authors’ ‘turbine plan’ illustrated in [1]. It would also
be required to investigate the influences of blade shape (forward and backward) on the proposed prediction
model. Finally, the study should conclude with discrete recommendations to develop a consolidated and
optimized prediction model for axial flow pump as turbines.

2. The Theoretical Model
2.1 Prediction of the Best Efficiency Point

2.1.1 The proposed Cordier Line for Axial Flow PATs

In a very interesting exercise the Cordier line developed for mixed flow PATs in [1] is integrated with the
Cordier data points from small propeller turbines developed by authors [7] and Kaplan turbine data
available [8] in Fig. 1. As seen from the plot, there is great degree of conformance of the MF PAT line with
that of the propeller and Kaplan turbine points. This is indeed a significant and quite a fascinating result that
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reveals and proves that on a scale of Cordier parameters, there is negligible difference in the hydraulics of
the BEP zone of radial flow and mixed flow PATs in comparison with that of the axial flow turbines. It has to
be underlined that the developed MF PAT model in [1] used some radial flow PAT as well. This positive
result can be used as a basis for proposing a new axial flow PAT model. A new Cordier line for the axial
flow PATs is hence proposed considering all these different turbine shapes as shown in Fig. 1 and
represented in Eq. (1). The data for all these turbine shapes have been illustrated in Appendix A2.

10.0 -
Large Kaplan turbine
/ (forward shaped blades)

[
®
o
2]
o 1.0
o ]
-
3} !

Propeller turbine < Mixed and radial

(Forward shaped) flow PAT range

Mean Axial Flow PAT Cordier line
with tolerance bands
0.1 t
0 1 10
A -Log scale

Fig. 1, A proposal for Cordier Axial Flow PAT line

o=(1.2497+R,)- A3
o =(1.2497+0.2). AT3U

)

The methodology of using different turbine shapes to predict the BEP of axial flow PATs may not have a
strong scientific basis, but the proof of the concurrence of Cordier line gives hope for the model and to an
extent justifies the procedure adopted.

2.1.2 The Specific Speed Line for Axial Flow PATs

One of the fundamental requirements of a prediction model for pumps as turbines is to make a fairly
accurate determination of the turbine specific speed from the pump specific speed. Given the background
that no axial flow PAT data is available and a reasonably good conformance of the MF PAT Cordier line for
axial flow turbines is observed in Fig. 1, the specific speed relationship for mixed flow PATSs is retained for
axial flow PAT prediction model as well and presented in Fig. 2 and Eq. (2).
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Fig. 2, The Specific speed line for axial flow PATs
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Ng¢ =0.8081- N, +2.2664 (2)

There could be some uncertainties because the Cordier line deals with the turbine operating parameters
only and the specific speed line (in Fig. 2) brings in pump performance parameters into the picture. But, at
this stage the influence of uncertainties between mixed flow and axial flow pump parameters cannot be
accurately ascertained. However, a broad based uncertainty is considered in the Cordier line with the
random error factor in Eq. (1). The tolerance bands on the Cordier line would also inherently include the
uncertainties in specific speed prediction as well.

2.2 Prediction of the No-load operating zone

The beautiful conformity of the BEP parameter of radial flow PATs, mixed flow PATSs, fixed propeller and
large axial flow turbines on the Cordier line gave sufficient belief that there would be a reasonable similarity
of the hydraulics of these turbines within the no-load operating zone as well. However, there was
tremendous scatter especially for the radial and mixed flow PATSs in relation with the available no-load
information for propeller turbines.

After due consideration, it was concluded that the no-load zone is completely different from the BEP zone
and there need not be any repeatability in the respective behaviours. It was also felt that it would be better
to leave out the no-load points of the radial and mixed flow PATs completely and develop the no-load
model based on the propeller turbine data only. This is carried out under the assumption that the no-load
hydraulics of two types of axial flow turbines would be similar.

The no-load graphs comprising of no-load discharge humber-specific speed and the no-load head number-
no-load discharge number for the selected propeller turbines are illustrated in Fig. 3 and Fig. 4 respectively.
The different model equations are summarized in Eq. (3) and Eq. (4). The data for these turbines are
provided in Appendix A2. Similar to the exercise in the Codier line, the no-load uncertainties are considered
within the specific speed parameter as shown in Eq. (3).
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Om = (1-4562 *Ron ) i (3)
o = (14562 £0.1)- 7
Wy =0.6933- 477" 4

3. Application of Model and Evaluation of the spread on the H-Q Plane

The preliminary axial flow prediction model described in section 2 is applied on a standard range of axial
flow pumps (drainage pumps manufactured by KSB [2] that comprises of 6 pumps of different sizes and
each pump having 7 or 8 configurations of blade pitch). A typical representation of the internal hydraulics of
this type of pump is shown in Fig. 5.

The model evaluates the turbine BEP and no-load points for each of these pumps at their different blade
pitch positions (summarized in Appendix A3). The operating characteristics (both non-dimensional and
absolute) are plotted using a spline interpolation technique used in [3]. The absolute or muschel curves for
each of these pumps at different positions of blade and operating speeds in presented in Appendix A3.1 to
Appendix A3.6. A consolidated muschel family curves comprising of absolute characteristics for all the
blade positions of each pump at a fixed speed is also illustrated in Appendix A3.

A Proposal for a Prediction Model for Axial Flow Pumps as Turbines -5-



turbine flow
direction

stay vanes

blade pitch vafjation (o.: 9°-23°)

runner

Fig. 5, The internal hydraulics of an axial flow pump

The spread of the turbine operating characteristics of these 6 pumps is plotted on turbine plan in Fig. 6. It
can be seen that the operating curves dominate in zones 2.1, 2.2 and 3.2 respectively. However, they fail to
penetrate into the ‘critical’ low head zone of 1.2, though certain regions of zone 1.1 are covered. It is
naturally an encouraging result to cover a range for 2 to 9 meters and discharge of 200 to 2500 I/s.
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Fig. 6, The spread of the turbine characteristics of Axial flow pumps [2]

It has to be emphasized that these are predicted characteristics based on a very preliminary model and will
be subjected to issues of accuracy and uncertainty. Further, this model has not given consideration to the
shape of the blades, which will be dealt in the following section (section 4).

4. Effects of Blade Shapes on the Prediction Model

As mentioned in section 1, the authors in [4] and [5] have shown that the shape of the blade plays a very
significant role for both the turbine and pump performances respectively. With the help of their theoretical
model, they showed that backward shaped blades would result in a negative performance especially in the
turbine mode. The turbine operating point for such backward blades would be characteristically positioned
in the energy dissipation zone, which would make the turbine a net consumer of shaft power rather than a
generator. The shape of the backward blade and its turbine operating point is illustrated in Fig. 7 and Fig. 8
respectively.
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Fig. 8, Probable turbine operating point of the backward shaped pump blade [5]

The study in [4] and [5] however found that forward shaped blades would be more suitable for turbine
operation, which is illustrated in Fig. 9 and Fig. 10 respectively.
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Fig. 9, A forward shaped axial flow pump blade in turbine mode [4]
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Fig. 10, Probable turbine operating point of the forward shaped pump blade [4]

zone D

It is not sure the impellers of the present series of axial flow pumps [2] are forward or backward shaped,
though there are indications that they could have a backward shaped blade as gathered from information in
[2]. Based on the above hypothesis, the shape is definitely going to have a bearing on the turbine
characteristics and this would have to be taken into consideration for the prediction model proposed in
section 2.

However, it has to be also pointed out that in spite of the complex mixture of turbine shapes in the Cordier
line in section 2 (radial flow, mixed flow and axial flow machines), they found some kind of adherence at
least at the best efficiency operating zone. Hence, it would be hard to believe that backward and forward
shaped axial blades would have totally divergent characteristics as explained in [4] and [5].

Another aspect to be considered, which could argue well with the findings of the authors in [4] and [5] is that
both the propellers and Kaplan turbines used in the model have a forward shaped impeller. The only way to
evaluate this interesting behaviour of backward and forward blades is to make a thorough review of the
geometry of the currently investigated axial flow pumps and carryout detailed experimental study in turbine
mode to get more clarity.

5. Conclusions and Recommendations

The proposal made for the prediction model for axial flow pumps as turbines in this study report has used
experimental from very diverse shapes of turbines. On one hand the model considered categories of
regular turbines and unconventional pumps as turbines for the ‘best efficiency point’ predictions and on the
other hand it preferred only axial flow propeller turbines for the determination of the no-load operating zone.
This approach or preferential selection in a model for different operating zones is debatable and the
accuracy of such modeling laws would be obviously questionable. Unfortunately, no test or published data
for axial flow pumps operating were available for any kind of investigation to be carried out in the context of
model accuracy. This proposed model will need to go through a thorough calibration process through an
experimental study and computational simulations to arrive at a robust consolidated model.

The application of this raw prediction model on a series of axial flow pumps showed that these pumps could
cover a decent range of unsolved turbine zones in the range of 2 to 9 meters and flow in the range of 200 to
2500 I/s. If the expected accuracy would lie in the zone of +15% to +25%, it would yet be a encouraging
and significant result for finding turbine solutions in the low head and large flow range.

However, there still remains a catch in the model. Despite its simplicity and parsimony features, it still can’t
clearly determine the influence of forward or backward blade shapes in axial flow pumps. The
considerations for blade shapes assumes significance and importance because many axial flow pump
manufacturers use backward vanes in their axial flow pump designs, which is reported to have negative
impact on the turbine operation.

For both the development of a consolidated robust model and evaluation of blade shape effects, there
would be a need for a detailed experimental study. The only recommendation this study can make at this
stage is to design a testrig for the smallest series of pumps (DN300-270 range that cover a good range of
specific speeds at all blade positions) and carryout elaborate tests in turbine mode. The results will serve a
basis of a new prediction model, though the procedures for the determination of the Cordier line, specific
speed line and no-load zone will remain intact as entailed in this preliminary model.

The present model should be used for only trial and reference purposes and not for actual project
implementation until a consolidated model is not developed.
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Nomenclature

Full Scripts Greek symbols Subscripts
c absolute velocity, m/s a absolute flow angle, degrees  * blade direction
D Runner diameter, mm or m B relative flow angle, degrees 1 outer diameter reference
g acceleration due to gravity, G Turbine specific speed, (in 2 inner diameter reference
m/s A3, Eq. (A3)) c Cordier definition
H head parameter, m _ d Discharge number, Q/nD® @ m mean
k constants of the Euler line in ‘m%/s’, nin ‘rps’, D in ‘m’) nl no-load
n Speed, rps Efficiency. ’ b.p backward pump impeller
e iciency, % R
Nq Specific Speed, NQY/H¥* (N H Y, # 202 b.t backward turbine impeller
; ! ] \ ead number, gH/n“D* (gH .
in rpm, Hinm, Q |r; m°/s) inm%s2 nin tps’, D in ‘m’) f.p forward pump impeller
Q discharge, I/s or m“/s A Turbine Specific diameter, f.t forward turbine impeller
R Random error (in A3, Eq. (A4)) p pump mode
u tangential blade velocity, m/s ! qu ffici t turbine mode
w relative velocity, m/s S pressure loss coefficient u tangential direction
X axial direction
Abbreviations
PAT Pump as Turbine MF Mixed Flow AF Axial Flow
BEP Best Efficiency Point NLP No Load Point
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Appendix

Al Conversion Equations used in the Prediction Model

c

t

9. ¢,
(A3) Turbine Specific speed, c = °—3/4 —oV4 ,Tl/21_3/4

(A4) Specific diameter, A = . =

c

y2 = 23/4 4)11/2

2gH 2 gH 2 . 4Q 4 Q 4

Al) Head number, = =— =— A2) Discharge number, ==

A1) Ve u? 7n° n’D?> n? v (A2) g b nD?u  nw? nD® x? ¢
WCVA ¥ Wtuz‘

(AS)

The relationship between the Cordier o and Nq (S) is given by, 6 = ———

Y472 NQY?
gs/4 60 H3/4

=6.3383x10°N,,

A2 Tabulations for the development of prediction model

A2.1 Data for the Axial Flow Cordier PAT Line (Fig. 1)

Sr. No. |Turbine Type Nap Best Efficiency Point
(rom) o i N (rpm) o A
1 Radial flow 33.4 0.165 7.468 29.9 0.190 4.283
2 pump 35.3 0.151 7.640 28.1 0.178 4.509
3 36.4 0.185 8.000 30.1 0.191 4,121
4 37.6 0.224 8.400 31.9 0.202 3.791
5 39.4 0.200 6.700 35.7 0.226 3.791
6 45.2 0.235 6.180 41.1 0.261 3.428
7 46.4 0.275 7.600 38.1 0.241 3.337
8 55.6 0.323 6.300 47.5 0.301 2.938
9 61.3 0.414 5.748 57.6 0.365 2.537
10 79.1 0.480 4.900 70.0 0.443 2.263
11 Mixed Flow 94.4 0.515 4,522 76.9 0.488 2.143
12 pump 72.8 0.446 6.451 54.9 0.348 2.515
1 Low head - 2.304 3.390 202.0 1.281 0.942
2 propeller - 1.911 4.186 157.1 0.996 1.090
3 turbine - 2.410 4.186 176.4 1.118 0.971
4 - 2.703 4.186 186.8 1.184 0.917
5 - 1.724 3.870 158.2 1.003 1.126
6 - 2.063 3.870 173.1 1.097 1.029
7 - 2.181 4.186 167.8 1.064 1.021
8 - 2.085 3.870 174.0 1.103 1.024
9 - 2.060 3.870 173.0 1.097 1.030
10 - 2.185 4.186 168.0 1.065 1.020
11 - 1.721 3.198 182.4 1.156 1.074
12 - 2.079 3.870 173.8 1.101 1.025
13 - 1.781 3.870 160.9 1.020 1.108
14 - 1.812 3.870 162.2 1.028 1.098
1 Large - 2.812 1.693 375.8 2.382 0.717
2 specific - 3.114 2.028 345.3 2.189 0.713
3 speed - 3.119 2.072 340.1 2.155 0.716
4 Kaplan - 2.844 1.909 345.3 2.189 0.735
5 turbines - 3.153 2.192 327.8 2.078 0.722
6 - 3.009 2.121 328.2 2.080 0.733
7 - 2.713 2.352 288.4 1.828 0.792
8 - 2.455 2.430 267.7 1.697 0.840
9 - 2.259 2.503 251.2 1.592 0.882
10 - 1.951 2.514 232.6 1.474 0.950
A2.2 Data for the no-load modeling laws (section 2.2)
Sr. No. Turbine Ngt ot Oni W
Type

1 Low head| 158.2 1.003 1.365 1.322

2 propeller 173.1 1.097 1.630 1.163

3 turbines 167.8 1.064 1.666 1.558

4 174.0 1.103 1.630 1.305

5 173.0 1.097 1.630 1.163

6 168.0 1.065 1.666 1.558

7 182.4 1.156 1.372 1.092

8 173.8 1.101 1.630 1.305

9 160.9 1.020 1.408 0.984

10 162.2 1.028 1.391 0.901
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A3 Muschel Family and Individual Curves
A3.1 300-270 series

A3.1.1 Summary of the operating points
Sr. Pump geometry and pump mode data Turbine mode data after application of model

NO | & |diD| Dy | Dy D | N[ Q| H [wp| o |[Nao| o |Nal| o | Am [wilwo|ddtn| we | & | v | ou
0.35| 270 |94.5(182.3/1450| 175 | 3.2 |1.62|1.20| 254 | 76.5| 207 |1.31(0.964| 1.91 | 1.76 [3.0832.100[1.483[1.781,

11 [{0.35| 270 [94.5[182.3|1450( 193 | 3.3 |1.67|1.32| 260 [78.0| 213 {1.35(0.945/1.82|1.64 (3.044|2.169|1.520[1.815

13 |0.35| 270 |94.5|182.3|1450| 212 | 3.4 |1.72|1.45| 267 |79.0| 218 |1.38|0.928| 1.75|1.54 [3.008(2.236(1.556(1.848
15 |0.35| 270 |94.5|182.3)1450| 228 | 3.6 |1.82|1.56| 265 |79.0| 216 |1.37|0.933|1.66|1.42(3.017(2.218(1.547[1.839
17 |0.35| 270 |94.5|182.31450| 250 | 3.5 |1.77|1.71| 283 |79.0| 231 |1.47 |0.887|1.65|1.41 [2.919(2.411{1.650[1.932
19 |0.35| 270 |94.5|182.3)1450| 262 | 4.0 |2.02|1.79| 262 |79.0| 214 |1.36 [0.939|1.50|1.22 (3.031{2.192(1.533(1.826
21 [0.35| 270 [94.5[182.3|1450| 278 | 4.0 [2.02(1.90| 270 {79.0| 221 {1.40(0.919|1.48|1.20 |2.987|2.274{1.577(1.866

O |IN|]O|[O || W|N|F

23 [0.35(270|94.5|182.3/1450| 295 | 4.3 |2.17|2.02| 264 |79.0| 215 |1.37/0.936|1.39|1.09 [3.024[2.206|1.540|1.833

A3.1.2 Muschel family curve

12
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: /// ///////j/ ’ ,
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I b P
| 300.6 (262 rpm) ------------~ o= a7
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| 3 BEP line, 80 % eff
— No-load line -==--------- P
2 -
0 T T T T T T T T
200 220 240 260 280 300 320 340 360 380
Discharge, I/s

Fig. A3.1, Muschel family curves for 300-370 AF PAT at 1400 rpm
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A3.1.3 Muschel individual curves
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A3.2 400-350 series

A3.2.1 Summary of the operating points

Sr.
No

Pump geometry and pump mode data

Turbine mode data after application of model

d/D

D,

D,

Dnm

N

Q

H

Wp

o

MNp

Nt

G

Am

A

o/o

Wt

o

\an

¢nl

0.35

350

122.5

236.3

960

260

2.2

1.48

1.23

276

79

225

1.43

0.905]

2.00

1.89

2.959

2.331

1.607

1.893

11

0.35

350

122.5

236.3

960

270

2.3

1.58

1.28

267

79

218

1.38

0.927

1.90

1.75

3.005

2.241

1.559

1.850]

13

0.35

350

122.5

236.3

960

280

2.4

1.61

1.33

268

80

219

1.39

0.926

1.86

1.69

3.002

2.246

1.562

1.853

15

0.35

350

122.5

236.3

960

312

2.8

1.89

1.48

251

80

205

1.30

0.971

1.64

1.40

3.098

2.076

1.469

1.768

17

0.35

350

122.5

236.3

960

340

2.8

1.89

1.61

262

81

214

1.36

0.940

161

1.36

3.033

2.189

1.531]

1.825]

19

0.35

350

122.5

236.3

960

370

2.8

1.89

1.75

273

81

223

1.41

0.911

1.57

1.32

2.970

2.307|

1.595

1.882

21

0.35

350

122.5

236.3

960

390

2.9

1.96

1.85

273

80

223

1.41

0.911

1.52

1.25

2.971

2.306

1.594

1.881]

0| N |~ |[W|IN]|RF

23

0.35

350

122.5

236.3

960

408

3.0

2.06

1.93

269

80

220

1.39

0.922

1.45

1.17

2.995

2.261]

1.570

1.860

A3.2.2 Muschel family curve
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Fig. A3.10, Muschel family curves for 400-350 AF PAT at 1400 rpm
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A3.2.3 Muschel individual curves
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A3.3 500-350 series

A3.3.1 Summary of the operating points

Pump geometry and pump mode data

Turbine mode data after application of model

dD| Dy [ Do [Dn | N | Q | H | wp | &

MNp

Not | o | Am |Wdyp| 0ddp| Wi G | Woi | dn

0.35| 350 |122.5[236.3|1450| 375 | 5.4 |1.63|1.18| 251

80

205 (1.30(0.972/1.91|1.76|3.100{2.071{1.466/1.766|

11 |0.35| 350 [122.5[236.3|1450| 412 | 5.5 |1.66|1.29| 259

80

212|1.34)0.948/1.84|1.67 [3.050[2.158|1.514(1.810

13 |0.35| 350 [122.5[236.3{1450| 450 | 6.0 (1.81|1.41| 254

81

207 |1.31)0.963|1.71|1.49(3.082|2.102|1.4841.782

15 |0.35| 350 [122.5|236.3|1450| 500 | 6.0 {1.81|1.57| 267

81

218 |1.38/0.926(1.66|1.43(3.003|2.244{1.561/1.852

17 |0.35| 350 [122.5236.31450| 545 | 6.0 [1.81|1.71| 279

81

228 |1.4410.897/1.63|1.38|2.9402.368|1.627|1.911

19 |0.35| 350 |122.5[236.3{1450( 587 | 6.0 [1.81(1.84| 290

80

236 (1.50(0.872|1.60|1.35|2.8872.479(1.686/1.964

21 [0.35| 350 [122.5236.3{1450| 620 | 6.2 |1.87|1.95| 291

80

237 (1.50/0.871{1.55|1.28|2.883|2.488/1.691/1.968

A3.3.2 Muschel family curve
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