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ABSTRACT
Designing an adequate cooling system for a high-speed high-power gearbox of a geared
turbofan requires a thorough understanding of the cooling capabilities of the utilized
oil jet impingement. An experimental setup is employed to determine the heat transfer
coefficient on gear teeth in various non-meshing and meshing configurations, which
incorporate inclined jets with varying distances between the impingement and the
meshing zones. The direction of heat transfer is inverted in the experiments to allow
for a feasible setup with the rotating gears, where impinging oil jets heat the hollow
instrumented gear as its inner surface is cooled via air jet impingement. Measurements
with varying oil volume flow rates and rotational speeds are carried out. The losses are
analyzed to enable an isolated investigation of the heat transfer between the oil and the
gear via measured temperatures on the gear teeth. Heat transfer coefficients are compared
at the lower rotational speed with relatively small meshing losses. The meshing in
the experimental setup does not have a significant influence on the mean heat transfer
coefficient. The spatial distribution of the heat transfer coefficient is slightly affected by
the meshing teeth as the distribution gets more uniform with decreasing distance between
the impingement and meshing zones.
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NOMENCLATURE
AF active flank
BL bottom land
dn nozzle diameter
E nozzle outlet eccentricity
h, HTC heat transfer coefficient
h∗ relative local heat transfer coefficient
∆h% deviation of mean heat transfer coefficient from base configuration
∆hbrake deviation of mean heat transfer coefficient from no-load configuration
L length of the path across one tooth
ln nozzle length
m tooth module
nn number of nozzles
Pbearing,spin load-independent bearing losses
Pbearing,load load-dependent bearing losses
Pbrake braking power
Pmv oil deflection and accelaration or momentum variation losses
Pfriction friction losses
Pspin load-independent or spin losses
Pload load-dependent losses
Ploss total losses
Ptrapping trapping losses
Pwindage windage losses
PF passive flank
q̇ heat flux
R2 coefficient of determination
Rcorr correlation factor
rp,g geometrical pitch radius
rp,w working pitch radius
rr root radius
rspraybar spray bar axis offset
rt tip radius
s circumferential coordinate
s+ dimensionless circumferential coordinate
Toil oil temperature
TTC thermocouple temperature
TL top land
ujet,t tangential speed of the oil jet
up,g circumferential speed of the gear at rp,g

V̇oil oil volume flow rate
W gear width
x profile shift
y axial coordinate
y+ dimensionless axial coordinate

Greek Symbol

αn jet inclination
θm base positional angle
θv operational positional angle
ρoil oil density
σ standard deviation
ω rotational speed
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1.0 INTRODUCTION
Installing a gearbox between the fan and the low-pressure spool enables both components
to operate at optimal speeds. As with each component of an aero-engine, the gearbox
needs to be highly efficient and reliable. Ensuring both the efficiency and the reliabil-
ity of such a gearbox requires a detailed understanding of the relevant aspects that affect
the power transmission itself and the wear of the gears. Various loss mechanisms such
as friction, windage, and lubricant trapping lead to heat dissipation within the gearbox,
increasing gear and lubricant temperatures. The increased temperature lowers the lubri-
cant’s viscosity and increases the risk of a failure of the lubrication film. This, in turn,
would culminate in ever-increasing gear and lubricant temperatures and finally in a to-
tal failure of the gearbox. The gears should therefore be continuously cooled using an
adequate cooling strategy.

The standard approach for cooling such high-speed high-power gearboxes is oil jet im-
pingement cooling. However, its heat transfer characteristics are not thoroughly investi-
gated in the literature. Either empirical functions for rotating bodies [11, 5] or the fling-off

cooling model of DeWinter and Blok [4] are employed in thermal modeling of the gearbox
to account for the cooling of gear teeth [17, 21, 12]. Most of the studies [21, 19, 10, 8, 3]
use loaded gear pairs, which hinders defining clear boundary conditions required to char-
acterize the heat transfer experimentally. Von Plehwe et al. [22] developed and employed
an experimental method that allows for an isolated investigation of the heat transfer on
a single gear impinged upon by oil jets. This method is based on an iterative evaluation
approach to determine the heat transfer coefficient (HTC) on a hollow and rotating gear
utilizing discrete temperature measurements. Ayan et al. [2] implemented a new iterative
method in the evaluation approach and validated it using reference studies. This work
aims to modify the existing experimental setup of von Plehwe et al. [22] and use the eval-
uation approach of Ayan et al. [2] to investigate the influence of meshing on the cooling
characteristics of the inclined impingement cooling.

2.0 EXPERIMENTAL SETUP
The experimental setup at the Institute of Thermal Turbomachinery is designed to in-
duce a temperature gradient over the radius of a hollow and rotating gear made out of
TiAl6V4 (depicted in black in Figure 1). This temperature gradient allows for heat trans-
fer coefficient determination on the gear teeth. The direction of the gradient is inverted
for the experimental setup. The impinging oil (depicted in orange in Figure 1) is at a
higher temperature than the instrumented gear, which is cooled via air jets (depicted in
blue in Figure 1) impinging upon its inner surface. Inverting the heat transfer direction
makes a setup, where the measured temperatures on the rotating gear are to be transmit-
ted wirelessly, feasible. The wireless transmission is carried out via a telemetry system.
Temperature is acquired via 21 thermocouples of type K on the gear: 18 on the surface
of the teeth and 3 on the inner surface. The gear is impinged upon at one circumferential
position by four identical cylindrical jets equidistantly distributed over the gear width. All
jets are expected to induce identical heat transfer distributions on each tooth quarter. The
heat transfer on both halves of the cylindrical jets should also be symmetrical. Therefore,
all thermocouples are located axially on one-eighth of the gear (Figure 2). The thermo-
couples are placed on different teeth to make the instrumentation possible. The evaluation
of the measurements is carried out in a time-averaged manner, where the time-dependent
differences between different teeth are not relevant. A transformation into the so-called
tooth coordinate system (Figure 2) is required to evaluate the measurements [2]. The ax-
ial coordinate y is normalized with the total axial width W of the gear (y+ = y/W), and
the circumferential coordinate s is normalized analogously with the path length along one
tooth L (s+ = s/L). The oil temperature is measured via a thermocouple mounted within
the so-called spray bar. This thermocouple is of type K in all measurements except C2
configurations (Figure 3), where a thermocouple of type T with a higher accuracy replaces
the broken thermocouple.

The experimental setup of von Plehwe et al. [22] is modified to enable measurements
with meshing gears. A second, geometrically similar yet non-instrumented and uncooled
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Figure 1: Schematics of the experimental setup with the spray bar in orange, instrumented gear in
black, non-instrumented gear in green, and cooling cylinder in blue. The solid arrows depict oil
and air jets. The dashed lines and arrows show the variable operational parameters, whereas the
dot-dashed arrows are for the constant geometrical parameters.

gear made out of C45 steel (depicted in green in Figure 1) is installed to the test rig to be
driven by the instrumented gear. The geometrical parameters describing the gear pair are
given in Table 1. The distance between each gear center and the base position of the spray
bar (at the base positional angle θm) is equal for both gears with rspraybar = 153 mm. The
operational positional angle of the spray bar, θv, is variable to investigate the influence
of meshing on inclined cooling by changing the distance between the impingement and
meshing zones. Two positional angles are utilized within this work; the base position with
θv = 0◦ and the maximum possible angle of θv = 102◦. The spray bar has four nozzles
(nn = 4), with a nozzle diameter of dn = 0.82 mm and nozzle length of ln = 4.8 mm. The
nozzle outlets are eccentrically placed at a distance E = 9.8 mm away from the rotational
axis of the spray bar.

Table 1: Geometrical parameters of the gear pair

Parameter Symbol Value

Number of teeth Z 65
Tooth module m 4 mm
Profile shift x +1 mm
Root radius rr 126 mm
Tip radius rt 135 mm
Geometrical pitch radius rp,g 130 mm
Working pitch radius rp,w 131.35 mm
Gear width W 90 mm

Jet inclination αn is kept at 20◦ ± 1◦ for all measurements. A positive jet inclina-



Ayan et al. ISABE-2022-203 5

Figure 2: Instrumentation of the gear depicted on one tooth with the oil jets in orange, the thermo-
couples on the tooth surface in red with corresponding thermocouple number, and the thermocou-
ples on the air-cooled surface in blue. The transformation into the tooth coordinate system is shown
on the right [2].

tion means that the tangential velocity component of the jet and the circumferential
velocity of the impinged gear are pointed in the same direction. The oil temperature
in the spray bar Toil is kept at 80◦ ± 1.5◦ C. Some operational parameters are varied
within this study to assess their influence on the measured differences between various
configurations. These variable parameters are the oil volume flow rate V̇oil, varied in
three steps of {3.2, 3.66, 4.4} l/min, and the rotational speed ω, varied in three steps of
{2000, 3000, 4000} RPM.

The investigated configurations are depicted in Figure 3. The naming convention of
the configurations is CXY, where C stands for configuration, X stands for an arbitrary
number to differentiate between possible configurations, and Y stands for the rotational
direction of the instrumented gear. Y can be either L, meaning the instrumented gear
is rotating counterclockwise, or R, meaning the rotational direction of the instrumented
gear is clockwise. C0L is the only configuration without meshing and is also called the
base configuration within this work. The base configuration is used as a benchmark to as-
sess the influence of meshing on the inclined impingement setup. The mean heat transfer
coefficient of the meshing configurations, averaged over the tooth surface, will be pre-
sented relative to the mean HTCs of the base configuration in the following. C1R is the
configuration, where the spray bar is located in its base position, and the instrumented
gear is rotating clockwise. The distance traveled by a tooth between the impingement
and meshing zones is at its maximum. With the assumption that the distance between the
impingement point and the first contact between the gears can be approximated with the
positional angle of the spray bar, the freshly impinged upon tooth completes 91.4% of
a rotation before reaching the meshing zone. The influence of meshing on the measured
HTC is a priori expected to be at its minimum since the spreading of the oil film and the oil
volume decrease via fling-off process -therefore also the heat transfer between the oil and
the gear- are progressed further than other configurations, if not finalised completely [9].
The configuration C1L is the other extreme case, where the spray bar is located at its base
position, and the instrumented gear rotates counterclockwise. The impingement occurs
shortly before the tooth enters the meshing zone in this configuration. The tooth com-
pletes only 8.6% of its rotation before reaching the pitch point. Since there is less time
for the spreading and fling-off processes before meshing, the expectation is to observe
the maximum influence on the measured HTC. C2R and C2L are two cases between both
extremes, where the tooth completes 63.1% and 36.9% of a rotation, respectively, before
reaching the pitch point. Nine operating points are measured for each configuration with
a full factorial design, where the volume flow and rotational speed are the variables.
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Figure 3: Configurations investigated within this work. The black circle depicts the instrumented
gear, and the green circle the non-instrumented gear. The arrows within the circles show the rota-
tional direction of the respective gear. The orange arrow is the oil jet. The names within the black
circles are the names of the configurations. The symbols within the green circles are the markers in
the results section for the corresponding configuration.

3.0 LOSS ANALYSIS
The determination of HTC is based on an iterative evaluation of the measured tempera-
tures. For the non-meshing configuration C0L, the oil temperature in the spray bar and
temperatures on the gear can be utilized to calculate the HTC (h) using

q̇ = h (Toil − TTC) , . . . (1)

where q̇ is the normal heat flux, and TTC is the temperature measured by a thermocou-
ple [2, 22]. However, meshing introduces additional heat sources into the energy balance
in the form of meshing losses. These lead to a temperature increase on the tooth surface
and a misrepresentation of the HTC if not accounted for during the evaluation. Losses are
analyzed to quantify these meshing losses.

The total losses Ploss in the test rig can be described by

Ploss = Pload + Pspin, . . . (2)

with the load-dependent losses Pload and the load-independent or spin losses Pspin. The
load-dependent losses can be broken down into friction losses of the meshing teeth Pfriction
and loaded bearing losses Pbearing,load. The spin losses comprise the load-independent
bearing losses Pbearing,spin, the windage losses Pwindage, the oil deflection and acceleration
or momentum variation losses Pmv, and the oil and air trapping (pocketing, squeezing)
losses Ptrapping [16]. Other loss sources such as seal rubbing or auxiliary systems are
negligible.

The non-meshing configuration has no output drive, meaning the driving power PC0L
is equal to the power losses in the test rig, and load-dependent losses, as well as trapping
losses, are non-existent:

PC0L = Ploss = Pwindage + Pmv + Pbearing,spin. . . . (3)

It is first investigated whether installing a brake on the output drive to simulate a small
load leads to any differences in the measured temperatures and HTCs with meshing con-
figuration C1L. A hysteresis brake with up to 200 W of continuous braking power is
utilized for the measurements with loaded gears. Multiple operating points are measured
with braking powers Pbrake of 0 W, 100 W, and 200 W. An effect on the measured temper-
atures is not observed. No correlation between the HTCs and braking power is found after
evaluating the measurements (Figure 4). The brake also does not lead to any improvement
regarding the operation of the test rig. Therefore, remaining meshing measurements are
carried out without utilizing the brake, eliminating the load-dependent losses from Equa-
tion 2:

PC1,C2 = Ploss = Pwindage + Pmv + Ptrapping + Pbearing,spin. . . . (4)

A series of measurements is carried out to quantify the windage and bearing losses.
The first measurement setup consists of the instrumented gear and air impingement on
the inside. The oil jet is rotated away from the gear to rotate the gear in an atmosphere
with oil mist while eliminating the oil momentum variation losses. The rotational speed is
varied between 500 RPM and 4000 RPM. Measurements are carried out with both coun-
terclockwise and clockwise rotations. The second setup includes the non-instrumented
gear without air cooling, and experiments are analogous to the first setup. The results are
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Figure 4: Deviation of mean heat transfer coefficient from the no-load case with
∆hbrake = (hPbrake/hPbrake=0) − 1. The measurements are carried out with C1L and V̇oil = 3.6 l/min.
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Figure 5: Measured windage and bearing losses

shown in Figure 5 with fitting functions in the form of f (ω) = C1
ω

RPM
C2 , utilizing the

least-squares method.
Similarly to [1, 6, 13], momentum variation losses are calculated using

Pmv =
(
up,g − ujet,t

)
ρoilV̇oilrp,gω, . . . (5)

with the circumferential speed of the gear at the geometrical pitch radius up,g, tangential
speed of the oil jet ujet,t and the oil density ρoil at Toil.

The validity of the loss calculations is evaluated by comparing the driving powers of
various C0L measurements with the calculated losses using Equation 3. Figure 6 com-
pares the measured and calculated losses of 247 operating points, where apart from the
variables within this study, jet inclination, nozzle numbers, nozzle diameters, and noz-
zle lengths are also varied. The calculated losses are in excellent agreement with the
measured losses, resulting in a high coefficient of determination R2 = 0.984 and a low
standard deviation of σ = 2.59%.

The same loss calculation approach is used for meshing configurations, assuming that
a superposition of individual windage and bearing losses is valid*. Recently, Ruzek et
al. [18] showed that the total windage loss of a gear pair is equal to or less than that of
two individual gears. Since the rotational speeds of the gears in the test rig are below the
critical threshold given by Ruzek et al. [18], the total windage loss is calculated by adding
up the individual components. The total bearing losses are also assumed to be equal to
the sum of individual bearing losses, since the bearings used for both drives are the same.
The trapping losses are determined by subtracting the calculated loss components from
the driving power. For example, the windage and bearing losses for configuration C1R are
assumed to be the addition of the losses of the instrumented gear with clockwise rotation

* Ideally, the windage and bearing losses would be measured with a meshing setup and without oil impingement.
However, the metal-to-metal contact could lead to additional losses and, more importantly, create the risk of gear
or, at the very least, thermocouple damage and failure.
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Figure 6: Calculated and measured losses with configuration C0L
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Figure 7: Trapping losses (a) and HTC deviation ∆h% (b) for configuration C1R.

and the non-instrumented gear with counterclockwise rotation as in Figure 5. For C1L,
the rotational directions are reversed. The calculated trapping losses for C1R are depicted
in Figure 7a. The trapping losses correlate strongly with the rotational speed, whereas
the oil volume flow rate does not significantly affect them. These observations are in
accordance with Fondelli et al. [7] and Massini et al. [14], respectively.

4.0 RESULTS
As mentioned before, the influence of meshing on the HTCs for inclined cooling, in either
positive or negative direction, is expected to be in the ascending order for C1R, C2R, C2L,
and C1L. In order to assess this influence, the deviation of the mean HTC of a meshing
configuration i from the mean HTC of C0L is formulated by means of

∆h%,i =
hi

hC0L
− 1, i ∈ {C1R,C1L,C2R,C2L}. . . . (6)

Even for C1R, a significant deviation from the mean HTC of C0L is observed except
for the measurements at lower rotational speeds of 2000 RPM (Figure 7b). The trap-
ping losses correlate strongly with the observed deviation in HTC (correlation factor of
Rcorr = 0.9685), hinting at an influence of trapping losses on the measured temperatures.
Correcting this influence is challenging since critical questions such as where the heat
dissipation occurs, whether the heat is dissipated into oil, air, or the gears, and how much
oil is present on the gear tooth during the meshing can not be answered clearly. There-
fore, the results presented in the following will be focusing only on measurements with
2000 RPM, where the trapping losses are relatively small, and the deviation of C1R from
C0L is less than 10%.
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Figure 8 shows the ∆h% values for C1 and C2 configurations over the measured vol-
ume flow rates at the rotational speed of 2000 RPM. All measurements except two with
C2R result in higher mean HTCs compared to the base configuration C0L. This deviation
from C0L could be related to the trapping losses. Eliminating the additional heat input by
trapping losses would decrease the temperatures on the gear and, therefore, decrease the
determined HTC. The expected ascending order of C1R, C2R, C2L, and C1L is not ob-
served. The maximum difference between both a priori defined extremes, C1R and C1L,
is 14% at the volume flow rate of V̇oil = 4.4 l/min. Configurations with the same rota-
tional direction tend to result in similar mean HTCs, with h of counterclockwise rotating
configurations higher than those with clockwise rotation. The rotational direction change
means that, e.g., the active flank is measured with one set of thermocouples in C1L (4
to 9 in Figure 2) and another set of thermocouples in C1R (13 to 18 in Figure 2). The
systematic inaccuracies of the thermocouples could lead to the observed differences in
mean HTCs. The negative deviations with C2R can also be explained with the difference
in rotational directions of C2R and C0L. Further measurements with a new configuration,
C0R, where the non-meshing gear rotates in clockwise rotation, could clarify how the
HTC is related to the rotational direction. The influence of meshing on mean HTCs is
classified as insignificant at 2000 RPM, since

• the maximum deviation from C0L is at 24% with C1L, and expected to decrease if
the influence of trapping losses are eliminated,

• the maximum deviation between both extremes, C1L and C1R, is at 14%, and ex-
pected to decrease if the influence of rotational direction is eliminated,

• no clear effect of the distance between the impingement and meshing zones is ob-
served.
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Figure 8: ∆h% for configurations C1R, C1L, C2R and C2L at 2000 RPM

The so-called heat transfer maps of one-quarter of the tooth surface, e.g., for a case
with C0L in Figure 9, can be utilized to assess the influence of meshing on the spatial
distribution of heat transfer. The local HTC is depicted dimensionless as the ratio of the
HTC at an arbitrary location to the mean HTC determined for the respective operating
point with

h∗ =
h

h
. . . . (7)

The coordinates in the heat transfer maps are given in the so-called tooth coordinate
system, where the y+ direction is the dimensionless axial coordinate and s+ is the dimen-
sionless circumferential coordinate. The white vertical lines indicate the borders between
different regions of the tooth, such as the bottom land (BL), the active flank (AF), the top
land (TL), and the passive flank (PF). The s+ coordinate starts at the middle of one bot-
tom land and ends at the middle of the next one. It should be noted that the s+ coordinate
is inverted in clockwise rotating configurations, e.g., in Figure 10a. The reason for the
inversion is to enable a visual comparison of two cases with different rotational directions
so that the active flank is always on the left side and the passive flank is always on the
right side of a figure.
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Figure 9: Heat transfer map with V̇oil = 3.2 l/min, ω = 2000 RPM and configuration C0L.

The heat transfer map of an operating point with V̇oil = 3.2 l/min, ω = 2000 RPM, and
base configuration C0L is depicted in Figure 9. High levels of HTC are present at both
the active and passive flanks of the tooth, which is expected for this operating point since
the high jet velocity and relatively low rotational speed of the gear result in the tangen-
tial component of the jet velocity exceeding the circumferential velocity of the gear tooth.
Therefore, the oil jet is able to reach the passive flank of the tooth and contributes to a con-
tinuous impingement from one top land to the next one. The heat transfer maps present
comparable distributions for C1R and C2R as depicted in Figures 10a and 10c with a
relatively narrow region of high heat transfer on the active flank and axially uniform dis-
tribution on the passive flank. The qualitative spatial distribution is similar to C0L despite
the difference in thermocouple positioning. C1L (Figure 10b) and C2L (Figure 10d), with
the shorter distances between the impingement and the meshing zones, result in more uni-
form axial distributions of HTC on the active flank. The increase in uniformity is in line
with the expected order of influence in relation to the distance between impingement and
meshing zones. The reason behind the increasing uniformity with decreasing distance
could be the spreading of the oil film by the meshing teeth before either the oil film gets
flung-off by the centrifugal forces acting upon it or the heat transfer approaches a satu-
ration state, where the temperature difference between the oil film and the tooth surface
tends towards zero.

The proposed cooling setups found in the literature [15, 20] employ oil jets impinging
on the disengaging side of the meshing teeth for better cooling performance. The present
work reveals that an impingement right before the meshing would result in a slightly
more optimal cooling of the gear teeth. Even if the mean HTC deviation between C1L
and C1R can be attributed to the rotational direction difference as discussed before, the
axial distribution of HTC on the active flank is more uniform with C1L. This ensures that
it is less likely to have local hotspots on the active flank of the gear tooth. However, it
should be noted that the meshing in the real-world application might result in a different
or increased influence since the transmitted high loads and finer tolerances of the gears
could lead to thinner oil films and more uniform spreading of the oil film on the tooth
surface.

5.0 CONCLUSION
The experimental setup is modified in order to investigate the cooling of meshing gears
with the inclined impingement cooling method. Meshing results in extremely high gear
temperatures, especially at high rotational speeds. This temperature increase is not ex-
plicable with a change in the heat transfer characteristics of the jet impingement. A loss
analysis is carried out to quantify the individual loss components that could lead to the
observed effect. A variation of braking power rules out a possible influence of friction.
It is shown that windage and load-independent bearing losses, as well as oil momentum
variation losses, can be very accurately determined using the derived fitting functions and
calculation methods from the literature. The calculated losses are utilized to determine
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Figure 10: Heat transfer map with V̇oil = 3.2l/min, ω = 2000 RPM and configuration C1R in (a),
C1L in (b), C2R in (c) and C2L in (d).

the trapping losses in the meshing configuration measurements, assuming that a superpo-
sition of the windage and bearing losses is valid. Determined trapping losses correlate
strongly with the inexplicable increase in the heat transfer coefficient (HTC).

The measurements at lower rotational speed with relatively low trapping losses are
selected to investigate the influence of meshing on the heat transfer. The mean HTC dif-
ference between meshing and non-meshing configurations is not significant. Deviations
from the non-meshing configuration can be attributed to the trapping losses. A depen-
dence of the mean HTC on the rotational direction is suspected. Measurements with a
non-meshing and clockwise rotating gear are required for further investigation. A corre-
lation between the mean HTC and the distance between impingement and meshing zones
is not observed. Nevertheless, a decrease in this distance leads to a more uniform HTC
distribution on the active flank, rendering the impingement on the engaging side of the
meshing gears more preferable contrary to the proposed cooling setups in the literature.

Further research is required for a correction of the trapping losses in order to enable
an investigation of heat transfer at high rotational speeds and increase the accuracy of the
results presented within this work. If also at higher rotational speeds there is no apparent
effect of meshing on the mean HTC, measurements without meshing can be utilized to
investigate the heat transfer characteristics more in detail since these are easier to conduct,
more accurate, and more robust. Furthermore, measurements with into-mesh and out-of-
mesh impingement methods would be beneficial to enable a direct comparison of the
established cooling strategies.
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