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Abstract
Oil jet impingement cooling is the standard approach to cool high-speed high-power gears. The heat transfer between oil 
jets and gears is experimentally investigated in this paper. The three established methods of oil jet impingement cooling 
-into-mesh, out-of-mesh and inclined impingement on one of the gears- are studied. Heat transfer coefficients for these 
methods are experimentally determined. A loss correction approach is implemented for the evaluation of measurements. For 
the inclined impingement method, heat transfer on the non-impinged gear and the influence of meshing on the heat transfer 
coefficient are investigated. Gear meshing has an insignificant effect on the average heat transfer coefficient over the gear 
tooth. However, the spatial distribution of the heat transfer coefficient depends on the meshing configuration. Significant 
cooling on the non-impinged gear is observed with the inclined impingement method. The inclined impingement method is 
superior to the into-mesh and out-of-mesh methods at all measured operating points.

Nomenclature
AF  Active flank
BL  Bottom land
cp  Specific heat capacity
Di  Impingement depth
dn  Nozzle diameter
Dp  Penetration depth
E  Nozzle outlet eccentricity
h  Heat transfer coefficient
h+  Relative local heat transfer coefficient
h  Time and surface-averaged heat transfer 

coefficient
Δh%  Deviation of average heat transfer coefficient 

from base configuration
L  Length of the path across one tooth
ln  Nozzle length
m  Tooth module
N  Rotational speed
nn  Number of nozzles
P  Driving power
Pbearing,spin  Load-independent bearing losses
Pmv  Oil momentum variation losses

Pload  Load-dependent losses
Ploss  Total losses
Pspin  Load-independent losses
Ptrapping  Trapping losses
Pwindage  Windage losses
PF  Passive flank
Q̇  Heat flow rate
Q̇oil,trapping  Predicted oil trapping losses
rp,g  Geometrical pitch radius
rp,w  Working pitch radius
rr  Root radius
rspraybar  Spray bar axis offset
rt  Tip radius
s  Circumferential coordinate
s+  Dimensionless circumferential coordinate
S  Square error of calculated and measured 

temperatures
Toil  Oil temperature
TTC  Thermocouple temperature
Tcal  Calculated temperatures
Tmes  Measured temperatures
TL  Top land
ujet  Oil jet velocity
ug,t  Circumferential speed of the gear at pitch 

radius
V̇oil  Oil volume flow rate
W  Gear width
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x  Profile shift
y  Axial coordinate
y+  Dimensionless axial coordinate
Z  Tooth number

Greek symbols
�n  Jet inclination
�p  Pressure angle
�  Angular distance between impingement and 

meshing
�  Thermal conductivity
�m  Base positional angle
�v  Operational positional angle
�oil  Oil density

1 Introduction

High-speed high-power gearboxes, similar to those found 
in modern geared turbofan aero-engines, are subject to sub-
stantial heat dissipation. The dissipated heat increases gear 
and lubricant temperatures, further deteriorating the lubri-
cation quality and generating a positive feedback loop with 
ever-increasing temperatures within the gearbox. Therefore, 
a safe and reliable operation can only be assured with an 
adequate cooling system. Designing a cooling system capa-
ble of supplying sufficient cooling without giving rise to 
additional losses requires a comprehensive understanding of 
the heat transfer between the coolant and the gears.

Oil jet impingement cooling has been established as the 
primary approach for cooling in high-speed high-power 
gearboxes. However, the heat transfer between impinging oil 
jets and gears has not been studied extensively. The number 
of publications based on experimental thermal investigations 
is minimal. Townsend and Akin [1] aimed to experimentally 
capture the relation between the gear tooth temperatures and 
operating parameters. The oil jet was directed radially at one  
of the gears, and the impingement took place on the passive 
flank after the gear exited the meshing zone. The tempera-
ture on the active flank was measured after approximately 
160◦ away from the meshing zone. An infrared microscope 
was utilized to measure the temperature. The experiments 
were carried out with varying rotational speeds and loads. 
They found that increasing the oil jet pressure leads to 
decreased gear surface temperatures, and increasing the 
rotational speed and load has shown the opposite outcome. 
Schober [2] focused on the oil jet impingement lubrication 
of gears. The aim was to study different impingement meth-
ods, into-mesh and out-of-mesh, and operating parameters 
to find the oil flow rate required for sufficient lubrication. 
Oil temperatures at the nozzle inlet and casing drain were 
measured. The bulk temperature of the pinion was meas-
ured after the test rig had come to a halt. The heat flow  

rate from gears into the oil was calculated via the nozzle and 
drain temperatures. It was only noted that this heat flow rate 
increases with increasing oil flow rate in an out-of-mesh 
configuration. Leoni [3] carried out temperature measure-
ments with loaded gear pairs and varying lubrication and 
cooling configurations. The heat transfer coefficient was 
determined via finite element analysis (FEA) for a config-
uration. The constant total oil flow rate was divided into 
a lubricant flow, injected into-mesh, and a coolant flow, 
injected axially to the inner part of the gear. Increasing the 
lubricant flow increased the heat transfer coefficient on the 
gear tooth, and an increase in oil jet speed did not translate 
into a heat transfer coefficient increase if the heat transfer 
coefficient was defined with the oil injection temperature. 
The author noted that consideration of losses influences the 
accuracy of the results, and more accurate information about 
lubricant/coolant temperature in proximity of the gear and 
windage losses is essential for further refinement of thermo-
dynamic calculation approaches. Handschuh [4] conducted 
an experimental study on oil jet lubrication of spiral bevel 
gears. The stationary temperatures were measured on a spiral 
bevel pinion instrumented with thermocouples. Transient 
data was collected via an infrared microscope. Oil flow rate 
and gear loading were varied in addition to the jet place-
ment. Similar to previous outcomes, an increase in the load 
led to increasing temperatures on the pinion tooth, and an 
increase in the oil flow rate had the opposite effect. The low-
est pinion temperatures were achieved when the oil jet was 
located to realize into-mesh or out-of-mesh impingement 
with no significant difference between them. Handschuh [5] 
has developed an FEA model to compare analytical results 
with the experiments. The heat transfer coefficient on the 
gear tooth was assumed since no data was available to the 
author. More recent publications on spiral bevel gears by 
Wang et al. [6], Zhang et al. [7], Gan et al. [8]; on spur 
gears by Wang et al. [9], Li and Tian [10] and Fernandes 
et al. [11]; on herringbone gears by Hu et al. [12] also had to 
utilize similar assumptions or greatly simplified models for 
the heat transfer coefficient on gear flanks, showing the lack 
of and need for experimental data in order to create accurate 
thermal models of transmission systems. An experimental 
method to investigate the heat transfer coefficient and its 
spatial distribution on a single spur gear was developed by 
von Plehwe et al. [13]. The influences of rotational speed 
and oil jet inclination on the heat transfer were discussed. 
The experimental method of von Plehwe et al. [13] was vali-
dated by Ayan et al. [14]. A second gear was included in the 
experimental setup by Ayan et al. [15] to investigate how 
meshing influences the heat transfer when inclined impinge-
ment is applied. The findings were limited by the influence 
of additional losses incurred by the meshing gears.

The aim of this study is to describe and quantify the 
cooling potential of oil jet impingement for applications 
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in high-speed high-power gearboxes. In order to investi-
gate this cooling potential, the heat transfer between the oil 
and the gears should be isolated from other heat sources 
that arise due to meshing of two gears. The load depend-
ent losses including the heat dissipation due to friction will  
be eliminated by conducting the experiments without load. 
The influence of the load independent losses cannot be 
easily eliminated since they exist as long as two meshing 
gears rotate and the oil is present. An empirical loss cor-
rection approach will be proposed in order to minimize the 
influence of these losses. The results of Ayan et al. [15] on 
inclined impingement will be reevaluated using the loss cor-
rection. Additionally, the secondary cooling effect on the 
non-impinged gear will be investigated. A comparison with 
the two other established impingement cooling methods, 
into-mesh and out-of-mesh, will also be carried out.

2  Experimental setup

The experimental setup [13, 14, 17] shown in Fig. 1 can 
be divided into three main groups of components: oil sup-
ply, cooling air supply and rotational components. The oil 
supply consists of two oil cycles. The first cycle keeps the 
oil in the oil reservoir at the desired temperature using a 
gear pump and a temperature regulated heater. The sec-
ond cycle is used to feed the oil from the oil reservoir 
into the spray bar. The feed pump is controlled using the 
flow meter downstream to deliver the required oil flow 
rate. The oil is fed back from the casing into the reservoir 
using a return pump. The cooling air is supplied via a side-
channel blower into the plenum chamber. The cooling air 
temperature is decreased below the ambient temperature 
using a heat exchanger upstream of the chamber. Twenty 
hoses connect the plenum chamber to the cooling cylinder, 
from which the air jets are ejected onto the inner surface of 
the instrumented gear. The instrumented gear is mounted 

on a shaft connected to an electrical motor together with 
a sensor unit to measure the torque and rotational speed 
of the shaft. A telemetry sender is attached to the instru-
mented gear. The ends of thermocouples are soldered onto 
the circuit board of the telemetry sender. The voltage data 
required for temperature measurements are transferred dig-
itally from the rotating sender into the stationary receiver 
unit during operation. A PT100 thermistor located on the 
circuit board of the sender is utilized to determine the cold 
junction temperature.

The experimental setup includes a second gear driven 
by the instrumented gear for measurements with meshing 
configurations. The non-instrumented driven gear (green in 
Fig. 2) is made of C45 steel. The instrumented driving gear 
(black in Fig. 2) is made of TiAl6V4 and is instrumented 
with thermocouples on its outer and inner surfaces. In con-
trast to a real world cooling application, the heat transfer is 
inverted in the experimental setup with the oil utilized as 
the heat source. The outer surface of the instrumented gear 
is heated by the impinging oil jets (orange in Fig. 2) and 
the inner surface is cooled via air jet impingement (blue in 
Fig. 2). The inversion of heat transfer means that the oil tem-
perature and therefore the oil viscosity will decrease after 
the impingement in contrast to the cooling application where 
the opposite effect will be observed. This might have an 
impact on the transferability of the results due to differences 
in tooth surface wetting. However, the inversion is in the first 
place necessary to even realize an oil temperature and an oil 
viscosity, which closely represent the real world application. 
Using the oil with Toil = 80 °C as the heat sink would require 
a substantially higher inner surface temperature. However, 
the telemetry sender is rated for a maximum temperature 
of 80 °C and started to display inconsistent behavior above 
60 °C in operation. The alternative would be to keep the oil 
temperature very low, which would drastically reduce the 
transferability of the results due to the exponential increase 
of viscosity for decreasing temperatures [16].

Fig. 1  Layout of the experimen-
tal setup, where the components 
associated with the oil and 
cooling air supply are depicted 
in orange and blue, respectively. 
The components in black belong 
to the rotatory components in 
the setup. The non-instrumented 
gear is not depicted. The casing 
of the test rig is shown in gray
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The outer surface of the instrumented gear is schemati-
cally pictured in Fig. 3 with four cylindrical oil jets. Eighteen 
outer thermocouples and three inner thermocouples on one-
eight of the gear are utilized for the measurements, depicted 
in red for the outer surface and blue for the inner surface in 
Fig. 3. The outer surface is transformed into the tooth coor-
dinate system with the normalized axial and circumferential 
coordinates y+ and s+ . The spatial heat transfer coefficient 
distribution will be presented in this coordinate system. Each 
outer thermocouple is placed on a different tooth to realize 

the instrumentation required for the desired spatial resolu-
tion. This is possible since the oil jet impingement and the 
stationary heat transfer should be identical for each tooth. 
Furthermore, the thermocouples are placed only on one-eight 
of the gear since the wetting and the stationary heat transfer 
should be symmetrical on both halves of a tooth quarter with 
the impingement occurring in the middle of the tooth quarter.

A groove is cut into the respective tooth to place a type K  
thermocouple with a sheath diameter of 0.25 mm at its posi-
tion. The thermocouple is laid into the groove and covered  

Fig. 2  The experimental setup 
with the spray bar in orange, 
the instrumented driving gear 
in black, the non-instrumented 
driven gear in green, and the 
cooling cylinder in blue. The 
oil and air jets are depicted with 
the solid arrows, the variable 
operational parameters with the 
dashed lines and dashed arrows, 
and the constant geometrical 
parameters with the dot-dashed 
arrows [15]

Fig. 3  One gear tooth with the 
cylindrical oil jets in orange, the 
outer thermocouples in red and 
the inner thermocouples in blue. 
The tooth coordinate system is 
shown on the right side [14]
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with an high temperature adhesive, that has a thermal 
conductivity of �adhesive = 5.7W∕(mK) , which is only 
slightly lower than the conductivity of the gear material 
�TiAl6V4 = 7W∕(mK) . The adhesive is manually sanded 
after it is cured to match the height of the groove and mini-
mize the deviations from the original tooth surface. The final 
appearance of an outer thermocouple is depicted in Fig. 4.

The iterative evaluation approach, initially developed by von 
Plehwe et al. [13] and improved by Ayan et al. [14], is employed 
to determine the heat transfer coefficient using measured  

temperatures (Fig. 5a). The FEA model utilized for the evalu-
ation is depicted in Fig. 5b. It consists of 179489 tetrahedral 
elements with a maximum element size of 1 mm . The circum-
ferential boundaries between the modelled tooth and its neigh-
bouring teeth are modelled as periodic boundaries. Only one 
tooth quarter is modelled making use of the aforementioned 
symmetry assumptions. The mean temperature of the inner 
thermocouples is applied as a uniform boundary condition on 
the inner surface. An initial heat transfer coefficient distribu-
tion is applied on the tooth surface in the first iteration of the 
evaluation. Temperatures from the FEA calculation ( Tcal ) are 
compared against the measured temperatures ( Tmes ). The esti-
mated spatial heat transfer coefficient distribution is iteratively 
improved via the Levenberg-Marquardt method [14] until the 
differences between the calculated and measured temperatures 
are minimized so that the convergence condition

is fulfilled. The FEA calculations are carried out using the 
PARDISO solver and the COMSOL  Multiphysics® software.

Temperature measurements are taken and averaged over 
30 s after waiting for at least 7 min for the operating point 
to reach the stationary state, where a temperature’s rolling 
average over 30 s does not vary more than 0.1 K within a 
minute. A preliminary study with single gear measurements 
have shown that the surface-averaged heat transfer coeffi-
cients are within ±2.5% of the stationary state after a waiting 
period of 3 min (Fig. 6). In the preliminary study, the last 

(1)S = (Tmes − Tcal)
T(Tmes − Tcal) < 18 ⋅ 10−4 K2

Fig. 4  An outer thermocouple embedded into the groove and covered 
with the adhesive [17]

Fig. 5  Employed iterative evaluation algorithm as a flow diagram (a) and the FEA model (b) [14]
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operating point is measured for 97 min , with a 4 min break 
between 104th and 108th minutes. The test rig is switched 
off in this interval. The heat transfer coefficient increases 
up to the stationary value within 3 min of restarting the 
experiment.

An assessment of the measurement uncertainty is 
extremely challenging due to the complex dependency of 
the heat transfer coefficient on individual temperature meas-
urements. von Plehwe et al. [13] conducted a Monte Carlo 
study based on single gear experiments, which resulted in 
a standard deviation of 3.76% for the surface-averaged heat 
transfer coefficient. However, the inclusion of meshing into 
the experiments further complicates the uncertainty assess-
ment as discussed in the following sections.

A total of ten configurations are selected for investiga-
tion. These configurations are shown in Fig. 7. The letter 
C and the following number represent the individual con-
figurations. The last letter indicates the rotational direction 
of the instrumented gear, with L representing the counter-
clockwise and R representing the clockwise rotation of the 
instrumented gear. C0 is the inclined impingement cooling 

configuration without gear meshing. C1 is the inclined 
impingement cooling configuration with gear meshing and 
the operational positional angle �v = 0◦ . C2 is the inclined 
impingement cooling configuration with gear meshing and 
�v = 102◦ . C3 is the inclined impingement cooling con-
figuration with gear meshing and oil jet impingement on 
the non-instrumented gear. C4R and C4L are the out-of-
mesh and into-mesh configurations, respectively. For each 
configuration, measurements are carried out at four flow 
rates (3.2; 3.66; 4; 4.4 L∕min) and three rotational speeds 
(2000; 3000; 4000 RPM) . These rotational speeds result 
in circumferential speeds of 27.23, 40.84 and 54.45 m∕s at 
the geometrical pitch radius. The jet inclination �n is kept 
constant at 20◦ in the rotational direction of the impinged 
gear at the impingement location for configurations C0, C1, 
C2 and C3. For C4, the jet is directed tangentially onto the 
pitch circle. Measurements with C1 and C2 configurations 
are utilized to investigate the influence of meshing on the 
inclined impingement (Section 4.1). Results with C3 config-
urations are compared against those with C1 configurations 
to assess the heat transfer on the non-impinged gear (Sec-
tion 4.2). Comparison of impingement methods is carried 
out using measurements with C4, C1L and C3L configura-
tions (Section 4.3).

The geometrical and operational parameters of the experi-
mental setup are summarized in Table 1.

3  Empirical loss correction

Ayan et al. [15] have shown that a direct determination of 
the heat transfer coefficient with the established evalua-
tion approach has only limited validity for meshing con-
figurations with unloaded gears. The evaluation resulted in 
extremely high heat transfer coefficients, which cannot be 
explained by the influence of meshing on the heat transfer 
alone. For the C1R configuration, only a minimal difference 

Fig. 6  Preliminary study to assess the time required for stationary 
measurements. The solid lines mark the heat transfer coefficients 
determined with the measurements at the stationary point accord-
ing to the experimenter. The dashed lines form an interval of ±2.5% 
around the stationary heat transfer coefficient. Each marker shows 
a heat transfer coefficient that is determined with the temperatures 
measured in the last 30 s

Fig. 7  Investigated configura-
tions with the instrumented gear 
in black, the non-instrumented 
gear in green and the oil jet in 
orange. The rotational direc-
tions are shown with the arrows 
within the circles. The green 
markers are used for the respec-
tive configuration in the results 
section
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from the heat transfer coefficient of C0R is expected since 
the impinged gear completes 91.4% of its rotation before 
entering the meshing zone. The influence of gear mesh-
ing on the heat transfer should be weakest here since the 
spreading of the oil film and the decrease of the oil volume 
due to fling-off, and thus also the heat transfer between the 
oil and the gear, have progressed further than in other con-
figurations, even if not entirely completed. Nevertheless, at 
4000 RPM , an increase of up to three times in the time and 
surface heat transfer coefficient is observed between C1R 
and C0R.

A possible reason for this high discrepancy is the occur-
rence of new losses due to meshing. These were investigated 
via additional measurements. It was found that the trapping 
losses Ptrapping , which consist of air pocketing/pumping and 
oil squeezing, correlate strongly with the heat transfer coef-
ficient discrepancy. The trapping losses in the experiments 
were determined by subtracting the windage losses Pwindage , 
the load-independent bearing losses Pbearing,spin and the 
momentum variation losses due to oil deflection Pmv from 
the driving power

with total losses Ploss , load-dependent losses Pload and load-
independent losses Pspin [15].

Correcting the influence of trapping losses is a major 
challenge because critical questions like what part of these 
losses can be attributed to which medium, whether the heat 
dissipated within the oil film remains there or gets trans-
ferred away by the gears, and how much oil is present on the 
gear during meshing are challenging to answer. An empiri-
cal loss correction approach is implemented in this study 
to enable a realistic comparison of different configurations, 
even if the correction does not result in quantitatively very 
accurate results.

For the operating points with N = 4000 RPM , the evalu-
ation algorithm converges to solutions where the total heat 
flow rate into the instrumented gear over the outer surface 
and out of the instrumented gear over the inner surface1 is, 
in fact, greater with C0R (Table 2) than with C1R. This 
indicates that the extra heat dissipated by the trapping 
losses does not leave the test rig directly by means of air 
jet impingement cooling. The heat transfer over the non- 
instrumented gear can also be neglected since it is not actively 
cooled. In a time-averaged steady-state consideration, the 
heat dissipated within the oil film could be regarded as if  
it remains within the oil volume. Therefore, the influence 
of the trapping losses can be modelled by increasing the 
effective oil temperature in the evaluation algorithm. The 
experimentally determined trapping losses cannot be used 
directly to model this change since they also include the 
losses generated by air trapping. The assumption of equal 
heat transfer coefficients for C0R and C1R is utilized to 
derive the empirical loss correction. Based on this assump-
tion, iterative finite element calculations are performed. The 
evaluation algorithm of Ayan et al. [14] is modified to use 
the heat transfer coefficient distributions of C0R cases and 
find effective oil temperatures Toil,eff for the corresponding 
C1R cases so that the discrepancies between the measured 
and simulated gear temperatures with C1R are minimized. 

(2)

P = Ploss = Pload
⏟⏟⏟

=0

+Pspin = Pwindage + Pbearing,spin + Pmv + Ptrapping,Table 1  Geometrical and operational parameters of the experimental 
setup

a At this position, the distance between the centre of the non-instrumented 
gear and the spray bar is also rspraybar
b The positive jet inclination is defined in the same direction as the 
tangential velocity of the impinged gear at the impingement point

Parameter Symbol Value

Number of teeth Z 65
Tooth module m 4 mm

Pressure angle �p 25◦

Profile shift x +1 mm

Gear width W 90 mm

Root radius rr 126 mm

Tip radius rt 135 mm

Geometrical pitch radius rp,g 130 mm

Working pitch radius rp,w 131.35 mm

Spray bar axis offset rspraybar 153 mm

Base positional  anglea �m 30.85◦

Operational positional angle �v 0◦ or 102◦

Number of nozzles nn 4
Nozzle diameter dn 0.82 mm

Nozzle length ln 4.8 mm

Nozzle outlet eccentricity E 9.8 mm

Jet inclination for inclined 
 impingementb

�n 20◦

Oil temperature Toil 80 °C 
Oil volume flow rate V̇oil

3.2; 3.66; 4 or 4.4 L∕min

Rotational speed N 2000; 3000 or 4000 RPM
Circumferential speed at rp,g ug,t 27.23; 40.84 or 54.45 m∕s

Table 2  Calculated losses and heat flow rates for C0R and C1R at 
N = 4000 RPM

V̇oil
Ptrapping Q̇in,out,C0R Q̇in,out,C1R

3.2 L∕min 767.22W 496.89W 489.66W

3.66 L∕min 760.83W 535.74W 512.53W

4 L∕min 771.40W 544.16W 521.37W

4.4 L∕min 776.74W 555.00W 524.06W

1 These heat flow rates are equal for the stationary solution.



 Heat and Mass Transfer

The oil trapping losses that would be required for the deter-
mined temperature increase are then calculated using

with oil density �oil and specific heat capacity cp at the meas-
ured oil temperature Toil,C1R , assuming the whole oil volume 
experiences the temperature increase.

The experimentally determined total trapping losses of 
C1R measurements and with Eq. 3 predicted oil trapping 
losses are depicted in Fig. 8 together with their fitted func-
tions, which is

for the predicted oil trapping losses. The non-existence of 
a dependency of Q̇oil,trapping on the oil volume flow rate is 
visible in Fig. 8, especially at N = 4000 RPM . Additionally, 
the fitting functions for the total trapping losses of differ-
ent configurations are plotted in Fig. 9. The trapping losses 
of configurations C1L, C2L and C3L are notably different 
than C1R, even though the configurations are quite similar 
in their setup. On the contrary, two of the most different 
configurations, C1L and C3R, have fitting functions that 
are very close to C1R. Partitioning the determined losses 
into oil and air losses is unrealizable and no clear correla-
tion between the total trapping losses and the configura-
tions is found. The best possible approach is to use Eq. 4 to 
calculate an effective oil temperature for each measurement 
with a meshing configuration. The effective oil temperature 
is then used in the evaluation instead of the measured oil 
temperature. For configurations with impingement shortly 
before meshing (C1L, C2L, C3L, C4L), the oil volume with 
the dissipated heat will have a higher temperature during 

(3)Q̇oil,trapping = (Toil,eff − Toil,C1R)V̇oil𝜌oilcp

(4)Q̇oil,trapping,f it = 1.246 ⋅ 10
−8

⋅

N

RPM

2.962

W

nearly the whole rotation until the next oil jet impinges. 
For configurations with impingement shortly after meshing 
(C1R, C2R, C3R, C4R), the oil film will initially have a 
much-increased temperature since the remaining oil volume 
during meshing will be lower compared to the L configura-
tions after the rotation. It is assumed that the excessive heat 
stays within the oil film until the new oil jet impinges on the 
gear and the new oil volume mixes with the settled oil film, 
transferring the dissipated heat over to the total oil volume 
as in the case with L configurations. The assumption that 
the total oil volume experiences the dissipated heat is most 
likely not true since it was shown numerically by Keller 
et al. [18] that nearly half of the oil volume gets splashed 
away from the tooth immediately after the impingement at 
their simulated operating point. This splashed away oil vol-
ume would not experience the dissipation during meshing in 
L configurations. Also, there would not be any time for it to 
take part in the heat transfer with the settled oil film in the R 
configurations since it splashes away immediately after the 
impingement. Accounting for this splashed away oil volume 
would change the predicted oil trapping losses calculated 
with Eq. 3. However, if the splashed away oil volume ratio 
is also assumed to be the same for all operating points, this 
would not affect the determined effective oil temperatures 
since the fitting function in Eq. 4 would also change accord-
ingly. A more accurate, case-specific assessment depending 
on the splashed away oil volume is impossible with the cur-
rent state of knowledge.

Another weakness of the utilized loss correction model 
is observed in measurements with the C3 configurations. 
At the highest rotational speed, N = 4000 RPM , the heat 

Fig. 8  Determined total trapping losses Ptrapping and predicted oil 
trapping losses Q̇oil,trapping for C1R cases

Fig. 9  Fitted functions for the determined total trapping losses 
Ptrapping of meshing configurations
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transfer coefficient on the non-impinged gear seems to be 
higher than on the impinged gear (see Section 4.2). In con-
figurations C1, C2 and C4, the heat transfer between the oil 
and the instrumented gear can be evaluated uncoupled from 
the non-instrumented gear, assuming that no heat transfer 
occurs between the non-instrumented gear and the oil film 
or the instrumented gear. The non-instrumented gear would 
obviously be in direct contact with the oil film during mesh-
ing, but this contact time is considered too short for a con-
siderable heat transfer to take place. In configuration C3, 
however, the oil jet first impinges on the non-instrumented 
gear. The non-instrumented gear is not cooled actively and 
may have a nearly uniform tooth temperature very close to 
the oil film temperature after meshing, including the tem-
perature increase due to oil trapping. The new impinging oil 
volume would therefore be firstly heated up by the uncooled 
gear before even getting into the meshing zone and in con-
tact with the instrumented gear. This means that additional 
consideration of the heat flowing from the non-instrumented 
gear into the oil volume and indirectly influencing the effec-
tive oil temperature experienced by the instrumented gear is 
required. Therefore, the discussion of C3 results will only 
focus on the measurements with the lowest rotational speed, 
where the trapping losses and the influence of model weak-
nesses are minor.

4  Results

The results will be investigated in three groups in the fol-
lowing. The first group consists of configurations C1 and 
C2 to assess how meshing influences heat transfer with the 
inclined impingement method. The second group is for the 
comparison of C1 and C3 configurations, where the latter 
represents the heat transfer on the secondary, non-impinged 
gear by having oil jets impinging on the non-instrumented 
gear. The third group is formed by configurations C4R, C4L, 
C1L and a combination of C1L and C3L to evaluate the 
heat transfer potentials of the three established impingement 
cooling methods of out-of-mesh, into-mesh and inclined 
impingement. For each configuration, the time and surface 
averaged heat transfer coefficient will be discussed with a 
normalized difference to the non-meshing configuration C0j 
with the same rotational direction:

The spatial distribution of the heat transfer coefficient can 
be explored with the help of heat transfer maps. These maps 
display the heat transfer coefficient over the tooth surface 
in the tooth coordinate system. The local heat transfer 

(5)Δh%,Cij =
hCij

hC0j

− 1, i ∈ {1, 2, 3, 4}, j ∈ {L,R}.

coefficient is normalized with the average heat transfer 
coefficient of the corresponding operating point without 
meshing:

Figures  10 and  11 show the heat transfer maps for all 
investigated configurations at operating point 1 (OP1, 
V̇oil = 3.2 L∕min , N = 2000 RPM ) and operating point 2 
(OP2, V̇oil = 3.2 L∕min , N = 4000 RPM ), respectively. 
The y-axis, y+ , is limited between 0.5 ≤ y+ ≤ 0.75 , show-
ing only one tooth quarter, with the oil jet impinging along 
the line y+ = 0.625 . The vertical white lines on the map 
are the transition lines between different parts of the tooth 
geometry, which are the bottom land (BL), the active flank 
(AF), the top land (TL), and the passive flank (PF). s+ = 0 
corresponds to the centre of one bottom land and increases 
to s+ = 1 , where the centre of the following bottom land is 
reached. In order to keep the active flank always on the left 
side of the image for more straightforward comparability, 
the x-axes of the heat transfer maps of clockwise rotating 
configurations (CiR) are inverted.

4.1  Influence of meshing on the inclined 
impingement

The first group consists of the configurations C1L, C1R, 
C2L, and C2R. It allows an investigation of the influence 
meshing has on the heat transfer utilizing the variable angu-
lar distance � between impingement and meshing locations. 
This distance is defined as the ratio of the angular dimension 
between the nozzle position and the pitch point to the entire 
pitch circle with

The resulting values for � are �C1L = 8.6% , �C1R = 91.4% , 
�C2L = 36.9% and �C2R = 63.1% . The a priori expectation is 
that an increased influence of meshing should be observed 
with a decrease in � . There will be less time available for the 
heat transfer between the oil and the gear to occur before the 
engaging teeth transforms the oil film if the distance between 
impingement and meshing is decreased. The engaging teeth 
should squeeze the oil film out, which is initially centred 
around the impingement location and create a more uniform 
wetting on the active flank of the tooth. This squeezing out 
of the oil film may improve the heat transfer by generating a 
larger wetted area but may also decrease the heat transfer if 
some of the oil is transferred over to the non-impinged gear 
or squeezed out of the tooth gap completely, decreasing the 
oil volume available to the instrumented gear. This expected 

(6)h+ =
hCij

hC0j

, i ∈ {1, 2, 3, 4}, j ∈ {L,R}.

(7)� =
|k − �m + �v|

360◦
, k =

{
360◦, if CiR.

0◦, if CiL.
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Fig. 10  Heat trans-
fer maps at OP1 with 
V̇oil = 3.2 L∕min, N = 2000 RPM
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Fig. 11  Heat trans-
fer maps at OP2 with 
V̇oil = 3.2 L∕min, N = 4000 RPM
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influence of meshing will be discussed regarding the surface 
averaged heat transfer coefficient and its spatial distribution.

Figure 12 shows Δh% of the investigated configura-
tions with a variation of rotational speed N and oil volume 
flow rate V̇oil . No clear dependence on the configuration 
is found for the surface averaged heat transfer coefficient. 
With the decreased accuracy of the meshing measure-
ments, where the effective oil temperature is corrected 
using a presumptive approach, a null hypothesis stating 
that the gear meshing does not influence the average heat 
transfer coefficient cannot be rejected. The expected 
change in influence with � is not observed for any of the 
rotational speeds and volume flow rates. In this regard, 
the results are summarized as a box plot in Fig. 13. Here, 
each box and its antennas contain the Δh% values for the 
respective configuration. The medians of both extremes, 
C1L and C1R, are 8.9% and −1.6% , respectively, and thus 
differ only slightly. Moreover, contrary to the expectation, 
the medians of the C2 configurations are not between 
those of C1L and C1R, with 10.3% and −8.6% for C2L 
and C2R, respectively.

The non-meshing measurements with C0R (Figs. 10a 
and 11a) and C0L (Figs. 10b and 11b) result in slightly 
different heat transfer maps, which can be explained by 
the different sets of thermocouples located on the active 
flank where the oil jet impinges on.2 The qualitative dis-
tribution of heat transfer coefficient for a given operating 
point is, however, similar. For each operating point, the 
heat transfer on the active flank is concentrated axially 
in the centre ( y+ = 0.625 ) resembling the path followed 

by the oil jet. For OP1, this region stretches from the 
first bottom land up to the top land. The impingement 
depth, calculated with the model of Akin et al. [19], is 
Di = 4.2 mm , meaning that the impingement starts at 
s+ = 0.25 for C0L and s+ = 0.75 for C0R. As shown by 
Keller et al. [18], the oil can penetrate further into the 
tooth gap after the impingement, with penetration depths 
reaching Dp ≈ 2Di . This explains how the bottom land 
of the tooth experiences the observed high heat transfer. 
There is also high heat transfer observed on the passive 
flank, suggesting a good oil wetting here, which shows 

Fig. 12  Δh% for configurations C1R, C1L, C2R and C2L

Fig. 13  Δh% with varying �
2 It should be noted that the average heat transfer coefficients of these 
measurements only differ by 0.9% and 3.1% at OP1 and OP2, respectively.
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that some of the impinging oil either splashes from the 
active flank onto the passive flank after the impingement 
or curves up at the bottom land and propagates further on 
the passive flank. For OP2, the high heat transfer region 
on the active flank is more localized near the top land, 
which can be explained by the low impingement depth 
of Di = 2.2 mm , meaning that the impingement starts at 
s+ = 0.35 for C0L and s+ = 0.65 for C0R. The oil film 
seems to penetrate less than at OP1 since the increased 
rotational speed exhibits a stronger counterforce. A con-
siderable amount of heat transfer is still present at the 
passive flank, which can possibly be attributed to oil 
splashing after the impingement since the high heat trans-
fer region is not continuous, as is the case at OP1.

The axial concentration on the active flank is also appar-
ent in C1R (Figs. 10c and 11c) and C2R (Figs. 10e and 11e) 
configurations with relatively large � values. This can be 
attributed to the fact that even for C2R, the heat transfer 
process is mostly complete by the time of engagement. A 
possible change in the oil wetting by the teeth does not cause 
any observable effect on the temperature field and the heat 
transfer coefficient distribution on the active flank. From 
heat transfer maps of C1L (Figs. 10d and 11d) and C2L 
(Figs. 10f and 11f), it can be deduced that the uniformity 
of heat transfer coefficient distribution in the axial direc-
tion increases with decreasing � and increasing N. If the 
counterclockwise rotating configurations are compared, the 
gradients on the active flank are steeper with C0L com-
pared to the more gradual decrease with C1L. The differ-
ence is much more apparent at OP2, where the axial width 
of the high heat transfer region increases considerably with 
decreasing � . The increased uniformity in axial distribution 
is likely because the heat transfer is not completed or satu-
rated enough before the oil film is affected by the teeth. The 
time available for the heat transfer will also be halved by 
doubling the rotational speed, which explains the difference 
between OP1 and OP2. It should be noted that the increased 
uniformity on the active flank does not explain the relatively 
significant difference between the average heat transfer coef-
ficients of counterclockwise and clockwise rotating configu-
rations at OP2, shown in Fig. 12. Other operating points 
with N = 4000 RPM exhibit the change in axial uniformity 
consistently even though there is less difference in the aver-
age heat transfer coefficients.

4.2  Secondary heat transfer on the non‑impinged gear

The secondary cooling effect of the impinging oil jet on 
the second gear is of great importance for its application 
in a gearbox. This effect is investigated with the C3L and 
C3R configurations by directing the oil jet onto the non- 
instrumented gear. With C3L, the instrumented gear com-
pletes � = 8.6% of the rotation before meshing with the oil jet  

impinged non-instrumented gear. Similarly, the impingement- 
meshing distance is � = 91.4% for C3R. As mentioned 
before, the instrumented gear is the driving gear in each 
case. This means that the impinged flank will be the passive 
flank of the non-instrumented gear. A conversion of the test 
rig with drive via the non-instrumented gear could not be 
realized. However, since the non-impinged flank is also wet-
ted with oil at all operating points with N = 2000 RPM , the 
active flank of the non-instrumented gear will have a con-
siderable oil film present, allowing for the investigation of 
the heat transfer on the non-impinged instrumented gear. As 
discussed in Section 3, only the results with N = 2000 RPM 
will be discussed in detail because of the unsuitability of the 
loss correction approach for the C3 configurations.

Figure 14 shows the Δh% values for the C1 and C3 con-
figurations. At N = 2000 RPM , it can be seen that for the 
case closer to a practical application with the lower � , C3L, a 
lower but still significant secondary heat transfer on the non-
impinged gear is present. With the mean value of all meas-
urements at N = 2000 RPM considered, the average heat 
transfer coefficient is 25.86% below the average heat trans-
fer coefficient of the actively impinged gear (configuration 
C1L). With C3L, a significant amount of the impinged oil 
volume will be present at the non-instrumented gear during 
meshing, available to be transferred onto the instrumented 
gear and participate in the heat transfer with it. Furthermore, 
some of the oil splashed away or flung off from the non-
instrumented gear after the initial impingement, referred to 
as the secondary oil volume, should also move in the direc-
tion of the instrumented gear, increasing the amount of oil 
available there. With C3R, the secondary oil volume will 
not be able to reach the instrumented gear, and a limited 
amount of oil will be available for the heat transfer on the 
instrumented gear after the rotation, which explains why the 
average heat transfer coefficient is 62.2% below the aver-
age heat transfer coefficient of the actively impinged gear 
(configuration C1R).

The heat transfer maps of C3R and C3L at OP1 with  
V̇oil = 3.2 L∕min and N = 2000 RPM are shown in Figs. 10g  
and h, respectively. The aforementioned effect of the avail-
able oil volume is observable in both cases. The s+ width 
of the area of increased heat transfer in Fig. 10g corre-
sponds to the area of the active flank that is in contact 
with the other gear during meshing. The secondary oil 
volume is also expected to have a relatively low veloc-
ity and, therefore, a shallow impingement depth, reaching 
only the very top of the active flank. The axial uniformity 
on the active flank of C3L can be attributed to the fact that 
the opposite side of the contact, the passive flank shown 
in Fig. 10d, also exhibits good axial uniformity. Addition-
ally, the secondary oil volume will not be as axially con-
centrated as the cylindrical jet. The low heat transfer with 
C3R is apparent in Fig. 10g as well. Nevertheless, most 
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of the heat transfer is still observed on the active flank. 
The s+ width of the region with the increased heat transfer 
coefficient is comparable to C3L and again corresponds 
to the area which comes in contact with the other gear.

4.3  Comparison of the established impingement 
methods

In practice, oil jet impingement cooling is realized with an 
oil jet which is directed: 

 (I) radially/inclined towards one of the gears (radial/
inclined method),

 (II) tangentially to the pitch point in the opposite direc-
tion of the circumferential velocity (out-of-mesh 
method),

 (III) tangentially to the pitch point in the direction of the 
circumferential velocity (into-mesh method).

The cooling capacities of these methods can be evaluated 
with the measurements performed. The relevant values for 
the cooling performance of Method I depend on the cooling 
requirements. If the cooling focus lies only on the impinged 
gear, the measurements with C1L can be utilized (Method 
IA). However, if both gears are to be cooled by the same 
oil jet, the total cooling capability can be approximated by 
averaging the average heat transfer coefficients of configu-
rations C1L and C3L (Method IB). As discussed in Sec-
tion 3, the comparability of C3 configurations to the others 
is limited to N = 2000 RPM . For Methods II and III, similar 
cooling capacities can be expected for both gears. Accord-
ingly, the average heat transfer coefficients of C3R and C3L 
can be used directly for Methods II and III, respectively. 

The corresponding Δh% values are shown in Fig. 15. All 
operating points result in decisively higher average heat 
transfer coefficients with Method I. At two operating points 
with N = 4000 RPM , Methods II and III can barely reach 
what is achievable with Method IA at V̇oil = 4.4 L∕min and 
V̇oil = 3.2 L∕min (OP2), respectively. Method II ensures a 
higher average heat transfer coefficient than Method III in 
ten out of twelve operating points with the only exceptions 
at V̇oil = 4.4 L∕min , N = 3000 RPM and at V̇oil = 4.4 L∕min , 
N = 4000 RPM.

The heat transfer maps with Method II (C4R) at OP1 
and OP2 are shown in Figs. 10i and 11i, respectively. At 
both operating points, the relatively high heat transfer on 
the active flank is limited only to a small area near the top 
land. Contrary to that, a comparably high heat transfer is 
observed on nearly the whole passive flank. This could be 
attributed to a secondary impact due to splashing, the effect 
of which should be most significant in Method II since the 
jet velocity ujet and circumferential velocity of the gear ug,t 
are in opposite directions. The relative tangential velocity 
is thus the maximum achievable at a given operating point. 
The high amount of splashing would also explain why the 
wetting on the active flank is extremely limited. In practice, 
this limited wetting could lead to insufficient cooling of the 
active flank, where most of the heat is dissipated.

With Method III (C4L) a moderate to high heat transfer is 
observed on the active flank at both OP1 (Fig. 10j) and OP2 
(Fig. 11j). In contrast to the other methods, the gear can be 
seen as the initiator of the impingement rather than the oil 
jet. The first tooth tip cuts into the jet and boxes in an oil col-
umn between itself and the leading passive flank. The tooth 
moves into this oil column, which then spreads on the active 
flank. This results in a relatively homogenous wetting of the 
active flank in both directions, which is further stimulated by 

Fig. 14  Δh% for configurations C1R, C1L, C3R and C3L
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meshing, as is the case with C1L. Some parts of the boxed-in 
oil column can reach the passive flank of the leading tooth 
if its velocity us is greater than the circumferential veloc-
ity of the tooth ug,t , which is observed at OP1. A region of 
increased heat transfer is axially centred on the passive flank 
showing the direct impingement. This also explains the rela-
tively low heat transfer on the active flank compared to OP2, 
where the whole oil column impinges on the active flank.

5  Conclusion and outlook

A total of ten different configurations with and without 
meshing are investigated in order to draw conclusions about 
the influence of meshing on the heat transfer with inclined 
oil jet impingement, the cooling effect on the non-impinged 
gear with inclined oil jet impingement and most importantly, 
the comparison of established cooling methods.

No significant effect of meshing on the average heat 
transfer coefficient with the inclined impingement is found. 
However, as the distance between impingement and meshing 
decreases, the heat transfer coefficient distribution becomes 
more uniform in the axial direction. An increase in the rota-
tional speed further enhances this effect.

When the impingement and meshing locations are close 
together, high heat transfer coefficients are observed on 
the non-impinged gear. The area of the tooth surface with 
increased heat transfer is the area coming in contact with the 
impinged tooth. At the maximum distance between impinge-
ment and meshing locations, the heat transfer on the non-
impinged gear is very low. These conclusions are only lim-
ited to the lowest rotational speed of 2000 RPM investigated 
since the implemented loss correction is not suited for higher 
rotational speeds.

The inclined impingement method is superior to the other 
established alternatives regarding the average heat transfer 
coefficient as well as its spatial distribution. The out-of-
mesh method performs the worst in nearly all of the operat-
ing points. The average heat transfer coefficient is lower than 
its alternatives, and the heat transfer is almost exclusively 
concentrated on the passive flank, away from where the heat 
dissipation is expected to occur. With into-mesh impinge-
ment, the wetting of the active flank is comparable to what 
is achievable with the inclined impingement method. The oil 
jet velocity should be adjusted to the rotational speed of the 
gear if the impingement on the passive flank is to be limited 
for a more concentrated cooling of the active flank. In addi-
tion to these findings, the heat transfer with the inclined 
impingement method could be further optimized depend-
ing on the rotational speed and the oil volume flow rate by 
changing the jet inclination. This is only possible to a limited 
extent with the out-of-mesh and into-mesh methods.

The implemented loss correction approach is based on 
multiple assumptions, which are challenging to validate. The 
accuracy of the results could be improved by investigating 
and understanding the occurring losses and heat dissipation 
in more detail. However, a meticulous investigation of these 
phenomena and their influence on heat transfer is experi-
mentally and numerically extremely challenging.

The investigation in this study was aimed to deliver a 
novel insight into the cooling aspect of oil jet impingement 
in meshing gears isolated from other heat sources found in 
the real world application. It would be a great addition to 
the state of research if experiments with realistic loads were 
conducted to test whether the measured temperatures align 
with the expectations regarding cooling potentials of the 
investigated configurations.

Fig. 15  Δh% for configurations Methods IA (C1L), IB ((C1L+C3L)/2), II (C4R) and III (C4L)
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